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Preface to the First Edition

This book is essentially a text on system design and application, primarily intended for the
use of the more advanced student of building services at a university or technical college
but with its content also offered for the practising engineer. A knowledge of the basic

- principles of air conditioning is therefore presupposed, notably in the topics of climate,
comfort, psychrometry, fluid flow in ducts, fans, refrigeration, automatic controls, heat gains,
the determination of supply air quantity and simple system design. In this respect it is,
therefore, a sequel and complement to Air Conditioning Engineering and is the outcome of
my experience over many years, not only in lecturing but also in the practical design and
installation of air conditioning systems. Despite this presupposition and the fact that
reference to the psychrometric data published by the Chartered Institution of Building
Services may be necessary, the book is, nonetheless, self-contained. Upon this foundation
a more advanced study of air conditioning is established, theoretical considerations being
used wherever possible to justify the choice and design of particular systerms for their correct
applications. The practical consequences of design are dealt with in so far as they affect
performance, system space requirements, cornmissioning, the diagnosis and solution of the
problems that inevitably arise, energy conservation, and comparative capital and running
Costs.

The evolution of the Institution of Heating and Ventilating Engineers into the Chartered
Institution of Building Services, upon the acquisition of a royal charter, has been
accompanied by a raising to degree standard of the level of technical qualification acceptable
for admission to corporate membership — a move in line with other chartered institutions
and professional bodies. Further, many academic centres now offer courses of study leading
to the award of higher degrees in environmental engineering and building services. This
elevation of standards has meant that a knowledge of design applications and system
characteristics, extending beyond an appreciation of first principles, is increasingly neces-
sary for aspirants to corporate membership. Although simplicity is a desirable feature of all
systems there hasbeen a growing trend to complication and the designer may now have more
options available for an application than hitherto. This, coupled with advances in technique
and the proliferation of packaged plant, makes mid-career training an increasing necessity
among professional engineers in building services. Furthermore, because of the widening
recognition in the UK of the need for successful air conditioning design and installation
overseas, guidance on system performance at altitudes significantly above sea level has been
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X Prefabe to the first edition

included and, where apt, the consequences of system operation in hot climates mentioned
in the text,

A chapter on economics has been provided, in the face of continuing inflation, aiming to
allow the capital costs of various systems to be established at a budget level for an historical
date, the contemporary costs then being evaluated by the application of an appropriate
inflation index, obtainable from official sources. As a guide, inflation fnzdices for the building
services industry in the United Kingdom are given up to 1978.

T am grateful to Haden Young Ltd for kind permission o reproduce some of the data in
the Appendix and elsewhere in the text, as indicated.

WPFEJ.
1979
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Preface to the Second Edition

Since the first edition was published in 1980 there have been some significant changes in
the building services industry. Notable among these are the rapid increase in the use of
computers for engineering calculations and the way this has broadened the horizons of
engineers by offering them a choice of solutions to design problems that would not have
otherwise been possible without tedious calculations. Nevertheless, an understanding of the
practical realities of plant and system choice and performance remain essential and this
edition addresses the need. The increasing importance of energy conservation and the effect
that engineering activitics have on the environment, coupled with the continuing modifi-
cation to the Building Regulations in the UK, have also had an influence on design attitudes
and on the systems and plant that result from them.

The induction system has become obsolescent and less space is allotted to it in this edition,
In parallel with this, more space has been allowed for the fan coil, variable air volume and
chilled ceiling systems. An essential section has been added on the atrium in buildings and
a new section has also been provided that discusses the basic issues related to the choice of
combined heat and power installations, More extensive coverage has been given to the
services for swimming pools and the use of heat purnps for this application. In particular,
the section on clean rooms for the semi-conductor industry has been brought up to date
and greatly expanded. In the chapter on air distribution sections have been introduced on
variable volume air distribution, the use of swirl diffusers and permeable textile ducting.
Displacement ventilation is also dealt with. The chapter on acoustics has been updated,
particularly by the introduction of the concept of room criterion and by the addition of a
section on the noise radiated by plant to areas outside a building. A few changes have been
made in the section on economics, principaily by taking advantage of the work done in the
preparation of the CIBSE Energy Code for air conditioned buildings to address the problem
of estimating the thermal and electrical energy consumptions of VAV and fan coil systems.
By kind permission of the CIBSE, tables dealing with the solar gain through windows (for
lightweight buildings with internal blinds) and sol-air temperatures for walls and roofs, have
been added to the Appendix.

W P Jones
1996
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1

Practical Load Assessment

1.1 The aims of load assessment

Most air conditioning systems operate at their design loads for only a small part of their life
and it follows, therefore, that the designer should be concerned not only with the maximum
heat gains and cooling loads but also with the way these change throughout the day and
over the year. Establishing the pattern of such variations will be of help in choosing the
correct system and in selecting the best form of automatic control. Applications lie in the
commercial, industrial, institutional and domestic sectors for the climates of the United
Kingdom, Europe and the rest of the world. It must therefore be expected that the size of
the contribution made by each of the principal elements in the heat gain will not be constant
but, nonetheless, the approach to the calculation will be essentially the same in all instances,
although the same importance will not be attached to each element. Consequently, as a
starting point, we shall examine the practical assessment of loads for one particular
application — an office block in London This will provide a theme for later development.

1.2 A hypothetical office block

Figure 1.1 illustrates a notional office block of simple design, with details of a typical module
for an intermediate floor. The areas to accommodate lifts, escape staircases, builders’ voids
for ducts and pipes, lavatories, and 5o on, are assumed to be in a pair of relatively small
service blocks, one at each end of the building, adjoining the two short walls where there
are no windows. For simplicity in the calculations, and probably without introducing
significant error, it is further assumed that the presence of these two blocks does not
influence the U-value of the two end walls or the heat flow through them. The other basic
assumptions for the building are:

Windows

Area of glass (4,): 40% of the outer facade, on the two long faces only.

Type: openable, double, clear, panes of 6 mm float or plate glass, with metal frames over
not more than 10% of the gross window area.

Shading: internal, white Venetian blinds, to be drawn by the occupants as necessary to
exclude the entry of the direct rays of the sun.

Thermal transmittance (U,): 3.3 W m™ K.
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2 Practical load assessment

Services
Services Block
block
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Figure 1.1 Plan and typical module of a hypothetical office block.

Roof

Construction: 19 mm asphalt, 150 mm aerated concrete slab, 50 mm UF foam, 16 mm
plasterboard ceiling.

Thermal transmittance (U,): 0.45 W2 K™,

Surface density: 108 kgm™

Decrement factor (f): 0.77.

Time lag (¢): 5 h.

Intermediate floors and ceilings

Construction: hollow pots in concrete, 50 mm cement screed, carpet, overall thickness
200 mm.

Surface density: 300 kg m™

Suspended ceiling: proprietary acoustic panels, approximate surface density 7 kg m™.

External walls

Construction: 105 mm brick, 75 mm UF foam, 100 mm heavy-weight concrete blocks,
13 mm light-weight plaster, overall thickness 293 mm.
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A hypothetical office block 3

Thermal transmittance (U,,): 0.45 W m2 K,

Surface density: 417 kg m™.

Decrement factor (f): 0.2.

Time lag (¢): 9 h.

Area of wall (4,,): 60% of the outer facade on the two long faces, 100% of the outer facade
on the two short faces.

Internal partitions

Construction: 2 mm X 12 mm perlite plasterboard sheets on timber studs, continued up to
the soffit of the slab.

Surface density: 30 kg m™,

Doors opening onto central corridor
Construction: 50 mm deal, 800 mm wide x 2000 mm high.
Surface density: 30 kg m™.

Natural infiltration rates (n)
Summer: 0.5 h™!; winter: 1.0 h™%.

It is customary to suppose that the occupied area, and hence the area for which the
loads are calculated, is the pair of peripheral strips, cach 6 m wide. The central corridor is
not subjected to the same loads because its population is transient, it is shielded
from climatic effects and its lighting may well be at a lower level than elsewhere. The
treated floor area, on the other hand, is often taken to include both the corridor and the
peripheries.

. In order to determine the air conditioning loads for the model building, the additional
design assumptions listed below must be made:

* Outside states: 28°C dry-bulb, 19.5°C wet-bulb (sling), regarded as occurring at 15.00
hours sun time in July, and ~2°C saturated as the design winter condition.

* Room states; 22°C dry-bulb, 50% saturation in summer with 20°C dry-bulb, 36%
saturation in winter.

* Population density: 9 m® per person but two people assumed for an office comprising only
one module of 14.4 m? floor area.

* Fresh air allowance: 1.415™ m™, over the total floor area of 13997 m? (After allowing
a diversity factor of 0.75 for the occupancy in summer design conditions this corresponds
to about 16 1 57! for each person, which is the fresh air allowance recommended by the
CIBSE for premises where there is some smoking.)

* Metabolic rate: for sedentary workers, 90 W sensible and 50 W latent, per person.

+ Power dissipated by electric lights: 17 W m™, including control gear.

* Power dissipated by business machines: 20 W m™

There is general agreement on the practical assessment of sensible heat gains, except in
the estimation of solar gains through glass and the determination of the heat flow through
walls and roofs; the first issue being of far greater importance than the second. Opinion on
the better approach to both calculations is divided between methods advocated by American
authorities and those used in the United Kingdon.
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4 Practical load assessment

1.3 Solar heat gain through glass

Solar heat gains through glass may be calculated from first principles using data published
by the CIBSE (1986a) and by ASHRAE (1993}, but it is much more convenient to use tabu-
lated results for a particular window, defined by its orientation, the time of the day, the month
of the year, the latitude of the place, ete. In the CIBSE guide the cooling load arising from
solar gain through vertical glass, i.e. the sensible heat gain from this source with due allowance
for the storage effect of the building, is tabulated for lightweight and heavyweight structures,
with and without internal shading on the windows, for latitude 51.7°N (approximately that
of north London), assuming that the air conditioning system runs for 10 h a day to maintain
either a constant dry resultant or a constant air temperature inside. Current engineering
practice does not attempt to use dry resultant temperature in practical air conditioning and
so only air temperature (dry-bulb) is relevant for determining heat gains. Further, maintaining
a constant dry resultant temperature in a room imposes a bigger cooling load than does
keeping the air temperature constant. Tables A.1-A.4, in the Appendix, provide tabulated
solar loads based on the American method for latitude 51.5°N (approximately that of central
London) and for typical building construction. Table A.5 reproduces CIBSE data.

Although the influence of the storage effect of a building upon the solar gain through
glass is principally exercised by the floor slab, the other room surfaces also play a part and
are often taken into account when estimating the average surface density of a room, per
unit area of floor, prior to determining the solar load according to the American data (Tables
A1-A.4). The procedure is best illustrated by an example.

EXAMPLE 1.1

Estimate the mean surface density of a typical module on an intermediate floor of the
hypothetical office block shown in Figure 1.1. Note that it is customary to halve the density
of a floor slab if it is covered by a carpet, as in this case, since this is considered to insulate
partially the mass of the floor slab from the solar radiation. The mass of the glass is
insignificantly small. Only half the mass of the side partitions contributes to the mean surface
density of the module because the adjoining offices are also air conditioned. On the other
hand, the corridor and the door opening onto the corridor are fully effective if the corridor
is not air conditioned, as is assumed in this case. The suspended ceiling is taken as fully
effective because it is separated from the slab above by an air gap.

Answer

Floor: 0.5 x(2.4x6.0) x300 2160 kg
Poor: (0.8x2.0x30 48 kg
Corridor partition: (2.6 x 2.4) — (0.8 x 2.0) x 30 139 kg
Side partitions: 0.5x 2.6 x6.0x2x30 468 kg
Exterior wall: (2.6 x2.4 - 04 x 3.3 x24) x417 1281 kg
Suspended ceiling: (24 x6.0)x7 101 kg
Total: 4197 kg

Over a floor area of 2.4 x 6.0 = 14.4 m” this gives a mean surface density of 291 kg m™.
Clearly some of the assumptions made regarding the relevant thickness of a partition or the
effect of a carpet (Carrier, 1965) on the floor slab may be arbitrary, to some extent.
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Solar heat gain through glass S

The tables based on the Carrier method (A.1-A4 in the Appendix) that give direct values
for the solar loads through windows are related to mean surface densities of 500 kg m™ for
heavy—welght buildings and 150 kg m™ for light-weight buﬂdmgs Interpolatlon between the
tables is probably not reliable, although the design engmcer must exercise judgement Itis
suggested that for the calculated value of 291 kg m™ Z the tables for 150 kg m ™2 should be
used. If the floor slab had not been carpeted the mean surface density would have been
(2160 + 4197)/14.4 = 441 kg m™ % and the use of the tables for 500 kg m™ would be

appropriate.

EXAMPLE 1.2

Using the appropriate tables, compare the solar heat gain through the windows of a typical
module {Figure 1.1) by the CIBSE (1986a) and Carrier (1965} methods, for the month of
July. Assume the floor is fitted with a carpet and that the steel-framed windows are virtually
flush with the outer facade, i.e. ignore the shadow cast by any reveal.

Answer

Reference to Example 1.1 shows that the appropriate, modular, surface density is 150 kg m™
and so, for glass internally shaded by Venetian blinds, Tables A.1(b) and A.2 {in the Appendix)
yield the answers directly by the Carrier method. These are plotted as full lines in Figure 1.2
and, assuming office hours of 08.00 to 16.00, sun time (09.00 to 17.00, clock time in the
UK), we see that the peak loads are 253 W m2 at 08.00 h on the cast face and 268 W m >
at 17.00 h on the west.

The CIBSE (1986b) interprets a light-weight building as one baving demountable
partitions, suspended ceilings and either supported false floors or solid floors with a carpet
or a wood-block surface. Note that the concept of the response factor, according to the

g

Solar gains (W m

g

o L . : . . .
06.00 08.00 10.00 12.00 14.00 16.00 18.00
Sun time (hours}

Figure 1.2 Cooling loads arising from solar gain through west-facing and east-facing single clear glass,
shaded internally by white Venetian blinds. It is assumed that the blinds are closed by the occupants
when direct solar radiation falls on the glass and are opened by them when the windows are in shade.
Curves labelled A (dashed line) have been determined by the CIBSE method for a light-weight
building, using data from Table A5 in the Appendix. Curves labelied B (ccmtmuous line) have been
calculated according to the Camer method, using data from Tables A.1 and A.2 in the Appendix for
a surface density of 150 kg m™
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6 Practical load assessment

CIBSE (1986¢), is correctly applied for the calculating of heating duties but should not be
used to define the weight of a building structure when calculating the cooling load by solar
radiation because it gives the wrong answer.

The CIBSE cooling load by solar radiation is obtained directly from Table A5 in the
Appendix. This refers to light-weight buildings at latitude 51.7°N (London), fitted with
internal shades and conditioned by a plant operating 10 h a day to maintain a constant
internal dry-resultant temperature. The loads peak in July at 08.00 h sun time (09.00 h clock
time) for the east-facing glass and at 16.00 h sun time (17.00 h clock time) for the west, as
306 and 293 W m, respectively.

The corrections given in the footnote to the table must be applied. First, shading factors
(denoted here by £;) must be determined. Since it is a light-weight building having double-
glazed windows fitted with internal light slatted blinds, the factors are 0.95 for the east
windows at 15.00 h sun time but 0.74 for the west windows at the same time. Secondly, since
the air conditioning system controls room temperature (air dry-bulb), not dry resultant
temperature, an air point control factor {denoted here by f;) must be determined. For a light-
weight building having double glazing fitted with light slatted internal blinds, f, is 0.91,
whether the blinds are open or closed. There is no correction for the hours of plant
operation, if these are different from 10 h per day. Hence the solar load is calculated by

Os =fsfeqsg Ay (1.1)

where (g, is the cooling load due to solar gain through vertical glazing (W), g, is the specific
cooling load due to solar gain through vertical glazing, read from Table A.5 (W m™)
and A, is the area of glass (wooden frame) or opening in the wall (metal frame) (m?).

When comparing the CIBSE solar load with that determined by the Carrier method the
different haze factors adopted must be taken into account. Carried values are based on a
haze factor 0.9 whereas the CIBSE figures are based on (.95, Hence the CIBSE values must
be multiplied by 0.9/0.95 to put them on the same footing as the Carrier values, when
comparison is made. This has been done when producing Figure 1.2.

It is possible to use the tabulated cooling loads according to the CIBSE (1986a) for other
places in the world than London. Tabulations are also given for 10°N, 20°N, 30°N, 35°N,
40°N, 45°N, 50°N, 55°N and 60°N. For southern latitudes the values tabulated for the summer
months (September to March, inclusive) must be multiplied by a factor of 1.07 because the
earth is 3.5% closer to the sun in January than it is in July and because the intensity of
radiation is inversely proportional to the square of the distance between the earth and the
sun. Hence a value for a northern latitude from Table A.5 can be multiplied by 1.07 and
used for the same numerical value of a southern latitude.

EXAMPLE 1.3

Calculate the cooling load by solar radiation through glass for a west window in the building
shown in Figure 1.1, assuming it to be for the month of January in Perth, Western Australia,
at 15.00 h sun time. Take the latitude of Perth to be 32°S.

Answer

Referring to the CIBSE guide (1986a) it is found that the solar cooling loads in January at
15.00 h sun time are 240 and 220 W m™ for latitudes 30°N and 35°N, respectively. At 32°N
the cooling load is 232 W m™, by interpolation. Hence the solar cooling load at 32°S is 1.07
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Solar heat gain through glass 7

x 232 x 0.74 x 0.91 = 167 W m™%, where 0.74 and 0.91 are the shading and airport control
factors, respectively.

The results using Table A.1 are generally a little less than those from the CIBSE guide,
particularly the peak values. It is not easy to say which are the more correct but it must be
pointed out that the American-based answers (Table A.1) are proved in use over a longer
period than are the CIBSE values and are related to a continental-type (American) climate
with longer stretches of continuous sunshine than are experienced in the UK. For these
reasons, the Carrier figures are commonly in use throughout the world.

A difficulty arises when dealing with windows of heat-reflecting or heat-absorbing glass.
Table A.2 lists factors for various glass types, to be applied to the loads given in Table A.1.
Note that the factors in Table A.2 are not applied to the loads for bare, clear glass, quoted
in Table A.3. This is because windows or window and shade combinations that absorb a lot
of solar heat transmit this to the interior, and exterior, virtually instantaneously by convection
and long-wave radiation and this form of heat transfer is not influenced by the thermal
inertia of the building. Only the directly transmitted shortwave solar radiation is so affected.
Therefore, the storage factors for windows shaded internally with Venetian blinds are larger
than those for bare, clear glass. A proprietary type of bare glass that is strongly heat-
absorbing therefore corresponds more closely to clear glass with internal blinds than it does
to bare, clear glass. So the factors in Table A.2 are applied to the gains through shaded
windows, in Table A.1, yielding answers that are approximately correct.

It should be noted that heat-absorbing glass invariably requires internal shades as well,
if people within the room are not to feel uncomfortable when subjected to the direct solar
radiation that is still transmitted through the glass. This is because the solar radiation is of
high intensity, from a surface at 6000°C, whereas energy radiated from internal blinds is low
intensity, from a surface at about 40 or 50°C. Blinds may be omitted with certain types of
proprietary glass that are strongly heat-reflective, provided that the shading coefficient of
such glass is low enough. There is no absolute yardstick for this but a tentative suggestion
is that the shading coefficient should not exceed 0.27.

EXAMPLE 1.4

Calculate the shading coefficient for a proprictary brand of single, heat-absorbing glass,
denoted as 49/66 bronze, with the following properties in comparison with 4 mm, single,
clear glass.

1 2 3 4 5 6

Fraction of the

absorbed heat

convected and Direct Total

Absorbed reradiated to fransmit- transmit- Shading

Glass type heat the room tance tance coefficient
4mmclear  0.08 0.03 0.84 0.87 1.00
49/66 bronze 0.34 0.10 0.56 0.66 0.76

The figures in column 3 are obtained by assuming that approximately 30% of the absorbed
heat (column 2) enters the room, 70% being lost to the outside. Adding the value in column
3 to that in column 4 yields the total transmittance in column 5.

https://boilersinfo.com/



8 Practical load assessment

Answer
The shading coefficient is defined as the ratio of the total thermal transmittance of a
particular glass, or glass and shade combination, to that of single, clear, 4 mm sheet. For
49/66 bronze it is thus 0.66/0.87 = 0.76 and internal Venetian blinds will certainly be needed
if people in the room are to feel comfortable when the sun shines on them through the
windows. Although adding blinds will not reduce the shading coefficient to as low as 0.27,
the short-wave direct solar radiation that causes the discomfort can be excluded.
However, it is dangerous to fit reflective material, such as metallic foil or paper, or even
Venetian blinds, on the inner surface of heat-absorbing glass. The risk is that the reflected
ray from the foil, paper or blinds, is absorbed by the glass as it passes to outside, increasing
its temperature and causing thermal expansion and stress. The glass can then crack, shatter,
or even be ejected from its frame and fall into the street outside. The glass manufacturer
must be consulted before attempting any such internal treatment.

EXAMPLE 1.5

Calculate the solar cooling load at 15.00 h sun time in July through a west-facing proprietary
brand of heat-absorbing single glass with the characteristics listed in Example 1.4, (a) using
CIBSE data in Table A.5 assuming a light-weight building, given that the total shading
coefficient of 4 mm clear glass fitted with internal white Venetian blinds is 0.53 and (b) using
Carrier data in Table A.1, assuming a surface density of 150 kg m 2.

Answers
(a) From Table A.5 the load through clear single glass fitted with internal Venetian blinds
is 0.77 x 0.91 x 270 = 189 W m™2 The shading coefficient of clear glass fitted with internal
blinds is 0.53 and that of the heat-absorbing glass is 0.76. Hence the cooling load is 189 x
0.76/0.53 = 271 W m™> (b) From Table A.1 the load through clear single glass fitted with
internal Venetian blinds is 205 W m™. From Table A.2 the factor for heat-absorbing glass
with a shading coefficient of 0.76 is 1.43, as the footnote to the table explains. Hence the
cooling load is 205 X 1.43 = 293 W m™2.

Answers obtained by either method are approximately correct for peak values but for
lesser loads, at other times, the accuracy of the methods is in doubt.

1.4 Variations in outside air temperature

It is seldom obvious initially at which time of the day a maximum heat gain will occur, 50 it
is useful to have a means of estimating outside air temperature, £,, at various times. A
reasonable assumption is that temperature varies sinusoidally against time, 6, the peak, ¢;s, .
occurring at 15.00 h sun time. The difference between this and the minimum value equals
the diurnal range, D. Then

1, =t -2[1~ sinM:} (12)
2 12

Meterological records quote mean monthly maximum dry-bulb temperatures, corres-
ponding to #5, and mean daily maximum and minimum values whose difference vields D.
Table 1.1 shows the monthly variation in #;5 and D obtained from records in Kew.

https://boilersinfo.com/
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Table 1.1 Monthly variation in ¢;5 and D obtained from records at Kew (in °C)

March  Aprii May Jupe July  August September

tis 155 18.7 233 259 269 262 234
D 68 78 84 88 84 82 72

The use of Equation (1.2) is relevant to the calculation of air-to-air transmission gains
through glass, the determination of heat gain by infiltration and the estimation of sol-air
temperatures. Two problems sometimes arise in the choice of a value for #5. First, although
it is customary to take the summer design value of the outside air temperature as that
prevailing at 15.00 h sun time, this does not always equal the value of 15 given in tabulated
meteorological data. For example, the design brief in Section 1.2 for the hypothetical office
block quotes 28°C, which can be interpreted as t;5 but Table 1.1 gives a value of 26.9°C for
July. In such a case, 28°C is adopted for £;5 in July but the tabulated value of 8.4°C for D is
associated with it. This is because the diurnal range is typical of the month and is not tied
to a particular maximum value. Sccondly, we may wish to determine heat gains for a month
other than that having the peak value of t5, taken usually as July in the northern hemisphere.
If so, although the choice is open to the designer, it is suggested that if the design value
chosen for #;5 in July is not the same as that in the meteorological tables, the values of £15
for adjacent months be altered by the amount of the difference. Thus, if 28°C were the design
value for #;5 in July, at Kew, 1.1°C would be added to the tabulated values for June and
August to give 27°C and 27.3°C for 5 in those months.

1.5 Heat gain through walls and roofs

Although sol-air temperatures offer the only practical way of dealing with unusual structures,
the heat gain through walls and roofs is sometimes conveniently calculated by using
equivalent temperature differences developed by Stewart (1948), that take account of the
diurnal variations in air temperature and solar radiation plus the time lag and decrement
factor of the wall or roof. Equivalent temperature differences are given for some typical
walls and roofs at a latitude of 51.5°N in the UK in Table A.8, The table is based on an air-
to-air temperature difference of 6°C at 15.00 h sun time; if the difference is otherwise at
15.00 h, for a particular case, then the difference from 6°C must be applied as a correction
to the tabulated values. No allowance should be made for any hourly variation of air
temperature each side of 15.00 h since this has already been taken into consideration in
the table.
The heat gain through a wall or roof, Q, is then easily calculated by

Q = AU(A,) (1.3)
where A, is the equivalent temperature difference, in K.

EXAMPLE 1.6

Determine the equivalent temperature difference for an east wall of 300 kg m™ surface
giensity at (9.00 h sun time in June at latitude 51.5°N, given that the outside air temperature
is 27°C at 15.00 h sun time and the room is held at a constant value of 22°C.

https://boilersinfo.com/



10 Practical load assessment

Answer
Table A.8 quotes a value of 9.5 K. Since the room temperature is 22°C and that outside at
15.00 h is 27°C, the air-to-air difference is only 5°C and a correction of ~1°C must be applied,
yielding 8.5 K as the required answer. The fact that the outside air temperature at 09.00 h
is less than 27°C plays no part in the use of the table, having aiready been allowed for. The
equivalent temperature difference is then multiplied by the U-value of the wall and its area,
to give the heat gain to the room at 09.00 h.

Using sol-air temperature, #,, is a more tedious process because of the way it is defined

which is, in'approximate terms
en = ‘o + alls + L) ) (i4)

where longwave radiant exchanges between the wall or roof and its surroundings are ignored,
o is the absorption coefficient for solar radiation, J; is the intensity of direct radiation
normally incident on the surface, tilted at an angle & to the horizontal, I is the intensity of
scattered solar radiation (sky plus ground) normally incident on the surface and A, is its
outside surface film coefficient of heat transfer. The heat gain, O, through the wall or roof
is then expressed by

Q = AU(fem — ;) + f(teo = Tew)) (1-5)

where A is the area of the wall or roof, U is its thermal transmittance, i, is the 24-h mean
value of the sol-air temperature, t, is the room air temperature (assumed to be constant over
24 h), f is the decrement factor for the wall or roof and ¢, is the sol-air temperature at the
time the heat entered the outside surface.

Sol-z2ir tempyratures may be calculated from Equation (1.4) or obta.acd directly from
Table A, for south-east England. Note that if the ouiside air dry-bulb temperature used
for the particular calculation is not the same as that given in the second column in Table
A.9, the difference must be applied as a correction to the tabulated values, as Equation (1.4)
clearly justifies. Tables A.6 and A.7 give very approximate values of time lag and decrement
factor in terms of building density and thermal insulation. It is much better to adopt the
time lags and decrement factors given by the CIBSE (1986d), which are clearly quoted in
terms of specific and practical building construction in everyday use. Values of direct and
scattered solar radiation may be obtained from CIBSE (1986a), ASHRAE (1993), Carrier
(1965) and Jones (1994c).

EXAMPLE 1.7

Using sol-air temperatures and the relevant data, calculate the heat gains through the east
and west walls of modules in the hypothetical office building (Figure 1.1) at both 08.00 and
15.00 h sun time in July.

Answer

The design brief for the hypothetical office building gives a time lag of 9 h and a decrement
factor of 0.2 for the walls. The colour of the external brickwork is interpreted as light. The
following preliminary tabulation sorts out the related temperatures, prior to calculating the
actual heat gain.

https://boilersinfo.com/
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Design outside temperature at 1500 h 28°C

Tabulated outside temperature at 15.00 h 24.5°C

Correction (see Equation (1.4)) +35K

Orientation East East West West
Time of heat gain to room (h) 08.00 15.00 08.00 15.00
Time lag of wall (h) 9 9 9 9
- Time of relevant sol-air temperature (h) 23.00 06.00 23.00 06.00
Tabulated sol-air temperature (°C) 16.5 24.5 16.5 14.5
‘Correction (K) +3.5 +3.5 +3.5 +3.5
Actual sol-air temperature (°C) 20.0 28.0 20.0 18.0
Tabulated 24 h mean sol-air temperature (°C) 225 225

Correction (K) +3.5 +3.5

Actual 24 h mean sol-air temperature (°C) 26.0 26.0

The arcaof a modula: wallis 4, = 0.6 x 2.4 x3.3 = 4.752 m® and its thermal transmittance
isU, =045 Wm?2K",
The heat gains to the rooms through the wall are then calculated by means of Equation

(L5).

East wall:
0800h Q, = 4752 x045[(26—22) + 0.2 (20~ 26)] 6.0 W
1500h Qy = 4752 x045[(26-22) + 02 (28~ 26)] =94 W

West wall:
08.00h Q, = 4.752 x 045 [(26 - 22) + 0.2 (20 ~ 26)] = 6.0 W
15.00h @, = 4.752 x 0.45[(26 - 22) + 0.2 (18 - 26)] = 51 W

It is seen that the heat gain through a wall appears to be insigaificant and this is often so.
The exception is for the case of heat gains through roofs, particularly for low-rise buildings
of large plan area, such as hypermarkets or air conditioned warehouses. Such buildings often
have roofs of low thermal transmittance but of small mass. They have virtually no thermal
inertia and consequently the decrement factor is best taken as 1.0 and the time lag as zero.
Equation (1.5) then simplifies to

O = AUt - 1] (1'6)

Any discrepancy between answers obtained by the use of equivalent temperature differ-
ences and those obtained by using sol-air temperatures is of no great concern; in most
instances the heat gain through the wall is only about 1% of the total sensible heat gain.

The advantage of sol-air temperatures in dealing with complicated structures can be seen
in the following example.

EXAMPLE 1.8

Determine the sensible heat gain to a room, at 15.00 h sun time in July, through a horizontal
flat roof consisting of 19 mm black felt-bitumen layers on 25 mm of expanded polystyrene
fixed to metal decking and provided with a vapour seal. There is then a substantial air space
and a suspended cexlmg constructed from 100 mm thick gypsum plasterboard. Recessed light
fittings liberate 10 W m™ into the ceiling void and the temperatures of the outside air and
the room air are 28 and 22°C, respectively. The U-value for the roof above the void is
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1.1 W m™ KL, the inside surface film resistances on each side of the suspended ceiling, for
heat flow downward, are both 0.15 m* K W, the inside surface film resxstances on each

side of the suspended ceiling, for heat flow downward are both 0.15 m* K W and the

thermal conductivity of plasterboard is 0.16 W m™ K™

Answer
Assuming a time lag of 0 and a decrement factor of 1.0, a thermal balance is struck between

heat flow from outside into the void, and heat flow from the void into the room. Denote
the void temperature by #,, the thermal transmittance of the roof by U, and that of the ceiling
by U,. The heat balance is

Uf [tco - tv] +10= Uc(tv - r)

From Table A.9 the sol-air temperature at 15.00 h sun time in July is 45.5°C for a horizontal,
black roof. The table is based on an outside air temperature of 24.5°C at 15.00 h and a
correction of +3.5 K must be applied because the outside air temperature assumed at 15.00
h is 28°C. Hence the sol-air temperature to be used is 45.5°C + 3.5 K = 49°C.

The thermal transmittance must be calculated for the ceiling

U, = 1/[0.15 + 0.01/0.16 + 0.15] = 2.76 W m2 K™

03)0 /000N

50%
{a) b}
30% ; £
extracted i = 4% extructed
[ and == and returned

1o plant

toplam
/OOO\ (oY oXe]

13 | L

d}

Figure 1.3 (a) Unventilated, flush-mounted luminaire. All the heat enters the treated space, mostly

to the room below although some goes to the room above. (b) Unventilated surface-mounted

luminaire. As (a). () Air extracted into the ceiling void. Heat goes to the room directly as well as

indirectly through the ceiling and through the slab to the room above. Total gain to both rooms is 70%.

(d) As (c) except that the luminaire is directly extracted-ventilated and the total gain to both rooms
is 60%.
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The thermal balance is then
1.1(49 -¢,) + 10 = 2.76(z, — 22)

whence t, = 124.62/3.86 = 32,3°C. Hence the heat gain to the room, from the ceiling, is 2.76
x(32.3-22) =284 Wm™

1.6 Heat gain from electric lights

In the past, air conditioning systems in commercial premises have relied on the use of extract
ventilated light fittings to remove a significantly large part of the heat liberated by the
luminaires and their control gear. This extracted heat then largely becomes a load on the
cooler coil in the central air-handling plant, instead of on the conditioned rooms. As a result,
the air quantity that must be supplied is reduced and the capital and running costs of the
installation made cheaper. Figure 1.3 illustrates the possibilities, and it can be seen that with
an unducted extract light fitting, about 40% of the heat is transferred to the central plant.
It is not worthwhile, techpically or economically, to make duct connexions directly to the
light fittings. The most effective method is to permit free airflow through the fitting into the
ceiling void, from where it ultimately enters a rudimentary system of horizontal extract
ducting connected at one or two places to vertical extract ducts, which may be in builder’s
work, leading to the plant. Fire dampers are located in the duct system, as required by the
local authority. Such a system of horizontal ducting is as simple as possible and limited in
its extent by the position of the dampered spigots in its walls. These spigots allow the air to
flow from the ceiling void into the duct system and no extract luminaire should be further
than 18 m from an extract spigot. The reason for this restriction is that otherwise air will
prefer to leave the rooms through ill-fitting ceiling panels rather than through the lights and
those luminaires remote from the spigots will liberate more heat into the conditioned
space than was intended. There may also be some variation in the colour rendering. The
IES Code (1973) recommends that between 15 and 30 1 s be extracted through a venti-
lated luminaire for best results. More than 30 1s™ is not recommended as there is a fall in
light output from conventional fluorescent tubes when the lamps are overcooled. It is gener-
ally thought that there is no problem with dust deposits on extract-ventilated light fittings.

It is important to note that the introduction of the smaller diameter, polyphosphor,
fluorescent tubes has significantly reduced the consumption of electrical power for lighting
and the emission of heat from luminaires, in commercial buildings. Table 1.2 gives some
typical total heat emissions. However, before using extract-ventilated luminaires it is essen-
tial to consult the manufacturers of the fluorescent tubes. If polyphosphor tubes are
overcooled by extract-ventilated luminaires the illuminance diminishes and the use of such
fittings with polyphosphor tubes is not recommended.

1.7 Heat gains from people and business machines

PEOPLE

The sensible and latent heat emissions from people have been well researched and are given
in Table 1.3. The total emission depends on the activity but the split between sensible and
latent heat emission depends on the dry-bulb temperature: as the dry-bulb increases the body
finds it more difficult to lose sensible heat by convection and radiation and so the proportion
lost by evaporation, and hence the latent heat gain, rises.
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Table 1.3 Heat emissions from people

Heat liberated (W); room dry-bulb temperature

Activity Metabolic ~ 20°C 22°C 24°C 26°C
rae (W) S L s L s L s L
Seated at rest 115 90 25 80 35 75 40 65 50
Office work 140 100 40 % 50 80 60 70 70
Standing 150 105 50 95 55 82 68 T2 1.
Eating in a restaurant 160 110 50 100 60 8 75 75 85
Light work in a factory 235 130 105 115 120 100 135 80 155
Dancing 265 140 125 125 140 105 160 90 175

Emissions in a restaurant include the heat given off by the food.
Population densities relate to the application and more guidance is given in Chapter 3. However, a typicat
allowance for offices is 9 m? per person, over an entire building.

BUSINESS MACHINES

The allowance for small power has been greatly overestimated in recent years. The result
has been that systems have been installed with too much sensible cooling capacity. As a con-
sequence, systems have controlled poorly, particularly variable air volume instaliations which
have been restricted in the amount of turn-down possible, with inevitable complaints of
draught at low duties.

The CIBSE (1992) give extensive and realistic information on nameplate powers and half-
hour average powers. A reasonable allowance for design purposes in a speculative office
block is 20 W m'"z, referred to the treated floor area.

1.8 Practical heat gains
A designer may have to calcnlate three sets of heat gains:

1. The maximum sensible heat gain for the room or module so that the necessary
supply airflow rate can be determined, or the correct size of terminal unit selected. For
rooms with external glazing, the dominant part of the sensible gain is the cooling load
caused by solar heat gain through glass and this guides the designer when deciding on
the time of the day and the month of the year for the calculation of maximum modular
gain,

2. The sensible heat gains coincident with the maximum cooling load for the entire building,
so that the refrigeration plant can be chosen. A major component of the refrigeration
duty js the fresh air load and this is usually a2 maximum at about 15.00 h sun time in July,
when the enthalpy of the outside air is greatest.

3. The maximum simultaneous sensible heat gain for that part of the building dealt with by
each air handling plant, so that the air handling plant can be sized, for the case of variable
air volume systems. See Chapter 2.

Transmission gains through the walls and roof are complicated and have been dealt with
(see Equations (1.3), (1.5) and (1.6)). Transmission gains through opaque parts of the
envelope that are not subject to direct solar radiation, such as floors over open car parks
that are exposed to the outside air, are easily determined
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Q= AUgt, — t,) a7

where Oy is the transmission gain through the floor (W), Ay is the area of the floor (m), Us
is its thermal transmittance coefficient (W m™ K™), £, is the outside air temperature (°C)
and ¢, is the room air temperature (°C).

In a similar way, the sensible heat transmission through glass, (0, is calculated by

Qg = AUlto - 1) (1.8)

with obvious meanings for the symbols.

The component of the sensible gain due to the patural infiltration of air from outside,
Qs is easily established by taking the density of air to be 1.2 kg m™ and its specific heat
capacity to be 1000 J kg™ K™

Qi = (VB) 1o~ 1) 1.9

where n is the number of air changes per hour due to natural infiltration and ¥ is the room
volume (m?).

EXAMPLE 1.9

Calculate the maximum sensible heat gains to a west-facing and an east-facing module on
an intermediate floor of the hypothetical office building shown in Figure 1.1. Use CIBSE
data (Tables A.5 and A.9), assume the building is light-weight and take relevant data from
Example 1.7 as necessary.

The design conditions are as follows: outside summer design state {at 15.00 h sun time in
July): 28°C dry-bulb, 19.5° wet-bulb (sling), 10.65 g kg™! moisture content and 55.36 kJ kg™
enthalpy.

Summer design state in the room: 22°C dry-bulb, 50% saturation, 8.366 g kg™ moisture
content, 43.39 kJ kg™ enthalpy.

Natural infiltration rate in summer: 0.5 h™.

Population: two people, sedentary activity, 90 W sensible each, 50 W latent each.

Lighting: 500 lux, liberating a total of 17 W m™, referred to the floor area, with
unventilated luminaires.

Business machines: 206 W m™?, referred to the floor area.

Answer
(1) West-facing modules. Table A.5 shows that the maximum solar gain through glass occurs
at 16.00 h sun time in June. Qutside air temperatures in June are about two or three degrees
less than those in July, prompting the designer to choose July. It must also be observed that
16.00 h sun time is 17.00 h clock time, in the summer in the UK, when the majority of the
occupants will have left the office building and the air conditioning plant may have been
switched off. This suggests that the maximum heat gain calculation should be done for 15.00
h sun time in July. On this basis the following sensible heat gains are calculated.
From Example 1.7, for a time lag of 9 h and a decrement factor of .2, the relevant sol-
air temperatures (Table A.9 plus a correction of 3.5 X) are ¢, = 18°C and ¢,,,, = 26°C.
The specific solar gain from Table A.S is 270 W m™, the air-point control factor, £, is 0.91
and the shading factor, f;, is 0.74. Hence the sensible heat gains are calculated as follows:
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w %
Glass: Q, = 3.168 x 3.3 x (28 - 22) = 63 4.5
Wall: O, = 4752x045[(26 -22) + 0.2(18 - 26)] = 5 0.4
Infiltration: Qg = (0.5 x 37.44/3)(28 - 22) = 37 2.6
Solar: Q, = 0.74 x 0.91 x 270 x 3.168 = 576 413
People: 2 x 90 = 180 12.9
Lights: 17 x 14.4 = 245 17.6
Business machines: 20 x 14.4 = 288 20.7

= 1394 100

Total:

The specific heat gain, referred to the floor area of 14.4 w?, is 96.8 W m™Y, If the heat gain
had been worked out for 15.00 h in June, the heat gain by transmission through glass and
the wall, and by infiltration, would be about 60 W less, based on CIBSE (1986¢) data for
June, but the solar gain would have gone up by 30 W, giving a net reduction of 30 W.

(2) East-facing modules. The peak solar gain through glass in Table A.5 is 328 W m2 at
08.00 h sun time in June but at 08,00 h sun time in July it is 306 W m™~ Arguing that the
lower outside air temperature in June is likely to compensate for the smaller specific solar
gain through glass in July, the maximum sensible heat gain is calculated for 08.00 h sun time
in July, as follows. However, it is first necessary to estimate the outside air temperature at
08.00 h sun time in July. This can be done by means of Equation (1.2), assuming a diurnal
range of 11.5 K, according to CIBSE (1986¢) or to some other source of meteorological
data.

Alternatively, a value of 16°C may be read directly from Table A9, and corrected by 3.5
K to 19.5°C. This is adopted here. From Example 1.7 the relevant sol-air temperatures are:
fo, = 20°C and 1, = 26°C. .

w %
Glass: 0, = 3.168 x 3.3 x (19.5~ 22) = —26 -2.0
Wall: Oy = 4752 %045 [(26 - 22) + 0.2(20-26)] = 6 0.5
Infiltration: Qg = (0.5 x 37.44/3)(19.5 ~ 22) = -16 -1.2
Solar: Q5 = 0.74 x 0.91 x 306 x 3.168 = 653 49.1
People: 2 x 90 = 180 13.5
Lights: 17 x 14.4 = 245 18.4
Business machines: 20 x 14.4 = 288 21.7
Total: = 1330 100

The specific heat gain, referred to the floor area of 14.4 m?, is 924 W m™.

Assuming an air density of 1.2 kg m™ and a latent heat of evaporation of 2454 kJ kg™
for water, the following simple equation can be derived for the latent heat gain to a room,
(;, in watts, resulting from the natural infiltration of n air changes per hour

Oy = 0.8n1{(g, — g,) ’ . (1.10)

where g‘i andg, are the moisture contents of the outside and room air, respectively (expressed
ingkg™).

The latent heat given off by people, in watts, is simply the product of the number of
people, np, and the appropriate latent emission per person, gy, from Table 1.3
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le =npqip 11y
The total latent heat gain, (J; (in kW) is then
Q1 = [0.81V(go — &) + np gip)V/10° (112)

The latent heat gains are the same for the west as for the east, in this case, because both
are for the month of July, when the outside moisture content is virtually constant throughout
the day at 10.65 g kg™, for 28°C dry-bulb and 19.5°C wet-bulb, Similarly, the room moisture
content is fixed at 8.366 g kg™, for 22°C and 50% saturation.

EXAMPLE 1.10

Calculate the latent heat gains to a module in the hypothetical building, coincident with
maximum sensible gains.

Answer

Infiltration: 0.5 x 37.44 x 0.8 x (10.65 — 8.366) = 34
People: 2 x 50 = 100
Total: 134W

1.9 Heat gains and refrigeration load

Refrigeration load is the sum of sensible and latent heat gains, fresh air load, fan power,
duct heat gain and, in the case of water chillers, a small allowance for pump power and heat
gains to pipes. In the case of poorly designed systems there may also be an additional item
for wasteful heat that cancels part of the refrigeration capacity. Because the fresh air load
is a significantly large proportion of the total, the refrigeration load is often calculated for
the time when this will be greatest, for example 15.00 h in July or August (in the UK).
However, this does not always follow, as Table A.10 (Appendix) shows. At such a time, the
simultaneous sum of the sensible heat gains in the various treated areas in a building will
be less than the sum of their maximum individual gains, because diversity factors may be
applied to the gains from lights, people and machines and also because the solar load through
the glass varies with time. However, it is not always the case that the maximum refrigera-
tion load will occur at the times mentioned and the designer must use his or her common
sense. For example, the peak load for a dining room may occur at 13.00 h sun time (14.00 h
clock time) when the occupancy is most dense. With office blocks it is reasonable to suppose
that some of the people will be on holiday or absent because of illness and that a proportion
of the lights will be switched off or need replacing. Business machines may have the same
diversity factors as people, or a little less. On the other hand, no such diversity factors can
be applied to places like concert halls, for example, where the occupancy and the lighting is
obviously predictable. Table 1.4 gives diversity factors for application to sensible and latent
heat gains; they are only approximate and must be used at the designer’s discretion.

In the case of business machines, the CIBSE (1992) offers guidance on the use of
processors and the like, in offices. A possible conclusion is that a diversity factor is 0.65-0.70,
referred to business machines, would be suitable for assessing the refrigeration load for the
whole building.
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Table 1.4 Diversity factors for application to sensible and latent heat gains

Diversity factor

Application Lights People
Peripheral areas of offices to a maximum

depth of 6 m, 20-50% glazed 0.7-0.85 0.7-0.8
Core areas of offices and peripheral

areas with less than 20% glazing 0.9-1.0 0.7-0.8
Apartments and hotel bedrooms 0.3-0.5 0.4-0.6
Public rooms in hotels 0.9-1.0 0.4-0.6
Department stores and supermarkets 0.9-1.0 0.8-1.0

Where machines or appliances are used in an industrial application the only sure way to
establish the maximum combination at any one time, and also the combination at 15.00 h
sun time in July, is by personal observation over a suitable period of time and by questioning
the operating staff. Assessing the maximum combination is also usually necessary to calculate
the required supply air quantity, since this may be the largest item in the heat gains.

Where appliances are used in a random fashion the only approach may sometimes be to
determine the mathematical probability that the appliances can be simultaneously in use,
as one does with the case of flow from a number of HWS draw-off points. When adopting
this technique the disparity in the size of the machines must be considered: one large heat-
producing item will dominate the heat gain calculations.

Table A.10 in the Appendix provides an indication of the times of the day and months of
the year that the maximum refrigeration load is likely to occur for an office block like the
hypothetical one considered earlier. Climatic loads in W m™2of treated floor area, including
the corridor, are suggested and these include transnussnon and solar gains through the
building envelope plus a fresh air allowance of 1.5 15 m™2 There is a spread of times from
11.00 h sun time in August to 18.00 h sun time in July. No maxima occur earlier or later
than this and none other than in the months of July and August. If an allowance is made
for people, lights and business machines, with proper attention to diversity, plus latent gain,
fan power and duct gain, the building cooling load can be assessed.

The total refrigeration load for the whole building is summarised and expressed by the
following equation

Qe =G+ O+ 0n+ Qs+ O + Gua + Ca + Ouilfp (1.13)

where Q.. is the total refrigeration load at a particular time and month, Q is the sensible
heat gain (with the components for people, lights and business machines subject to diversity

factors), ¢, is the latent heat gain (with the component for people subject to a diversity

factor), O, is the fresh air load, st is the supply fan power, Qﬁp is the fan power of any
terminal units, Oy is the heat gain to the supply ducting, Q,, is the return air load (com-
prising the extract fan power and the heat gain from any extract ventilated luminaires), and
Qw is the reheat load (which should be zero under design conditions for a properly designed
system). With water chillers, the factor f;, is to cover the contribution of the chilled water
pump power and the heat gain to the chlllcd water piping. These allowances are usually very
small for commercial installations and a typical value for f, would be 1.01 or 1.02. The refri-
geration load is not known to this sort of accuracy and the value of £;, is often taken as unity.
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The fresh air load is generally large enough (about 15% of the total) to indicate to the
designer the time of the day and the month of the year when the total cooling load wiil be
greatest. In the ‘absence of any other information it is usual to calculate the maximum
refrigeration load for 15.00 b sun time in July, in the UK, because this is the time when the
enthalpy of the outside air is highest and when the fresh air load will also be greatest.

EXAMPLE 1.11

Determine the refrigeration load for the hypothetical office block, at 15.00 h sun time in
July, assuming that it is air conditioned by a fan coil system comprising one unit in each
module to effect sensible cooling only, supported by a low velocity, ducted, supply and extract
system to deal with the latent gains {see Chapter 2). Make use of following design data and
the relevant results from earlier examples.

Qutside design state:  28°C dry-bulb, 19.5°C wet-bulb (sling),
10.65 g kg™, 55.36 kJ kg™?

Room design state: 22°C dry-bulb, 50% saturation,
8.366 g kg, 43.39 kI kg

Fresh air allowance: 141571 m'2, referred to the total floor area of
13 997 m®
Population density: 9 m? per person, referred to the floor area, diversity factor 0.75
Hlumination: 500 lux, dissipating 17 W m™2, referred to the floor area,
diversity factor 0.8. There are no extract-ventilated luminaires
Business machines: 20 W m™2, referred to the floor area, diversity factor 0.7
Temperature rise due to supply fan power: 0.65K
Temperature rise due to supply duct heat gain: 135K
Temperature rise due to extract fan power: 02K

‘Total power liberation by the fans in the terminal units: 70 kW.

Answer

(1) Sensible heat gains, Q. For the given orientation of the building (major axis aligned
north~south) the sol-air temperatures for the east and west walls have already been deter-
mined for 15.00 h sun time in July in Example 1.7. It is now necessary to establish them also
for the north and south walls and the roof, at the same time and month. -

Orientation North South Roof
Time of heat gain (h) 15.00 15.00 15.00
Time lag (h) 9 9 5
Time of relevant sol-air temperature (h) 06.00 06.00 10.00
Tabulated sol-air temperature (Table A9Y°C) 165 14.5 445
Correction (K) +3.5 +3.5 +3.5
Actual sol-air temperature (°C) 20.0 18.0 48.0
Tabulated 24 h mean sol-air temperature (°C) 20.0 22.5 275
Correction (K) +3.5 +3.5 +3.5
Actual 24 h mean sol-air temperature (°C) 235 260 31.0

When using Table A.S to determine the solar gains through glass note that at 15.00 h sun
time the windows facing east will have their Venetian blinds open but those on the west win-
dows will be closed. This will affect the value of the shading factor, f;, used in Equation (1.1).
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Noting also that there are 36 modules per floor on each of the east and west faces and
that there are 12 storeys, the sensible heat gains for the whole building at 15.00 h sun time
in July are calculated.

East glass: 36 x12x 3.168 x 3.3 x (28 — 22) 27098
West glass: 36 x12x3.168 X 3.3 x (28 —22) 27 098
North wall: (13.5x 3.3 x 12) X 0.45 x [(23.5 — 22) + 0.2 x (20.0 - 23.5)] 192
South wall: (13.5 x3.3 x 12) x 0.45 x [(26.0 — 22) + 0.2 x (18.0 — 26.0)] 577
East wall: 36 x 12 x 4.752 x 0.45 x [(26.0 - 22) + 0.2 x (28.0 — 26.0)] 4 065
West wall: 36 x 12 x 4.752 x 0.45 x [(26.0 - 22) + 0.2 x (18.0 — 26.0)] 2217
Roof: (86.4 x 13.5) x 0.45 x [(31.0 - 22) + 0.77 x (48.0 — 31.0)] 11 595
Infiltration: 0.5 x(86.4 x 13.5 x 2.6 x 12) x (28 — 22)/3 36 392
East glass (solar)  0.95 % 0.91 x 154 x (36 x 12 x 3.168) 182 203
West glass (solar)  0.74 x 0.91 x 270 x (36 x 12 x 3.168) 248 832
Total sensible gain through the envelope: 540 269
People: [(86.4 x 13.5 x 12)/9] x 90 x 0.75 104 976
Lights: (86.4x13.5%x12) x17 % 0.8 190 356
Business machines: (86.4 x 13.5 x 12) x 20 x 0.7 195 955
Total sensible gain at 15.00 h sun time in July, QO 1031556 W

(2) Latent heat gains, Qy. These arise from the natural infiltration of outside air and the
latent heat emitted from the people in the building. They are expressed by Equations

(1.10)~(1.12).

Infiltration. The volume of the building is 86.4 x 13.5 x 2.6 X 12 = 36 392 m°. Hence the
latent heat gain by natural infiltration is

Qi = 0.8 0.5 x 36 392 x (10.65 — 8.366) = 33 248 W

The number of people in the building is 86.4 x 13.5 x 12/9 = 1555. Each emits 50 W of latent
heat and a diversity factor of 0.75 is applied. Hence the latent heat gain from people is

QOip = 0.75 x 1555 x 50 = 58 312 W
The total latent heat gain is

Q) = 33248 + 58312 = 91 560 W
Since the fan coil units only do sensible cooling the auxiliary ducted supply air must deal
with all the latent heat gains. Assuming that a practical supply air state is 13°C dry-bulb and
7.702 g kgt (see F1gure 1.4) and using Equation (2.4) (derived in the Appendix) the
necessary supply air flow rate, vy3 at 13°C, can be calculated

Vi3 = [91.560/(8.366 — 7.702)] x [(273 + 13)/856] = 46.071 m® s

This supply rate must include the minimum fresh air quantl? under summer design
conditions. The treated floor area is 86.4 x 13.5 x 12 = 13 997 m” and hence the minimum
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fresh air delivery is 1.4 x 13 997/1000 = 19.596 m® s™. This is 42.5% of the supply air quantity.
The position of M, the mixture state in Figure 1.4, formed by outside air at 28°C and 10.654
g kg™! mixing with recirculated air, is now established. The recirculated air is at the room
temperature plus 0.2 K, for the rise through the extract fan, and at the room moisture
content of 8.366 g kg™

t, = 0.425 X 28 + 0.575 x 22.2 = 24.66°C
8m = 0.425 x 10.65 + 0.575 x 8.366 = 9.337 g kg™

The enthalpy of the air at the mixture state, h,y, is conveniently determined now for later
vse when calculating the cooling load. This may be done by interpolation in the CIBSE
(1986f) psychrometric tables, or from a psychrometric chart, or by use of the following
equation, according to Jones (1994)

k = (1.007¢ - 0.026) + g(2501 + 1.84¢) (1.14)

where ¢ is the dry-bulb temperature (°C) and g is the moisture content (in kg kg™ of dry
air). Hence, using the equation

P = (1.007 X 24.66 — 0.026) + 0.009337(2501 + 1.84 x 24.66) = 48.58 kJ kg™

(3) Fresh air load, Q. If no fresh air were introduced and all the extracted air were
recirculated, the cooling load would be from the enthalpy of the air returned to the air
handling plant (state R") down to the enthalpy of the air leaving the cooler coil (state W).
The introduction of air from outside means that an additional cooling load is imposed, the
enthalpy of the fresh air provided (state () having to be reduced to the enthalpy of the air
returned to the air handling unit (state R"). This is clarified in Figure 1.4 where the con-
tinuous line from the mixture state M, to the off-coil state W, represents a cooling load
including the fresh air load. On the other hand, the broken line from the recirculated air
state, R’, to the off-coil state W, shows what the cooling load would be if no fresh air were
introduced and all the air were recirculated.

The fresh air load, Q,, is given by

Qs = (Vlvs) (o~ hy) (1.15)

where vy, is the volumetric flow rate of fresh air handled (in m>s™), v, is the specific volume
at the supply state (in m® kg™'), h, is the enthalpy of the fresh air and 4, is the enthalpy of
the recirculated air (both in kJ kg ™). It is convenient to use the specific volume of the air
at the supply state, S, rather than that of the outside air, O, because the total quantity of
air handled is usnally expressed at the supply state, S,

The temperature rise through the extract fan is 0.2 K. Since the extract state has the
same moisture content as the room state, namely 8.366 g kg", the enthalpy of the
recirculated air state is determined by interpolation in CIBSE (1986f) psychometric tables
as 43.59 kJ kg™, Alternatively, a CIBSE psychrometric chart would probably give a
value of about 43.6 kJ kg™, At a practical Sl;pply air state of 13°C dry-bulb and 7.702 g kg7,
the specific volume of the air is 0.820 m®> kg™'. Hence the fresh air load is calculated
by Equation (1.15)
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19337 g kg™
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Figure 1.4 The psychrometry of a cooling load: O is the supply fan gain, Q4 is the supply duct gain,

Q; is the sensible heat gain, 0, is the latent heat gain, Oy, is the return air load and Qy, is the fresh air

load. B is a notional state that allows the sensible and latent cooling to be shown separately for the

conditioned space. A is the apparatus dew-point and is in a straight line with M and W, The contribution
from the terminal units is not shown.

O, = (19.596/0.82)(55.36 — 43.59) = 281.3 kW

(4) Supply fan power, Q. In Jones (1994) it is shown that the temperature rise through
a fan is about 1 K/kPa of fan total pressure if the fan motor is outside the airstream and 1.2
K/kPa if the fan motor is in the airstream. Hence Equation (2.3) (derived in the Appendix)
can be used to determine the corresponding heat gain to the airstream

Oyt = vy(Atyg) 358/(273 + 1) A (1.16)
where Qg is the heat input to the airstream (in kW or W), v, is the volumetric flow rate of
air supplied (in m’ s or 1 5™!) at a temperature #, and Aty is the temperature rise through

the supply fan. For the example considered

Qs = 46.071 x 0.65 x 358/(273 + 13) = 37.5kW
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(5) Termmal unit fan power, (. The ducted air supply of 46.071 m’® s at 13°C and
7.702 g kg™ deals with all the latent heat gain and is also able to offset some of the sensible
heat gain. Using Equation (2.3) this is calculated as: 46.071 x ({22 ~ 13) x 358)/(273 + 13)
= 519.0 kW.

The remainder of the sensible heat gain (1031.6 - 519.0 = 512.6 kW), is dealt with by the
fan coil units, located one to each building module, which provide the individual thermostatic
control necessary. The cooling output of the fan coil units is distributed to the rooms by
means of fans within the units. These fans cause the temperature of the air they handle to
rise and this is an additional contribution to the cooling load, which must be dealt with, The
whole of the electrical power absorbed from the mains is liberated and its value can only
be determined from catalogue data. In the design data for the example, the total value of
all the power liberated by the fans in the terminal units is given as 70 kW.

(6) Supply duct heat gain, Q4. The temperature rise that occurs by heat gain to the supply
air duct is not known at an early stage of the design and a reasonable allowance has to be
made. The designer should always check this later, after the duct system has been designed,
and rectify any discrepancy. In the design data for this example the temperature rise in the
supply air duct is given as 1.35 K. The contribution this makes to the total cooling load is
then calculated by Equation (2.3)

Osa = 46.071 x 1.35 x 358/(273 + 13) = 77.85 kW

(7) Return air load, Q... The recirculation air flow rate is 46.071 - 19.596 = 26.475 m’ s7%,
expressed at the supply air temperature of 13°C. Hence, since the temperature rise through
the extract fan is 0.2 K and there are no extract-ventilated luminaires, the return air load
is given by

O = 26475 x 0.2 x 358/(273 + 13) = 6.63 KW.

(8) Re-heat load, Q. This is zero.
(9) Total cooling load, Q. Referring to the psychrometry in Figure 1.4, an air cooling
load, Q);, may be determined by

Qo = (9vs) (b — hy) (1.17)

The supply state, S, is 13°C dry-bulb and 7.702 g kg™ and there is a 2 K rise from the off-
coil state W to the supply state. Hence the state Wis 11°C dry«bulb and 7.702 g kg“1 From
psychrometric tables the enthalpy is read as 3048 kJ kg™ or as 30.5 kJ kg™ from a
psychrometric chart The enthalpy of mixture state, M, was determined earlier, in item (2),
as 4858 kT kg™ A coolmg load is then caiculated from Equation (1.17)

Qq = (46.071/0.82)(48.58 - 30.48) = 1016.9 kW

As a check, this is to be compared with the refrigeration load determined by summing the
components of the load, according to Equation (1.13)

Oret =10+ O+ O + O + Qtfp + U+ Cra + Onl fp
= [1031.556 + 91.560 + 281.300 + 37.500 + 70.000 + 77.850 + 6.630 + 0]1.01
= 1596.40 x 1.01 = 1612.36 kW
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It is clear that this is not the same as the cooling load determined by the psychrometry,
using Equation (1.17). This is because the psychrometry only dealt with the sensible heat
gains offset by the auxiliary air supply and ignored the power liberated by the fans in the
tcrmmal units. In item (5), above, it was determined that the part of the sensible heat gains
dealt with the fan coil units was 512.6 kW. The power emitted by the unit fans was quoted
in the design data as 70 kW. Hence

Psychrometric cooling load: 10169
Sensible cooling by the fan coil units: 5126
Power liberated by the terminal unit fans: 70.0
Subtotal: 1599.5
1% allowance for chilled water pumps and pipes: 16.0
Total refrigeration load: 1615.5 kW

The agreement is good, the two answers being within much less than 1% of each other. This
does not mean that the cooling load is known to this accuracy. It is not. The purpose of the
check is to verify that no significant error has been made. If a discrepancy of more than about
1%, or perhaps 2%, emerges, the reason for this should be established and the error
corrected.

The spec1ﬁc refrigeration load, referred to the floor area, is 1 612 360 W/13 997 m®
115 W m™

In the case of all-air systems, such as variable air volume, the cooling load determined
from the psychrometry is the refrigeration load, to which must be added the small addition
for chilled water pumps and pipes. In the case of all-air, constant volume, re-heat systems,
no allowance can be made for diversity in any of the loads, including the solar gain through
glass. This is because such systems cancel the unwanted cooling, at partial load conditions,
by re-heating, The refrigeration machine stays at virtually full duty all the time it is running,

Exercises

1 Determine the mean surface density per unit of floor area for a double module (4.8 m
wide x 6.0 m deep) in the hypothetical office block, making the same assumptions as in
Example 1.1.

(Answer 248 kg m™)

2 Assuming the major axis of the hypothetical office block shown in Figure 1.1 is aligned
east-west, calculate the maximum sensible heat gain through a south-facing module, by
CIBSE methods. Assume the maximum gain occurs at 13.00 h sun time in August (see
Table A.10). Use the relevant design data from Example 1.11 and take the outside design
state to be 28°C dry-bulb, 19.5°C wet-bulb (sling) at 15.00 h sun time in August.
Use Equation (1.2), with a diurnal range of 9.5 K, to determine the outside dry-bulb at
13.00 h sun time. Refer to tables in the Appendix as necessary.

(Answer 1371 W)

3 Repeat Example 1.11 to show that with 2.6 1 s~ m™ of floor area as the fresh air supply -
rate, the xznaxunum total refrigeration load occurs at 15.00 h sun time in July and is
132 Wm™,
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Notation

Symbols
A

Ag

Ay

Ay

Description Unit
Area of a building element 2
Area of a floor m?
Area of glass (if a wooden frame) or area of the hole

in the wall (if a metal frame) m’
Area of a roof m’
Area of a wall m’
Diurnal range K
Intensity of scattered radiation normally incident on a

surface Wm?
Intensity of direct solar radiation normally incident on

a surface W m™
Heat gain through an opaque building element w
Alr cooling load kW
Heat gain through a floor, exposed on its underside to the
outside air w
Total fresh air load for a building kW
Sensible heat transmission through glass w
Total latent heat gain for a building kW
Latent heat gain due to the natural infiltration of air from
outside w
Latent heat gain due to people w
Heat gain through a roof w
Total return air load for a building kW
Total refrigeration load for a building kW
Total re-heat load for a building kW
Total sensible heat gain for a building kW
Total sensible heat gain to the supply air ducting for

a building kW
Total supply fan power load for a building kW
Cooling load due to solar heat gain through glass w
Sensible heat gain due to the natural infiltration of air from
outside w
Total fan power of terminal units in a building kW
Sensible heat gain through a wall w

Thermal transmittance coefficient of a building element W m2K!
Thermal transmittance coefficient of a floor exposed on its

underside to the outside air W m2K!
Thermal transmittance coefficient of glass W m 2K
Thermal transmittance coefficient of a roof W m2K?
Thermal transmittance coefficient of a wall Wm2K!
Volume of a room, module or building m’

Decrement factor -
Air point control factor for cooling load due to solar gain

through glass -
Factor for chilled water pump power and heat gain to chilled
water piping -
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fs Shading factor for cooling load due to solar gain through
glass =
g Moisture content of an air water vapour mixture kg kg™ dry air
or g kg! dry air
g Moisture content of the outside air g kg™! dry air or
kg kg dry air
£ Moisture content of the room air g kg™ dry air or
kg kg™ dry air
£ Moisture content of the supply air g kg™ dry air or
kg kg™ dry air
h Enthalpy of an air-water vapour mixture K kg™ dry air
he Enthalpy of mixed air at state M kJ kg™? dry air
ko Enthalpy of outside air at state O kJ kg™ dry air
hy Enthalpy of air off a cooler coil at state W kJ kg™ dry air
kg Outside surface film coefficient Wm? K
hy Enthalpy of air at the return air state, R’ kJ kg™ dry air
n Air change rate due to the natural infiltration of air
from outside ht
n, Number of people -
4 Total latent heat gain w
i Latent heat emission per person w
Gsg Specific cooling load due to solar gain through glass Wm™
t Air temperature °C
tis Outside air temperature at 15.00 h sun time °C
teo Sol-air temperature at the time heat enters the outside
surface of a wall or roof «C
ty Outside air temperature at time 8 °C
tem 24-h mean sol-air temperature °C
t, Outside air temperature °C
t Room temperature °cC
t Temperature of the air supplied to a building °C
Vi Volumetric flow rate of fresh air expressed at the supply
air state 3
Vs Specific volume of air at the supply state, § m’ kg™ dry air
A Volumetric flow rate of air supplied to the building at
state § , m s
A, Equivalent temperature difference K
o Absorption coefficient for solar radiation -
8 Angle between the horizontal and a window degrees
8 Sun time (0-24) h
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System Characteristics

2.1 Syétem classification

Most systems in use are for commercial applications, principally office blocks, and this has
driven the design ethos. Where systems have been required for commercial applications
other than office blocks, a system originally developed for treating offices has often been
adapted to suit the different use, for example, providing fan coil units for hotel bedrooms.
However, some commercial systems have been specifically developed for a particular
application, such as the use of roof-top units for treating the malls in shopping centres. For
industrial applications the approach has been quite different, the needs of the industrial
process generally dictating the form of the system design.

There is no generally agreed classification of systems but the following arrangement is
not uncommon.

1. Unitary systems
(a) sclf-contained, air-cooled, room air conditioners
(b) split systems
{c) cassette units and variable refrigerant volume systems
{d) water-cooled air conditioning units
{e) water loop, air conditioning/heat pump units.
2. All-air systems
(a) constant volume re-heat and sequence heat systems
{b) roof top units
{c) variable air volume systems
(d) dual duct systems
(¢) multizone units
(f) air curtains.
3. Air-water systems
(a) fan coil systems
(b) chilled ceilings
{c) chilled beams
(d) perimeter inductions systems.

Because of the very substantial amount of air conditioning done outside the United
Kingdom, particularly for places situated at considerabie heights above sea level, the first
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step to be considered is the influence of altitude upon system performance, from a general
viewpoint.

2.2 Altitude effects

For any specific place an increase in altitude is accompanied by a drop in both pressure and
temperature. However, it is not possible to establish a simple equation that will accurately
predict the influences of both height and temperature on barometric pressure and, since
the air temperature in the atmosphere near the surface of the earth is much affected by
seasonal changes and the local topography, it is unwise to attempt to forecast barometric
pressure for an unfamiliar place. Reference should always be made to local meteorological
data, where this is available. When such information is not to hand, useful reference can be
made to the CIBSE guide (1986a) which tabulates approximate barometric pressures against
altitudes. There can be discrepancies but in some instances the agreement is good. For
example, the altitude of Tehran is 1220 m above sea level and the mean barometric pressure
is about 875 mbar. Interpolation in the table yields 873 mbar, which is well within the
probable variation of atmospheric pressure (+5%) arising from changes in the weather.

A fall in barometric pressure has a principal influence on the following: psychrometric
properties; air mass flow rate; heat transfer coefficients for air; evaporation rates; air
pressure loss in ducts and plant; pressure gauge indications; available net positive suction
head (NPSH); electric motor cooling.

PSYCHROMETRIC PROPERTIES

For atmospheric pressures of 95 kPa or less, psychrometric charts and tabulated data

- for the accepted standard pressure of 101.325 kPa should not be used if progressively
serious error is to be avoided. Psychrometric charts by Martin (1972) are published at
intervals of 2.5 kPa down to 72.5 kPa and these are very convenient to use. Alternative
approaches are to use the corrections for changes in barometric pressures published in
the CIBSE guide (1986b), or to employ the ideal gas laws described by Jones (1994) to
calculate the desired properties, or even, if the situation demands, to construct a special
psychrometric chart.

EXAMPLE 2.1

Air enters a cooler coil at 39°C dry-bulb, 24°C wet-bulb (sling) and 87.5 kPa. If 2 m’ s of
air at 16°C dry-bulb, 15°C wet-bulb (sling) leaves the coil, calculate the cooling load and
compare the answer with that obtained when the barometric pressure is 101.325 kPa.

Answer

The CIBSE guide (1986b) quotes tabulated additive corrections to be applied to enthalpy
values read for standard barometric pressure. The corrections are expressed in terms of
adiabatic saturation temperatures but can be interpreted as the same as sling wet-bulb values
without significant loss of accuracy. Thus at an atmospheric pressure (p,;) of 87.5 kPa and a
wet-bulb of 24°C sling, the correction is 7.90 kJ kg™ and at 15°C wet-bulb it is 4.34 kJ kg™
Taking the enthalpies at 39°C dry-bulb, 24°C wet-bulb and 16°C dry-bulb, 15°C wet-bulb from
the CIBSE guide (1986¢) as 71.03 kJ kg™* and 42.08 kJ kg™, respectively, we can deduce
that the enthalpies at 87.5 kPa are
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Poncoit = 71.03 + 7.90 = 78.93 kJ kg™
Roftcoit = 42.08 + 4.34 = 46.42kJ kg!

To establish the specific volume vy oy Of the air leaving the coil we can use an approximate
formula quoted in the CIBSE Guide (1986¢) as

Vot = (T[Par)(0.287 + 0.461 g) m* kg™ (2.1

where T is the absolute dry-bulb temperature and g is the moisture content, also given in
the CIBSE Guide (1986c) as

g = [(100)(0.624 p,))/(pay — 1.004 py) kg kg™ 22)

in which g is the percentage saturation p,, is the barometric pressure and p the saturation
vapour pressure at the dry-bulb temperature, all pressures being in kPa.

The value of i is not necessarily known, since conditions on and off the coil are usually
quoted as dry- and wet-bulb temperatures. However, for a given pair of such values the
percentage saturation is approximately independent of atmospheric pressure, so ¢ can be
read from psychrometric tables at 101,325 kPa, without much error.

At 16°C dry-bulb, 15°C wet-bulb (sling) and 101.325 kPa, p is 90% and we can use this
value also for 87.5 kPa. The value of p;; depends solely on temperature and has nothing to
do with barometric pressure. Therefore, this can be read directly from psychrometric tables
for 101.325 kPa at 100% of saturation and any desired temperature. Thus at the off-coil state,
Pss = 1.817 kPa (read from CIBSE tables at 16°C saturated) and by Equation (2.2) the
moisture content of the air leaving the cooler coil at 87.5 kPa is

Zostcoil = [(90/100)(0.624 x 1.817)}/(87.5 — 1.004 x 1.817) = 0.01191 kg kg™!
Hence, by Equation (2.1) the specific volume off the coil at 87.5 kPa is

Vottcoit = [(273 + 16)/87.5][0.287 + 0.461 x 0.01191] = 0.9661 m® kg*
The cooling load can now be calculated as

(2/0.9661)(78.93 — 46.42) = 67.30 kW

Referring to psychrometric tables at 101.325 kPa, for comparison, it is seen that the cooling
load would be

(2/0.8322)(71.03 - 42.08) = 69.57 kW

As a matter of interest, if the psychrometric charts by Martin (1972), which are based on
the ideal gas laws, had been referred to, values of enthalpy and specific volume yielding a
cooling load of (2/0.965)(79 - 46.5) = 67.36 kW would have been obtained, the discrepancy
being largely attributable to error in reading values from the chart. If the values had actually
been calculated by means of the ideal gas laws, as described by Jones (1994), a load of
(2/0.9661)(78.76 - 46/27) = 67.26 kW would have been obtained.
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The superficial deduction from this example is that the cooling load is not much influenced
by altitude, which may be trie. However, the performance of the cooling coil is considerably
influenced, and the cooling capacity of the air supplied to the conditioned room is reduced,
by altitude effects because air density reduces. Plotting the on and off coil states on a psychro-
metric chart for 87.5 kPa shows that the sensible/total heat removal ratio across the coil is
about 0.72 whereas the same states on a chart for 101.325 kPa give a ratio of 0.81. This will
affect the air-side film resistance and the overall U-value for the cooler coil. It can also be
seen that the mean coil surface temperatures (apparatus dew points) are 14.2°C at 87.5 kPa
and 14.1°C at 101,325 kPa. This is not of much significance in this example but might acquire
greater importance for other entering and leaving psychrometric states for the cooler coil.
Therefore, reliance should not be placed on calculated coil duties without plotting the
performance on a psychrometric chart for the correct atmospheric pressure.

AIR MASS FLOW RATE

Aijr mass flow rate is probably the most important effect of barometric pressure changes
upon system performance. It is the air mass flow rate that transfers heat between cooler
coils or condensers and airstreams and removes the sensible and latent heat gains from the
conditioned space. Therefore, it is of vital importance that the correct air density or specific
volume be used in caleulations.

EXAMPLE 2.2

If the air leaving the cooler coil in Example 2.1 suffers a rise in temperature of 2 K because
fan power and duct heat gain on the way to the conditioned space, calculate the room
temperature and humidity maintained in the face of sensible and latent heat gains of 19.82
and 2.67 kW, respectively, (a) when the barometric pressure is 87.5 kPa and (b) when it is
101.325 kPa.

Answer

(a) The specific heats of dry air and water vapour change very little with a fall in pressure
and so, using the off-coil moisture content of 0.01191 kg kg™ previously calculated, the
specific heat of the supply air is 1.012 + 1.89 x 0.01191 = 1.035 kJ kg™ K™\, The temperature
maintained in the room, z,, is then obtained from

19.82 = (2/0.9661)(1.035)(t, — 18) from which ¢, = 27.3°C

Taking the latent heat of evaporation of water as 2454 kJ kg™ the moisture content in
the room, g,, is obtained from

2.67 = (2/0.9661)(g, — 0.0119) x 2454 from which g, = 0.01244 kg kg™!

giving a humidity of about 46%.
(b) The answer can be obtained by similar calculations to {(2) or by using the following
two formulas (derived in the Appendix)

Supply air quantity (m® s™) at temperature 7 =
[Sensible heat gain (kW)/(r, - £.)] x [(273 + 1)/358] (2.3)
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Supply air quantity (m® s™') at temperature t =
[Latent heat gain (kW)/(g, —g:)] X [(273 + £)/856] 2.4)

where ¢, is the supply air temperature in °C, g, and g; the room and supply air moisture
contents in g kg™ and ¢ is the temperature in °C at which the airflow is expressed. These
will yield answers of 26°C dry-bulb and 50%, at 101.325 kPa. Equations (2.3) and (2.4) are
only valid at the standard, sea level barometric pressure of 101.325 kPa.

HEAT TRANSFER COEFFICIENTS FOR AIR

In order to express both the latent and sensible heat transfer to a cooler coil in terms of a
U-value and a logarithmic mean temperature difference (LMTD), air-to-air, an enhanced
value of the air film coefficient, &, is sometimes obtained by dividing it by the value of the
sensible total ratio, S for the cooling process. If r, and ry, are the water film resistance and
metal resistance, respectively, both referred to the external surface area of the coil, then

U= 1/ry +ry, + Sh,) (2.5)

Thus the value of 0.72, obtained for S in Example 2.1 at 87.5 kPa, will give a slightly larger
U-value for the coil than at sea level when § = (.81, in the same example.

Heat transfer by forced convection is expressed in terms of the Nusselt number (Nu),
equal to hd/k6; the Reynolds number (Re), equal to udp/u; and the Prandtl number (Pr),
equal to cppk; in which d is a relevant linear dimension, @is a temperature difference, k is
the thermal conductivity of air,  is its velocity, p its density, 4 its absolute viscosity and ¢,
its specific heat capacity. It transpires that for forced convection over parallel plates,
corresponding to the fins on a cooler coil,

(Nu) = 0.36 (Re)®® (Pr)** (2.6)

Little work has been done to establish the values of ¢,, p# and k, at sub-atmospheric
pressures but it is generally thought that they do not alter very much from their values at
sea level. Therefore, it can be concluded that the influence of (Pr) is negligible and that heat
transfer depends principally on (Re). It appears that for air, the dependence of heat transfer
is upon (Re)®, and this implies that it is, in turn, proportional to the mass velocity, up, to
the 0.8 power. The change in the value of § alone, or the mass velocity alone, can influence
the U-value of a coil significantly, but their combined effects can sometimes almost cancel
each other.

EXAMPLE 2.3

Given that, for the cooler coil in Example 2.1, working at sea level, r, = 0.00425 m* K W,
T = 0.0035 m* K W™ and , (dry) = 64 W m™ K™, all referred to the external surface area,
calculate its U-value at {a) sea level and (b) a barometric pressure of 87.5 kPa.

Answer
(a) From Example 2.1, § = 0.81 at sea level and so &, (wet) = 64/0.81 = 79 Wm ™2 K™}, and
ra (wet) = 0.01266 m> K W,
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U = 1/[0.01266 + 0.0035 + 0.00425] = 49.0 Wm2 K™

(b) From Example 2.1, § = 0.72 at 87.5 kPa and whereas v = 0.9661 m’ kg™ at the same
pressure, it equals 0.8322 m® kg™ at sea level. Thus the factors affecting the value of h, are:
0.81/0.72 = 1.125 for the change in sensible heat ratio and (0.8322/0.9661)® = 0.887 for the
mass flow effect. Therefore, &, (wet) at 87.5 kPa = 79 x 1.125 X 0.887 = 788 Wm 2 K*
and r, (wet) = 0.01269 m’ K W™

U = 1/[0.01269 + 0.0035 + 0.00425] = 48.9 W m 2K}

EVAPORATION RATE

The water cooling effect in a cooling tower or an evaporative condenser depends on the
evaporation rate of the water circulated. At a given dry-bulb temperature saturated air has a
larger moisture content at a smaller barometric pressure. An airstream passing through a cool-
ing tower can therefore take up more moisture, as it approaches saturation, at a higher altitude.
The effect is fairly small, amounting to only about 3% at a height of 3000 m above sea level.

AIR PRESSURE LOSS IN DUCTS AND PLANT

For all practical purposes, the pressure loss through both ducting and plant is proportional
to the density of the airstream. Thus the loss calculated at sea level conditions should be
multiplied by the ratio of the barometric pressures and by the inverse ratio of the absolute
temperatures, to determine the loss at altitude.

EXAMPLE 2.4

A system of plant and ducting has a total pressure loss of 2 kPa, calculated for sea level
conditions of 20°C and 101.325 kPa. Calculate the total Joss at a barometric pressure of
87.5 kPa and a temperature of 39°C.

Answer

Total pressure loss = 2 x [87.5/101.325] x [(273 + 20)/(273 + 39)] = 1.62 kPa

PRESSURE GAUGE INDICATIONS

Since a pressure gauge compares the measured pressure with the ambient pressure, higher
pressure indications will be given at higher latitudes. The correction is simple.

AVAILABLE NET POSITIVE SUCTION HEAD (NPSH)

This decreases with altitude, as Equation (4.20) shows, giving an increased risk of cavitation
within a pump and a subsequent loss of performance. It is countered by reducing the
resistance on the suction side of the pump and by increasing the position head, that is, the
distance between the surface of the water in the open tank, for example a feed and expansion
tank or cooling tower pond, and the centre-line of the pump suction branch.
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ELECTRIC MOTOR COOLING

The mass flow rate of air for cooling a motor is proportional to the air density and so
decreases with altitude according to reduction in pressure and changes in absolute tempera-
ture. These effects may be dealt with by using insulation able to withstand higher operating
temperatures, or by using an oversized motor or one of special design.

2.3 Unitary systems

The distinction drawn between air handling units and air conditioning units is that the latter
may contain a refrigeration compressor, with or without its condenser, and the former do
not. This section is primarily concerned with room air conditioning units, sometimes termed
window units, and with the larger, air conditioning packages, free-standing in the conditioned
space or suspended at high level in it or just outside it, that are used to treat large rooms,
small commercial premises, or even whole individual floors of office blocks.

SELF-CONTAINED, AIR-COOLED ROOM AIR CONDITIONERS

Room air conditioners have had a very wide usage all over the world for many years, their
chief advantages being relatively low capital cost for a small cooling load and the possibility
of installing them room-by-room, as required, without the need to air condition the rest of
the building and without taking up a lot of space for ducts and central plant. These advan-
tages disappear as the cooling load increases and the scope of the air conditioning gets larger.
Their chief defects are relatively short life of 3-10 years; noise, which increases with age as
bearings wear, fixings are loosened by vibration and corrosion sets in; comparatively poor
air distribution; poorer autormatic control and poorer air filtration than is provided by central
systerns; low rate of fresh air ventilation; and, in the case of air-cooled units, a sometimes
unsightly interference with the building facade caused by the need to cut openings in it to
accommodate the condensers. Heating is commonly electrical, proving costly to run, but
better quality units frequently offer an LTHW option. Heat pump units that reverse the roles
of the evaporator and condenser in cold weather are also available. Units of this type are
very popular, and one reason at least is their relatively easy installation, provided a hole
can be cut in an outside wall or the unit allowed to sit on the sill, the windows being raised
sufficiently and any gaps around the unit being blocked.

Room air conditioners are available in the range from 1.75 kW of refrigeration to 10.5
kW. The standard of test adopted in the United States to establish unit ratings is often 26.7°C
dry-bulb, 19.4°C wet-bulb (sling) in the room and 35°C dry-bulb, 23.9°C wet-bulb (sling)
outside, but not every manufacturer states the basis upon which the outputs offered have
been established. The cooling capacities listed in manufacturers’ published leaflets and
catalogues are seldom sufficient for a designer to assess the conditions of temperature and
humidity likely to prevail in the conditioned space. At best, little more than an estimate of
temperature is possible and that only with doubtful accuracy.

Air-cooled, room air conditioning units invariably carry out latent cooling as well as
sensible cooling for much of the time they are in operation. It is usual, as part of a self-
contained unit, to collect the condensate in a tray beneath the cooler coil and to pipe this
to a ring on the periphery of the condenser fan. The ring has a serrated edge and slings the
condensate over the condenser fins, improving the heat rejection by the condenser at the
expense of some increased risk of corrosion. The corrosion risk may be worse in coastal
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regions becavse of the sz conteut of the air used to cool the condenser. A more expensive
alternative is to provide a proper condensate drainage system for all the units used.

EXAMPLE 2.5

An air-cooled room conditioner has the following characteristic perfomancc when the
outside air temperature is 28°C dry-bulb and the volumetric flow rate of air supplied is
1501 s”l, expressed at the room temperature

Room temperature, t; (°C) 18 21 24
Sensible cooling capacity (W) 1324 1355 1379
Latent cooling capacity (W) 558 646 741
Total cooling capacity (W) 1882 2001 2120
Absorbed compressor power (W) 942 974 1003
Coefficient of performance 2.00 2.05 2.11

If one of these units is installed in a west-facing module on an intermediate floor of the
hypothetical office block described in Section 1.2, make an approximate assessment of the
room dry-bulb temperature that should prevail under conditions of design sensible heat gain.

Answer

From Example 1.9, the calculated sensible heat gains are 1394 W when the room
temperature is 22°C. The gains through the glass and wall, and by infiltration, depend on
the inside-to-outside air temperature difference, whereas the solar gains and those from
people, lights and machines do not. Hence the following table can be established

Room temperature, £, (°C) 18 21 22 24
Sensible heat gains (W)

Glass + wall + infiltration 175 122 105 70
Solar + people + lights + machines 1289 1289 1289 1289
Total 1464 1411 1394 1359
Unit sensible cooling capacity (W) 1324 1355 - 1379

Sensible cooling capacity and sensible heat gain are plotted, in Figure 2.1. The intersection
is at 23.3°C and this is the room temperature maintained under outside design conditions.

The above calculation is only an approximation. Under conditions of reduced sensible
heat gain the room temperature will vary between the limits of the differential gap related
to the two-position control exercised over the compressor in the unit. The thermal inertia
of the building structure will play a part in reducing such swings in temperature. The usual
way of controlling the unit is to allow the fan to run continuously when the unit is in use
but to vary cooling capacity by two-position control over the compressor, in sequence with
any heating capacity provided. Sometimes the fan is also switched on—off, in sequence with
the compressor, but this is not recommended because it gives variable air movement and
variable noise, in addition to some loss of controI over temperature.

The volume of the treated module is 37.44 m® (Figure 1.1) and it is worth noting that the
supply airflow rate of 150 1s™" represents an air change rate of 12.5 h™\. This is reasonable,
in terms of air movement for comfort and for the removal of the sensible heat gains. The
use of Equation (2.3) shows that the supply air temperature will be 15.7°C, which is
reasonable for this sort of unit.
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Figure 2.1 Sensible balance for Example 2.5.

It is not possible to extend the simple example used above to determine the approximate
humidity in the room, unless details of the refrigerant evaporating temperature are provided
by the manufacturer.

If these sort of units are run in cold weather, condensing pressures will fall with a
consequent drop in evaporating pressures that is likely to be lowered even more because
the dry- and wet-bulb temperatures entering the evaporator will be less, by design, in winter
than in summer. The windings of the motor driving the hermetic compressor are cooled by
the suction gas and the mass flow of this, and the cooling capacity, reduces in proportion
to the fall in evaporating pressure. This reduction in cooling effect far outweighs any possible
improvement resulting from the drop in refrigerant suction temperature. If frost forms on
the evaporator fins the effect is exacerbated since an extra resistance to airflow is provided,
inducing another drop in the load and so in the evaporating pressure. Operating a unit with
a very dirty air filter produces a similar effect.

The outcome of inadequate motor cooling is burnt-out windings, and the presence of a
safety cut-out thermostat, buried in the windings, is not always sufficient protection.
Repeated motor starts at short intervals, or continued running at low evaporating tempera-
tures, tends to bake the winding insulation without necessarily reaching the set point of the
cat-out at its location. Eventually the insulation fails and the motor burns out. The chemical
products of a burn-out poison the refrigeration system and it follows that it must be very
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carefully cleaned out before a new hermetic compressor is fitted and the system recharged.
Failure to clean the system properly will result in further, early burn-outs.

One method of guarding against the risk of motor burn-out is to use a bot-gas valve to
maintain the evaporating pressure in the face of a falling duty accompanied by cold ambient
air temperatures, by imposing a false load on the evaporator. The best way of doing this is
to inject the hot gas into a hot-gas header, specially made on the side of the evaporator
receiving the liquid refrigerant. However, packaged units seldom have this facility. The best
alternative is to inject the gas between the expansion valve and the distributor, although
even this is not always possible with small commercial units as there is no room between
the two. On larger sizes of unit, self-acting hot-gas valves to inject in this manner are some-
times available.

Before selecting a packaged air-conditioning unit, other than the small room conditioner
discussed earlier, with a direct-expansion cooler coil, it is generally advisable to calculate
the minimum expected conditions onto the cooler coil and the corresponding cooling load,
as well as the design maximum duty, If this information is supplied to the manufacturers,
they should be able to assess the risk of frost formation and the need for a hot-gas valve,

A cheaper alternative to hot-gas valves is cylinder unloading, actuated by changes in
suction pressure. However, this method is not always as effective and is not available for
the small sizes of unit considered so far,

SPLIT SYSTEMS

Room air conditioners and the larger, direct-expansion units are also available either with
separate, air-cooled condensers or with remote, air-cooled, condensing units. Such instal-
lations are often a convenient alternative to single, self-contained packages. Hermetic con-
densing sets are made in a range of sizes able to deal with as much as 60 kW of refrigeration.
Air-cooled condensers, however, have a much wider application for duties that can exceed
500 kW of refrigeration.

Packaged units generally are designed to supply about 50 1™ of air to a conditioned room
for each kW of refrigeration, This is a restriction that limits the choice of the designer and
tends to reverse the usual order of the design process, i.e. a packaged unit is selected and
the designer estimates what it can do, rather than the selection being aimed at achieving a
particular performance. There is often some difficulty in doing this since catalogue data are
seldom adequate for a full technical exploration and sometimes the best that can be hoped
for is merely to get an idea of the room temperature that will be maintained as in Example
2.5. Conditions of humidity can rarely be forecast with assurance but fortunately this is of
secondary importance in comfort conditioning as long as the temperature is satisfactory.

Table 2.1 shows the typical performance of two similar commercial air-handling units, of
different sizes, which would be piped up to air-cooled condensing sets having the sort of
performances listed in Table 2.2. The duty of the direct-expansion cooler coil in an air-
handling unit is given in terms of evaporating temperature, and that of a condensing set in
terms of saturated suction temperature. If the actual pressure prevailing at the compressor
suction connexion were saturated, which it is not, the corresponding temperature would be
called the saturated suction temperature. In fact, it is several degrees warmer because it is
superheated by the action of the thermostatic expansion valve. It is customary to size the
suction line for a pressure drop relating to a fall of 1 K in saturated temperature and it can,
therefore, be inferred that the saturated temperature in the evaporator is 1 K higher than
the saturated suction temperature.
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Table 2.1 Typical performance of a direct-expansion air-handling unit

Evaporating temperature (°C)

Entry wet-bulb (°C) -1 +1 +3 +5 +7 +9

Unit Cooling capacities (kW)

size T § T § T § T § T § T §

1 22.0 22,6 114 20.7 10.53 18.8 9.77 16.9 9.02
19.5 20.0 12.86 18.5 122 16.5 11.28 14.5 104 12.5 9.61
17.0 18.5 14.8 16.5 13.78 14.6 12.8

2 22.0 243 1247 21.8 11.6 194 10.7
19.5 21.8 14.6 194 13.49 169 125 14.6 11.6
17.0 219 179 195 16,55 171 154 14.7 144

T = total cooling duty; S = sensible cooling duty.
No. 1: fan power = 600 W; by-pass factor = 0.18; air quantity = 700 1s™.
No. 2: fan power = 900 W; by-pass factor = 0.25; air quantity = 950 15,

In Table 2.1 it is assumed that the entering air dry-bulb temperature in all cases is 27°C.
Interpolation is allowable but extrapolation is not. Actual performances can differ consi-
derably from these figures.

If the performance of a condensing set is plotted in terms of kW of refrigeration against
saturated suction temperature plus one degree, its intersection with the evaporator curve,
plotted for kW of cooling against evaporating temperature, gives the duty achieved when
the pair of units is piped together.

For a given evaporating temperature the mean coil surface temperature (apparatus dew-
point) of the cooler coil in an air-handling unit is constant as long as the cooling load is also
constant, regardless of variations in the entering dry-bulb. If a constant entering wet-bulb
is regarded as synonymous with a constant entering enthalpy, an approximate assessment
can be made of coil performance at various entering dry-bulbs, other than that on which
the tabulated data is based.

Although the intersection of the characteristic performance curves for the evaporator and
the condensing set will give the total cooling load for a particular entering wet-bulb tempera-
ture, it will not yield the sensible and latent proportions, the slope of the process line on
the psychrometric chart and hence the state of the air leaving the cooler coil. However, this
can be calculated if the tabulated data includes the by-pass factor or the sensible component
(see Table 2.1).

EXAMPLE 2.6

Nine-hundred-and-fifty I s of air at 27°C dry-bulb, 17°C wet-bulb (sling) enters the cooler
coil of a size 2 air-handling unit having a performance as given in Table 2.1. If the unit is
piped up to a size 2 condensing set (see Table 2.2) and the air temperature onto the
condenser is 29.4°C, determine the following, assuming that the thermostatic expansion valve
is large enough to pass the correct flow rate of refrigerant:

(a) The state of the air supplied to the room by the air handling unit.
(b) The state of the air supplied if the entering air state is 23°C dry-bulb, 17°C wet-bulb,
9.618 g kg L.
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Table 2.2 Typical performance of an air-cooled condensing set

Air temperature entering the condenser (°C)

29.4 35.0

Saturated Saturated Saturated

suction Cooling condensing Compressor Cooling condensing Compressor
Unit temperature capacity temperature motor power capacify temperature motor power
size (°C) kW) (0 (kW) &W) (O (kW)
1 ~1.1 10.1 50.0 4.0 9.5 53.3 4.1

+1.7 11.2 51.7 43 10.5 55.0 4.4

+4.4 122 533 4.6 11.5 56.7 47

+7.2 134 55.0 49 125 58.3 5.0

+10.0 14.5 57.2 52 136 60.6 53
2 -1.1 138 45.6 5.1 127 50.0 53

+1.7 153 478 5.5 14.1 52.2 5.7

+4.4 16.9 50.0 59 154 54.4 6.1

+7.2 184 522 6.2 16,9 57.2 6.6

+10.0 202 53.9 6.6 184 58.9 7.0

Note. Actual performances can differ considerable from the above figures.

Answer
(2) Adding 1 K to the saturated suction temperatures given in Table 2.2 enables the cooling
capacity of the condensing set to be plotted against evaporating temperature and, using the
data from Table 2.1, the characteristic curve of the cooler coil in the air-handling unit can
be plotted on the same coordinates (Figure 2.2). At the point of intersection, P, the duty is
16 k W and the evaporating temperature is 3.9°C.

At the entering air state of 27°C dry-bulb, 17°C wet-bulb, the specific volume is
0.8607 m® kg™* and the enthalpy is 47.21 kJ kg™’. The air mass flow rate is thus 0.95/0.8607

22° Cwet bulb
entering the
‘9.50 C evaporator
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Figure 2.2 Typical performance characteristics for an air-cooled condensing set, with-air onto the
‘condenser at 29.4°C dry-bulb and an air cooler coil at various wet-bulbs (see Tables 2.1 and 2.2).
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~ 1.1038 kg s and the enthalpy drop across the cooler coil is 16/1.1038 = 14.5 kJ kg
From Table 2.1, the by-pass factor is 0.25 hence the enthalpy at the apparatus dew-point,
A, is 47.21 - 14.5/0.75 = 27.88 kJ kg™ Figure 2.3 shows the psychrometry of this. The
apparatus dew-point is 9.4°C and since the by-pass factor is 0.25, the temperature at state
W, leaving the coil, can also be calculated as 27 - 0.75(27 - 9.4) = 13.8°C. The fan power,
from Table 2.1, is 900 W and so the temperature of the air supplied to the room is 13.8 +
(0.9/0.95) X (273 + 27)/358 = 14.6°C at state S, from Equation (2.3).

The sensible component of the cooling load is [0.95 x (27 — 13.8) x 358)/(273 + 27) =
14.96 kW and the latent component is 16 — 14.96 = 1.04 kW. Since the moisture content at
state R, onto the coil, is 7.86 g kg™ the moisture content off the coil is 7.86 — (1.04/0.95) x
@273 + 27)/856 = 7.48 ¢ kg™ by Equation (2.4). The state of the air supplied to the room
is thus defined as 14.6°C dry-bulb and 7.48 g kg™

b) If the state of the air entering the cooler coil, M, is 23°C dry-bulb, 17°C wet-
bulb (sling),47.6 kJ kg™, 0.8515 m’ kg™ and the total cooling load is unchanged at 16 kW
(because the entering wet-bulb is unchanged at 17°C), then by the earlier reasoning the
mean coil surface temperature stays at 9.4°C and the evaporating temperature remains at

9°C.
? gFigure 2.3 shows this. The coil leaving state, W”, can then either be established geometri-
cally on the psychrometric chart because WW” is parallel to RM or can be calculated as
12.8°C dry-bulb and 8.066 g kg™ by the methods used in answering part (a). The supply
temperature is then 12.8 + 0.8 = 13.6°C.

Most air-handling units deal with a mixture of fresh and recirculated air. This poses a
problem in determining the performance of the sort of unit that has just been considered.
Although a match between the sensible cooling capacity of the air supplied to the
conditioned room and the sensible heat gains suffered in it can be achieved thermostatic-
ally, by proportional reheating or cycling under two-position controls, it is possible that
the latent capacity will exceed the latent gains in many cases. As a result the room wet-
bulb temperature will fall. Figure 2.2 shows that this will reduce both the total cooling
capacity and the evaporating temperature, with a risk of frosting and its disastrous

consequences.

476k kg™! 7rc

P

4721 kI kg™ 121 -
0 f1065 's
04 ™
27,88 ki kg™! 9.4129618 =
Outside  100% —— - 8f20887.060 £
winter  saturation ws /4/\ 3
design tarati 61 @
state prd saturation  4.687 g
W Ruw i 8
Compressor -
Comprassor on 24
5% ¢ 5 10 15 20 25
! ke . LS 4 A L T3 L)
“20} 05 94 128/\146 181 2223 2728
15 13.6 13.8

Dry-bulb temperature (°C}

Figure 2.3 Psychrometry for Examples 2.6-2.8.
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EXAMPLE 2.7

For the plant used in Example 2.6, determine the sensible and latent cooling capacities of
the air supplied to a room conditioned at 22°C dry-bulb, assuming that the outside state is
28°C dry-bulb, 19.5°C wet-bulb and ignoring any effect that the reduction in outside dry-
bulb has on the capacity of the condensing set. Of the air supplied, five-sixths is recirculated
and one-sixth is fresh and hence 950 1™ of air at 23°C enters the cooler coil.

Answer

Plotting O and R’ on Figure 2.3, the line OR’ passing through M (which has a
moisture content of 9.618 g kg™), the moisture content in the room can be determined as
follows:

10.65 — (10.65 — 9.618)6/5 = 9.412 g kg™

The sensible gains to the room that can be dealt with are
[0.95 x (22.0 - 13.6) x 358)/(273 + 23) = 9.65 kW

and the latent gains that may be offset are
[0.95 x (9.412 — 8.060) x 856)/(273 + 23) = 3.714 kW

These are substantial latent gains and the slope of the room ratio line would be 0.72,
whereas, in Examples 1.9 and 1.10, the sensible and latent heat gains to a single, west-facing
module in the hypothetical office block were 1.934 and 0.134 kW, respectively, yielding a
slope of 0.91 for the room ratio line. The result of using the split system will be to cause the
moisture content of the room state to fall, reducing the mixture wet-bulb onto the cooler
coil, until some sort of balance is ultimately achieved, with the room temperature controlled
at 22°C but its humidity a good deal lower than the customary 50%. When the wet-bulb onto
the cooler coil falls, the latent component in its total cooling capacity reduces, as we may
verify by Table 2.1, but it is difficult to predict the exact performance without access to full
technical information, seldom, if ever, provided in a catalogue. The risks of low entering
wet-bulbs can also arise, quite apart from the mismatch of latent capacity and load, because
of the presence of the fresh air itself in the mixture and the advent of colder, non-design
weather.

Larger air handling units would have a mixing chamber with motorised dampers that are
automatically controlled to optimise the use of the refrigeration plant. Figure 2.4 shows a
simplified arrangement of this. When the outside enthalpy, /., exceeds the enthalpy of the
air in the conditioned room, A,, the cooling load is minimised by using as little fresh air as
possible, whereas if A, is less than h,, but greater than the enthalpy of the air leaving the
cooler coil, A, the cooling load is reduced by using 100% fresh air. Finally, if the outside
air has an enthalpy less than that normally leaving the cooler coil then the dampers can be
controlied to mix fresh and recirculated air to give a temperature of 1, off the cooler coil,
without using the refrigeration plant, which can be switched off.

For the smaller sizes of air handling units, it is not uncommon to operate with fixed
proportions of fresh and recirculated air throughout the year. This saves capital cost but
involves increased running costs, as well as increasing the chance of frosting on the cooler
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Figure 2.4 Using motorised dampers allows the refrigeration plant to be switched off in winter
when #, < hy,. (a) Plant arrangement. (b) Psychrometry, ignoring any temperature rise across the
extract fan.

coil and bumning out the compressor motor. Figure 2.2 shows that the evaporating
temperature {and hence the coil surface temperature) falls as the wet-bulb onto the coil
reduces. Figure 2.3 shows that if the proportions of fresh and recirculated air are kept fixed
throughout the year the wet-bulb entering the coil becomes progressively lower as the
outside state gets colder: in winter the wet-bulb of M,, is obviously less than that of M, in
summer. When air handling plants operate in winter with a fixed minimum proportion of
fresh air it becomes necessary to establish the minimum on-coil condition, in order to take
the necessary steps to ensure that the refrigeration plant can operate safely.
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EXAMPLE 2.8

Five west-facing moduies on an intermediate floor of the hypothetical office block (see
Section 1.2) are to be grouped to form a dining room for thirteen people. If the split system
considered in Examples 2.6 and 2.7 is to be used for air conditioning the dining room, with
fixed proportions of minimum fresh and recirculated air, determine the lowest on-coil state
for the cooler coil. The temperature rise across the supply fan is 0.8 K and any temperature
rise across the extract fan is ignored in this case, for simplicity.

Answer

First, the summer design heat gains determined in Example 1.9 must be revised, to take
account of the changed occupancy, assuming an internal temperature of 22°C with a
humidity of about 50%: it can be assumed that there are no business machines in the dining
room but that the lights are unchanged.

Gains for glass, wall and infiltration: 5 x 105 = 525'W
Solar gain: 5 x 576 = 2880 W
Lights: 5§ x 245 = 1225
Revised population: 13 X 100 (see Table 1.3) = 1330 W
Total revised sensible pgain: 5930 W
Infiltration: 5 x 0.8 x 0.5 x 37.44 (10.65 -~ 8.366): 170w
People: 13 x 60 (see Table 1.3): 780 W
Total revised latent gains: 950 W

The minimum condition will occur when the cooling capacity of the supply air, after allowing
for the temperature rise from fan power, in winter or autumn, equals the reduced sensible
heat gain at that time, without refrigeration. Multiple calculations may be needed but,
anticipating that the heat balance will occur in an afternoon in, say, February, the reduced
outside air temperature (denoted by 1) and the changed solar gain through glass can be
considered and the corresponding heat gains established.

The transmission gain through a single module of the building fabric was calculated as
105 W for an outside-to-inside temperature difference of 6 K. Assuming a room temperature
of 22°C the revised transmission gain through five modules of the building fabric is 5 x
(105/6) x (to — 22) = 87.5 X (t, — 22) = 87.5¢t, — 1925 W,

Referring to Table AS, it is seen that in February the peak solar gains through glass are
188 W m?, at 14.00 h sun time. A generalised sensible heat gain can now be established,
in terms of 4,, for an afternoon in February.

Transmission: 87.5t, ~ 1925
Solar: 0.74 x 0.91 x 188 x3.168 x 5 = 2005
Lights: 5 x 245 = 1225
People: 1300
Total sensible gain in a February afternoon: 2605 + 87.5t, W

Since the temperature rise across the supply fan is 0.8 X the temperature of the air supplied
by the air handling unit will be ¢, = 1, + 0.8, just after the refrigeration plant is switched off.
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without refrigeration, the sensible cooling capacity in kW of the air supplied is [0.95 x (22
1, —0.8) x 358)/(273 + 1), according to Equation (2.3). The value of ¢ in the Charles’ law correc-
tion bracket does not materially affect the answer but complicates the arithmetic. Hence a
value of, say, 17°C can be assumed for ¢, without significant loss of accuracy. The natural cooling
capacity of the air handling unit, with the refrigeration plant off, can then be expressed by

[0.95 X (22 ~ t — 0.8) X 358]/(273 + 17) = 24.86 ~ 1.173¢,,

Noting that five-sixths of the air handled is recirculated and only one-sixth is from outside,
tn = (5/6) X 22 + 1,/6. Substituting this for £y in the above equation the natural cooling
capacity of the air handling unit, in kW, is expressed by 3.36 - 0.2¢,,

A heat balance is now struck between the revised sensible heat gain and the natural
cooling capacity of the air handling unit: 2.605 + 0.875 1, = 3.36 — 0.2¢,, whence ¢, = 0.7°C.
If the fixed proportion of fresh air had been greater the balance temperature would have
been higher.

The refrigeration plant might be controlled by an outside air thermostat with a differential
of +1 K. The refrigeration plant would then run until the outside ternperature fell to ~1.3°C,
when it would be switched off. The dry-bulb temperature onto the cooler coil, immediately
prior to this, would be (22 x 5/6) + (—1.3/6) = 18.1°C. When the outside temperature rose to
+0.7°C the plant would be switched on again. The temperature of the air onto the cooler coil
would then be (22 x 5/6) + (0.7/6) = 18.4°C. There is a risk here that the refrigeration com-
pressor could be switched on and off too frequently and its motor windings burnt out. This
risk must be dealt with and a timer delay introduced if necessary. The maximum nuraber of
starts allowable for hermetic and semi-hermetic reciprocating compressors is 4—6 per hour.

To continue the analysis, the dry-bulb temperature of —1.3°C must be coupled with a
moisture content in order to determine the natural latent cooling capacity of the air handling
unit, with the refrigeration plant off. One could argue that an outside air temperature of
~1.3°C would occur during stable, cold weather when a winter design state of, say, -2°C
saturated had prevalled for some time. CIBSE psychrometric tables show that the outside
moisture content is 3.205 g kg ™.

An accurate estimate of the latent heat loss due to the infiltration of drier air from outside
into the building is not possible, so it is ignored in this case. Consequently, the latent gain
is due to people only, namely, 0.780 kW.

Since five-sixths of the air is recirculated and one-sixth is from outside, the moisture content
of the air supplied is (5g/6 + 3.205/6) = 0.833g, + 0.534 g kg™’ This can be used with
Equation (2.4) to give the natural latent cooling capacity of the air handling unit and then
equated to the latent gain, to yield the balance value of the moisture content in the room:

[0.95 x (g, — 0.833g — 0.534) x 856]/(273 + 17) = 0.780

whence g, = 4.862 g kg™, Reference to CIBSE psychrometric tables (or a chart) shows that
with a room dry-bulb of 22°C and this moisture content, the humidity is about 29% and the
wet-bulb is 12.4°C (sling).

Just before the refrigeration plant is switched off the moisture content onto the air cooler
coil is (5 x 4.862/6 + 3.205/6) = 4.586 g kg™’. With 18.1°C dry~bulb onto the coil and this
moisture content the wet-bulb is about 10.3°C. This is the minimum state onto the cooler
coil, when the refrigeration plant is running. Reference to Figure 2.2 shows that the
evaporating temperature will be less than ~1°C.
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The 14.5°C wet-bulb line in Figure 2.2 gives an indication of the theoretical evaporator
performance for the much lower entering wet-bulb temperature of 10.3°C. It implies that
the evaporating temperature is less than —-1°C and that there will, therefore, be a distinct
risk of frosting and its consequences. It is strongly recommended that evaporator pressure
control be provided and the best way of doing this is by hot-gas injection into the evaporator,

A plant of this type and size would probably cycie under two-position control from a
thermostat in the recirculated airstream, the single compressor in the condensing set being
switched on and off. Larger units might have several compressors, offering step control over
room temperature, but eventuaally the last compressor running will face fow load problems.

The balance between an evaporator and a condensing unit will not be achieved at the
steady-state level desired unless the thermostatic expansion valve passes the correct mass
flow rate of refrigerant. The flow rate through the valve is a function of the pressure drop
. across it and, when calculating this, allowances must also be made for pipe friction loss, the

change of position head in the liquid line before the valve, and the substantial pressure loss
through the distributor and the tubes from it that feed the evaporator circuits. Since
expansion valves are made in commercial size increments, an exact balance at the desired
duty will not, in general, be obtained. If the valve is slightly oversized it will partly close,
reducing the flow rate of refrigerant and raising the liquid level in the condenser. Since only
the part of the condenser surface above the liquid line is effective in the condensation
process, the condensing pressure will rise until it reaches a value that is consistent with the
flow rate through the valve, the load on the evaporator and the capacity of the compressor.
If the valve is undersized, stability would be reached at a higher condensing pressure than
anticipated and less than the design duty would be achieved.

The fluid that is thermodynamically desirable in the system is the refrigerant but oil must
also be present for the proper mechanical working of the compressor. The need to minimise
the compression ratio, and the power absorbed, plus the necessity of ensuring oil return to
the compressor, are the two restraints that limit the lengths of refrigerant pipe runs and the
vertical distances between the items of plant. It follows that the location of the condensing
set in relation to the air-handling unit is critical, and condensers, evaporators and compre-
ssors should normally be as close to each other as possible for the proper running of the
system. However, the use of electronic expansion values and microprocessors has introduced
some revision to this. See the section entitled Cassette Units and VRV Systems.

When a dry expansion refrigeration plant under thermostatic control is switched off, the
thermostatic expansion valve is left open and the evaporator is filled with liquid, some of
which may flow along the suction line. Slugs of liquid can then enter the compressor and
damage it when it next starts. To prevent this happening, a pump-down control system must
be adopted. Under this mode of operation a solenoid valve, located in the liquid line
immediately before the expansion valve, is closed when the controlling thermostat is satisfied
but the compressor is not switched off. Instead, it continues to run, pumping refrigerant
vapour from the evaporator and so boiling off all the liquid within it, until the suction
pressure has fallen to a pre-set, low value at which a pressure sensor switches off the
compressor. During the period that follows, leakage past the expansion valve and back-
leakage through the compressor can cause the suction pressure to rise. If the compressor
were started again when the upper end of the differential of the Jow pressure cut-out was
reached, there would be a risk of short-cycling, which means the compressor pumping-down
repeatedly at intervals of time dependent on the leakage rate. A non-cycling relay is
therefore included in the control circuit to prevent this. As a consequence, the compressor
cannot restart after pumping-down unless both the low pressure cut-out and the controlling
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thermostat require it and, of course, the necessary high pressure cut-out and oil pressure
safety switch permit it.

The refrigerant pumped out of the evaporator is delivered to the condenser or the liquid
receiver and stored as a liquid until needed. Although a shell-and-tube, water-cooled
condenser usually has enough space in its shell to store the quantity of liquid involved, many
others, for example air-cooled, have not. A liquid receiver is then essential and it must be
big enough to contain all the refrigerant from the rest of the system. It is strongly
recommended that direct-expansion air-conditioning systems include pump-down control,
particularly if the compressor is likely not to be running for any length of time. These
considerations apply equally to air-conditioning units of size larger than exemplified here.
Pump down must never be used with water chillers.

With many compressors the crankcase contains a mixture of oil and refrigerant. In such
instances, since the crankcase is under suction pressure, foaming may occur when first
starting up after a shut-down or when a large fall in the refrigeration load causes a drop in
suction pressure. Refrigerant in solution in the oil during the shut-down period suddenly
reverts to the gaseous phase in the form of myriads of small bubbles throughout the body
of the oil, forming a substantial quantity of foam that lacks the lubricating properties of oil
and may cause damage to the bearings and cylinders, This is highly undesirable and is to
be prevented by including an electrical crankcase heater, wired to be energised whenever
the compressor is off. The oil in the crankcase is then generally free of dissolved refrigerant,
since it has been evaporated away during the shut-down period. Crankecase heaters may be
fitted within the crankcases of open or semihermetic machines but in the case of hermetic
compressors they are wrapped around the outside of the crankcase.

Condenser pressure should be controlied to stabilise the performance of the system under
conditions of low ambient air temperature. The two preferred methods are liquid level back-
up in the condenser and, as a second best, variable condenser fan speed under solid-state

control.

CASSETTE UNITS AND VRV SYSTEMS

So-called cassetie units are ceiling-mounted room units connected to a remote air-cooled
condensing set. They can work as air conditioning units or as heat pumps and offer the
advantage that no floor space is occupied. The cooler coil cannot lie flat, in a plane parallel
to the ceiling, because of the obvious problems this would present for condensate drainage.
Instead, the usit fan is an open, uncased, forward-curved centrifugal impeller, with the
cooler coil wrapped around its periphery (see Figure 2.5). Air is drawn from the room into
the centre of the unit and blown outwards from the impeller, over the cooler coil and thence
across the ceiling in four directions. Condensate flows down the fins of the coil and is
removed by a small, plastic, condensate drainage pump having a submerged suction branch
located in the drain tray under the coil. Up to 6 m of condensate lift can be provided. About
300 mm of ceiling void depth is needed to accommodate the units, with an additional
projection beneath the ceiling into the room of as little as 40 mm. Alternative arrangements,
with conventional condensate disposal by gravity, are also in use. '

Indoor units with total cooling capacities in the approximate range of 4-20 kW are
available. As many as 16 room units can be connected to a single, outdoor, air-cooled
condensing unit and this is possible by adopting a variable refrigerant volume (VRV)
system. The cooling capacity of each indoor unit is regulated by a motorised, electronic
expansion valve which exercises proportional plus integral control over room air temperature.
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Figure 2.5 Simplified diagram of the cooler-coil arrangement for one type of cassette unit.

Temperatures, pressures and flow rates of refrigerant are measured throughout the system,
and at the room units, and the information is transmitted to a microprocessor at the outdoor
condensing unit. This then regulates the speed of the compressor, through an inverter, to
match the capacity of the condensing set to the total load on the system. With a 50 Hz supply,
the frequency fed to the compressor motor can normally be varied from 30 to 90 Hz with
the possibility of 115 Hz for boost performance in the heat pumping mode.

It is claimed that total pipe lengths up to 80 m, of which not more than 40 m may be
vertical, are possible between the indoor units and outdoor condensing set. The sizes of the
copper refrigerant pipes (liquid line and suction line) are not very large and are significantly
smaller than corresponding chilled water pipes. Pipe sizing must be carefully done to achieve
good performance from the system and care must be taken to ensure that the oil is returned
to the compressor, where it is needed. One manufacturer uses variable speed scroll
compressors but reciprocating machines are also adopted.

WATER-COOLED AIR-CONDITIONING UNITS

When water-cooled units are fed from a cooling tower their capacities are related to outside
wet-bulb rather than dry-bulb temperature, so condensing pressures are lower than with air-
cooled units. The consequent reduction in compression ratio reduces their power require-
ments and, since they are working against a lower head pressure, they are likely to be quieter.
Water-cooled units are available as single air-conditioning packages up to about 230 kW of
refrigeration. Their catalogue ratings take into account the balance between evaporators
and condensing sets and capacities are expressed in terms of condensing temperature, cool-
ing water flow rate and entering temperature. Published ratings are sometimes in error and
it is not always wise to adopt the lowest cooling water flow rate listed, even if the associated,
necessary, low water temperature is available. A major advantage of such units over their
air-cooled counterparts is a freedom in the choice of location, since a cooling tower can be
on the roof and water pumped from it to units throughout the whole of the building. The
condensers in the units are generally coiled-tube-in-shell, rather than shell-and-tube as used
in the larger and better quality units, necessitating chemical cleaning when they become
fouled with use. It is much better to ensure clean water for the condensers by interposing
a plate heat exchanger in the cooling water circuit between the tower and the condensers,
if it can be afforded, even at the cost of raising the condensing temperature by a few degrees.

A further significant advantage is that the onset of warmer weather has less impact on
the capacity of a water-cooled unit than on an air-cooled one because the wet-bulb

R
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Table 2.3 Typical performance of a commercial, single-package, water-cooled air-conditioning unit,
for an airflow rate of 9501 s entering the unit and a by-pass factor of 0.22

41°C condensing 43°C condensing

Entering state

Dry- Wet- Total Sensible  Compressor Total Sensible  Compressor
buib bulb cooling  cooling motor power cooling  cooling motor power

(0 O GW) GW) (kW) &W) (W) (kW)

28 20 18.0 13.6 5.40 17.7 134 5.70
19 174 14.5 5.33 17.0 14.2 5.63
18 16.8 15.4 527 163 15.0 557
17 16.2 162 520 15.7 157 5.50

22 18 -16.8 8.4 5.27 163 9.7 5.57
17 16.2 9.3 5.20 15.7 10.7 5.50
16 15.5 11.8 5.13 15.2 116 5.43

temperature changes more slowly than the dry-bulb. For example, an increase of one degree
in the dry-bulb at the design state to 29°C, at constant moisture content, causes a rise of
only 0.4°C in the sling wet-bulb.

Table 2.3 shows abbreviated details of performance for a commercial, water-cooled, air-
conditioning unit, which must be interpreted in conjunction with the requirements for
cooling water listed in Table 2.4. Most catalogues also quote performances for air quantities
that are roughly 25% above and below the nominal air quantity in Table 2.3.

Unfortunately, as with published data for air-cooled units, tabulated errors and
inconsistencies are not uncommon. Interpolation within tables is generally permissible but
extrapolation is decidedly risky and this is particularly so with low entering wet-bulbs when
most of the cooling is sensible. When a cooler coil does only sensible cooling, because the
mean coil surface temperature must be above the dew-point of the air flowing over the coil
the apparatus dew-point does not lie on the saturation curve and the usual geometrical
method of deternmining the by-pass factor cannot be used. There is often also doubt as to
whether the air quantities quoted are referring to the state entering or leaving the unit. Since
there is something like 5% difference in the air densities at these two states a corresponding,
miniomum inaccuracy is immediately set for the tabulated data.

_ Selecting a unit depends upon the choice of a temperature for the cooling water fed to
the condenser in the unit and the source of this water is usually a cooling tower.

Table 2.4 Condenser cooling water requirements

Condensing Water flow rates in 1 57 for various entering
temperature water temperatures in °C
O 150 175 200 225 250 275 300

41 027 030 035 041 049 061 084
43 024 026 029 033 039 048 076
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EXAMPLE 2.9

Determine the total and sensible cooling duties and the necessary cooling water flow rates
of a water-cooled, air-conditioning unit with a performance as listed in Tables 2.3 and 2.4.
Assume an ambient wet-bulb of 19.5°C sling outside and a state of 23°C dry-bulb, 17°C wet-
bulb sling entering the unit. Take a condensing temperature of 41°C.

Answer

By interpolation, Table 2.3 shows that when condensing at 41°C the total cooling duty is
16.2 kW for the entry condition given and the sensible duty is 10.4 kW. The compressor
motor power is 5.2 kW and so the heat rejected at the condenser will be 21.4 kW, A practical
cooling tower can cool water to within 5-8°C of the ambient wet-bulb and it can, therefore,
be assumed that a water temperature of 27.5°C is attainable. To condense at 41°C and give
the listed duties 2 water flow rate of 0.611s™ is needed (Table 2.4) and it can be calculated
that this will rise to 27.5 + [21.4/(0.61 x 4.187)] = 35.9°C. This cooling range of 8.4 K is
possible for a cooling tower.

It is generally unwise, because of lack of confidence in the accuracy of all tabulated data,
to adopt the extreme values of performances. It is much better to choose plant items to
operate in the middle of their listed duties. This is also true of cooling water flow rates where
it is sometimes risky to select the lowest quoted flow rate, even if the associated low
temperature is available. It is generally a good policy to try and verify the psychrometric
performance of the equipment chosen because in doing so any inconsistencies in the
tabulated information will become apparent.

EXAMFPLE 2.10

Examine the psychrometric performance of the water-cooled unit considered in Example
2.9 and determine the sensible and latent heat gains that could be dealt with if the
conditioned space were maintained at 22°C dry-bulb and 50% saturation.

Answer

Thc state of the air entering the unit is 23°C dry-bulb, 17°C wet-bulb, 9.618 g lcg‘I 0.8515
m°® kg™), but if it is accepted that the unit handles a constant quantity of 0.95 m” s~ of air at
this state then the fan blows through the cooler coil. The mass flow rate of air is thus 0.95/
0.8515 = 1.116 kg s, The cataloguc will quote fan power, probably with the assumptions of
a clean filter and a wet coil. If it is assumed here that the fan power is 600 W, the temperature
rise across the fan can now be calculated by Equation (2.3) as [(0.6/0.95) x (273 + 23))
358 = 0.5 K. Thus, the state entering the cooler coil is 23.5°C dry-bulb, 9.618 gkg™* and 48.11
kI kg™ The enthalpy leaving the coil is, therefore, 48.11 ~ (16.2/1.116) = 33.59 kJ kg™ and,

as the by-pass factor is 0 22, the enthalpy at the apparatus dew-point is 48.11 - [16.2/(1.116
x 0.78)] = 29.50 kJ kg™ . These states can be identified on a psychmmetnc chart and it can
be seen that the state leaving the coil is 13°C dry-bulb, 8.116 g kg ™. In the absence of supply
air ducting outside the conditioned space, this is also the supply state. Consequently

Sensible gain absorbed in the room = [0.95 x (22 ~ 13) x 358}/(273 + 23) = 1034 kW

Latent gain absorbed in the room = [0.95 x (8.366 — 8.116) x 856}/(273 + 23)
= [.687 kW
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This unit would be able to cope with the sensible heat gains of 5.93 kW calculated and
used in Example 2.8 for an air-cooled unit but, because the latent cooling capacity is less
than the figure of 0.95 kW calculated in the same example, the humidity in the room would
be higher than the value of 50% assumed. A precise solution is not readily obtained but the
indications are that the unit capacity would balance the room load at a comfortable condition
of 22°C dry-bulb and less than 60% saturation, in the process of which the state of the air
entering the cooler coil would be a little different from that used in Example 2.9.

WATER LOOP AIR CONDITIONING/HEAT PUMP UNITS

These units are basically water-cooled, room air-conditioning units with a manually or
thermostatically selected heat pump facility. Water is circulated in a two-pipe system and
units either reject heat into the room from their condensers when they are cooling or absorb
heat from it when heating. Since units in different parts of a building may, in a temperate
climate, be both heating and cooling simultaneously, energy is conserved by transference
through the water loop. Most of the time there will be a net imbalance of energy, and
surpluses and deficits of heat in the water system must be corrected by a cooling tower and
a boiler. Because such units are sensitive to variations in water flow, it is absolutely essential
that plate heat exchangers be incorporated to separate the dirty water circuits through the
cooling tower, particularly, and the boiler, from the necessary clean water circuit through
the units. A closed cooling tower could be used directly, instead of an open tower and a
plate heat exchanger, but closed towers are invariably bulky, heavy and expensive. Further,
their water circuit usually needs a glycol additive for winter-frost protection and this imposes
penalties on heat transfer.

The fans in the units may be run at high, low or medium speed with typical airflow rates
of 120-250 1 5™, depending on the fan speed. For the case of medium fan speed and air
entering the units at 22°C, nominal total cooling capacities are in the range 1.4—4.2 kW,
sensible heat ratios are 0.94-0.81 and electrical power consumptions are 0.59-1.63 kW,
implying cooling coefficients of performance of 2.4-2.6. The units are quite suitable for
dealing with the sensible gains in the peripheral areas of buildings to a depth of 6 m inward
from the windows.

Heating capacities for an entering air temperature of 19°C and a medium fan speed are
2.33-6.03 kW with respective electrical power consumptions of 0.53-1.68 kW, implying
heating coefficients of performance of 4.4-3.6. Thus, when heat pumping from the warm
side of the building to the cool side, about one-quarter to one-third of the heating is from
an electrical source, by virtue of the power consumed by the unit compressors.

Fresh air should be provided by an auxiliary, central ventilation system handling filtered,
tempered air but, since one advantage of using terminal units of this type is that plant space
is cut to a minimum, fresh air is commonly admitted through a hole in the wall behind the
unit. Although having a central ventilation system is better because air distribution and
filtration are superior, as much as 22% of the supply air quantity can be introduced through
the unit locally.

Most units are available as floor or wall-mounted options or for installation at high-level
above suspended ceilings. Some terminals are designed for use with auxiliary, local duct
systems, fitted with acoustic lininigs or attenuators. Selection procedures are likely to be
similar to those for water-cooled air-conditioning units for summer operation. In winter,
on the other hand, allowance must be made for the work done by the refrigeration
compressor when assessing the boiler power. The critical feature of their performance is
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the water flow rate: for some units this can be as low as 0.06 1s™ at 27°C but for others twice
this quantity is needed. During commissioning it is essential that the correct water flow rate
be achieved and demonstrating this may be difficult; it is of little use to measure the water
temperature rise because this is dependent on the cooling load which in turn depends on
many things and may be even more difficult to determine. It is better to use reliable water
regulation devices, possibly to aim at having about 10% more than the nominal water
quantity at each unit, regulation downward then being practical. Flushing through the piping
system, with the terminals out of the circuit, is vital before they are connected.

It is feasible, sometimes, to use much of the distribution piping in a two-pipe LTHW
heating system, after checking that its condition and size is adequate in all respects,
if the building served is to be upgraded from heated to air-conditioned, by replacement of
the radiators with water loop terminal units and by the addition of a cooling tower, plate
heat exchangers, a condensate drainage system in plastic or copper from the units, pumps,
automatic controls, switchgear and, possibly, an auxiliary ventilation system. It is good
practice to introduce random start relays so that large numbers of unit cannot come on
together. Controls should include a minimum flow water temperature cut-out, with a
probable set-point of about 15°C. Units themselves are generally controlled by cycling the
compressor on-off from a return air or room thermostat, the supply fan running
continuously.

Figure 2.6 is a schematic diagram of the piping arrangement for a water loop system of
air conditioning/heat pump units. If plate heat exchangers were not used, the units would
operate in the cooling mode with 27°C flow and 32°C return water temperatures from the
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Figure 2.6 Schematic piping diagram for a system of water loop air conditioning/heat pump units.

3.




Constant volume re-heat and sequence heat systems 53

cooling tower. In the heat pumping mode they would use flow and return temperatures of
24 and 19°C. Since dirty water cannot be allowed for the units, plate heat exchangers must
be used and these operating temperatures become 28 and 33°C for cooling with 23 and 18°C
for heat pumping. R1a is a motorised, modulating, butterfly valve with a pressure drop when
fuily open equal to the static lift for the cooling tower and R1b is a three-port mixing valve
with an authority of between 0.3 and 0.5 when fully open. C1 is an immersed temperature
sensor that regulates R1a and R1b in sequence.

2.4 Constant volume re-heat and sequence heat systems

The constant volume re-heat system is the basic system of air conditioning and nearly all
other systems are a variation. Figure 2.7 illustrates the plant and psychrometry. Air at state
. R is extracted from the conditioned room and rises in temperature to state R’ because of
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Figure 2.7 Constant volume re-heat system. The cooler coil operates at fairly constant load and cools

to state W. As the sensible heat gains in the room reduce, the re-heater increases the supply air

temperature to reduce its cooling capacity. Multiple re-heaters may be used for independent
temperature control in muitiple rooms. (a) Plant. (b) Psychrometry.
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extract fan power and any other heat gain to the return air system. This air mixes with fresh
air at state O, forming state M, and is cooled and dehumidified to state W by the cooler coil,
Under design conditions the terperature of the air rises by one or two degrees because of
the supply fan power and is delivered to the conditioned room at state . No re-heating
occurs. When the sensible heat gain in the room reduces, the same airflow rate is delivered
but the supply temperature is increased by re-heating, in order to balance the cooling
capacity of the air with the reduced sensible heat gain. The system is simple but wasteful in
both capital and running cost. No advantage can be taken of diversity in the components
of the sensible heat gain: as the sensible gain reduces the cooling capacity of the supply air
is reduced by re-heat. The refrigeration plant continues to run at virtually a constant duty,
unwanted cooling being cancelled by wasteful re-heating. Since the benefits of diversity
cannot be allowed the refrigeration plant is oversized. Similarly, the running costs are high.
The advantages of the system are simplicity and a close control over room temperature. The
latter is unnecessary for most commercial applications but offers a required solution for
temperature control with industrial conditioning. In this case, if dry steam injection is
provided, preferably as close as possible to the air supply terminal for the room, good control
over room humidity can also be obtained. Multiple re-heaters can be used in order to give
individual temperature control in multiple rooms.

In commercial applications, the objection that no advantage is taken of diversification in
the sensible heat gains can be dealt with by arranging for cooling and heating to be in
sequence. Figure 2.8 illustrates this. When recirculated air is handled, as is usual, illustrating
the psychrometry is complicated and hence, to simplify the picture, it is assumed here that
100% fresh air is handled. The cooling capacity of the cooler coil is controlled in sequence
with the heating capacity of the heater battery. As the room temperature tends to rise on
fall in the sensible heat gains, sensor C1 reduces the cooling capacity by opening the by-
pass port of the motorised three-port valve Rla. Eventually no chilled water is flowing
through the cooler coil and, subsequently, the re-heater valve, R1b, is progressively opened,
as heat gains turn into heat losses. When the cooler coil valve, R1a, is moved towards the
open by-pass position the state of the air leaving the cooler coil slides up the dashed line in
Figure 2.8(b) from W to W. This gives a warmer supply air temperature, i, but the heat
and mass transfer characteristics of a cooler coil are such that the moisture content of W
is greater than that of W. It is clear that this will result in the room air moisture content
also rising, the room state moving from R to R". From a comfort point of view this is not
very significant and for commercial applications it is customary to tolerate this rise in
humidity up to 60% or thereabouts. A high limit humidistat, C2b, then interrupts the control
sequence and allows the cooler coil to respond to the humidistat and bring the humidity
down to about 50%. Meanwhile, the system operates as a re-heat system until the high
humidity is corrected, whence it reverts to sequence control.

Using multiple re-heaters with sequence control poses difficulties. It is certainly possible
to have two re-heaters: the heater that requires the more cooling operates in sequence
with the cooler coil, responding to the thermostat in the room sensing the higher tempera-
ture. The heater for the other room then works as a re-heater, out of the sequence. It is
evident that the larger the number of rooms treated in this way the less the advantage
of having sequence control. The only reduction in the refrigeration load throughout the
year is that resulting from a fall in the outside enthalpy, as the weather changes, which will
reduce the fresh air load. Thus the system is wasteful in its use of energy. It is best used for
industrial applications or for small-commercial duties, where the waste of energy may be

insignificant.
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the heater battery in sequence with the cooler coil, through R1a and R1b. C2b is a high limit humidistat

that interrupts the sequence upon rise in room humidity. The plant would normally use recirculated

air but the psychrometry is then complicated. For ease of illustration, the psychrometry shows the
operation when 100% fresh air is used. (a) Plant. (b) Psychrometry.

EXAMPLE 2.11

Determine the refrigeration load for the hypothetical office block (Figure 1.1), assuming it
is air conditioned by a constant volume re-heat system. Make use of the appropriate data
for Examples 1.8-1.11, as necessary. Use CIBSE solar gains from the tables in the Appendix.
In order to accommodate the ducting of an all-air system in the building it might be necessary
to distribute the supply air at medium velocity and a reasonable assumption for the fan total
pressure of the supply fan is 1.5 kPa, with the driving motor in the airstream. Hence the
temperature rise for supply fan power is 1.2 X 1.5 = 1.8 K according to Jones (1994). Allow
1.7 K for the supply duct heat gain.

Extract systems are much simpler than supply systems and less extensive, hence low
velocity air distribution is the norm and the fan total pressure is likely to be no more than
200 Pa, with the fan outside the airstream, giving a temperature rise of 0.2 K. Take the fresh
air allowance as 1.4 1 s, referred to the treated floor area of 13996.8 m?.
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Answer
Referring to Example 1.11 and using the same design data the refrigeration load for the

building when conditioned by a constant volume re-heat system can be determined,
remembering that the diversity factor for people, lights and business machines is unity.

Sensible heat gains: watts
Total sensible gain through the envelope: 535 183
People: [(86.4 x 13.5 x 12)/9] x 90: 139 968
Lights: (86.4 x 13.5 x 12} x 17: 237946
Machines: (86.4 % 13.5 x 12) x 20: 279 936
Total sensible heat gain: 1193033
Latent heat gains: watts
Infiltration: (0.8 x 0.5 x 36392)(10.85 — 8.366): 33248
People: 1555 x 50: 77750
Total latent gain: 110 998

A reasonable off-coil temperature is probably 12°C dry-bulb. We must add an allowance of
1.8 K for supply fallen power and a further 1.7 K for duct heat gain to this in order to give
a practical supply air temperature. Hence the supply air temperature is 15.5°C, dry-bulb.
Using Equation (2.3) the necessary supply air quantity is calculated
Viss = [1193.033/(22 - 15.1)] x [(273 + 15.5)/358] = 147.9 m® s~
Using Equation (2.4) the supply air moisture content is established
g = 8.366 — (110.988/147.9) x [(273 + 15.5)/856] = 8.113 g kg™
The practicality of this must be checked on a psychrometric chart.

Noting that the minimum fresh air allowance is 1.4 x 13 996.8/1000 = 19.6 m° 5™}, which
is 13.25% of the supply air quantity the mixture state, M, onto the cooler coil is determined

tm = (0.1325 x 28) + (0.8675 x 22) = 22.80°C
gm = (0.1325 x 10.65) + (0.8675 x 8.366) = 8.669 g kg™

The return air state, R’, has a temperature of 22.2°C and a moisture content of 8.366 g kg™
and its enthalpy is then conveniently calculated by means of Equation (1.14):

hy = [(1.007 x 22.2) — 0.026] + 0.008366{(2501 + 1.84) x 22.2] = 43.59 kJ kg™
Hence
By = 0.1325 x 55.36 + 0.8675 x 43.59 = 45.15 kI kg!

The off-coil state is 12°C dry-bulb, 8.113 g kg™,
A psychrometric chart, tables, or Equation (1.14) give the enthalpy as 32.53 kJ kg™
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Reference to tables or a chart shows that the specific volume is 0.8279 m® kg™ at the supply

state.
Figure 2.9 illustrates the psychrometry and shows that the contact factor for the cooler

coil is 0.9 which is a practical value and implies six rows of tubes. The design cooling load
is then calculated:

Design cooling load = (147.9/0.8279)(45.15 - 32.53) = 2254 kW

A check on this load is as follows:

kW
Sensible heat gain: 1193
Latent heat gain: 111
Supply fan power and duct gain 147.9 x 3.5 x 358/(273 + 15.5): 642
Extract fan power 0.8675 x 147.9 x 0.2 x 358/(273 + 15.5): 32
Fresh air Joad (0.1325 x 147.9/0.8279)(55.36 — 43.59): 279

2257

This is to be compared with the total refrigeration load calculated in Example 1.11, which
was 1607 kW when a fan coil system was used and only 71% of the design cooling load of
the above constant volume re-heat system.

Constant volume re-heat systems should never be used for applications of this size.
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Figure 2.9 Psychrometry for Example 2.11.
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2.5 Roof-top units

Although almost any weatherproofed, air-handling or air-conditioning unit can be located
on a roof, the term ‘roof-top unit’ tends, by comimon usage, to have a special meaning, It is
generally understood to denote a self-contained, air-conditioning unit that comprises mixing
box, filter, direct-expansion cooler coil, air-cooled condensing unit, direct-fired air heater
battery (gas or oil) and supply fan with motor, drive and switchgear. The unit is weather-
proofed, prewired and factory tested. It only requires electrical connexions and a gas or oil
feed, after erection on the roof, to operate. Condensate from the cooler coil runs to waste
on the roof, preferably in a gully.

. Such units are available in a range of capacities from 5 to 100 kW of refrigeration and
from 17 to 150 kW of heating. The filters provided as standard are generally washable
polvurethane foam or oil-impregnated glass fibre, but electrical filters can also be obtained.
Although end connexions for ductwork are possible the standard and most convenient
arrangement is to have supply and extract spigots on the underside of the unit to connect
with ductwork running beneath the roof.

Anti-vibration mountings for the moving parts are generally built into the unit, as is also
thermal/acoustic lining, but before locating a unit it is always wise to establish that the mass,
span and stiffness of the roof is adequate for the prevention of a noise and vibration problem
in the occupied space below (see Sections 7.12 and 7.25).

The advantages of roof-top units are that they are simple and cheap, no boiler plant is
needed, duct distribution systems can be reduced to a minimum, multiple units can be used
to provide multiple zone control and they are ideal for single-storey commercial buildings
in a highly competitive application, such as a shopping centre development. One of their
limitations is that the degree of control offered is simple, just on/off cooling, in sequence
with one- or two-step heating, but this is not necessarily a disadvantage for the correct
application. Fwo-speed fans are sometimes available, permitting operational economy in
winter when the refrigeration plant is off. It is also possible to include an assembly of
variable-position, automatic, motorised dampers that offer varying proportions of fresh and
recirculated air and allow the refrigeration plant to be switched off when the outside air is
cool enough. Some manufacturers will not let their units be operated with 100% fresh air
in winter because, in cold weather, flue gases condense on the primary surfaces of the direct-
fired heater battery, with a consequent risk of corrosion. Other units, designed specifically
for the American market, have burners that are not easily set up to meet the UK need to
establish a flame within three seconds of ignition.

2.6 Variable air volume systems
HISTORY AND DEVELOPMENT

Since the aim is to match sensible cooling capacity to varying sensible heat gain or loss, most
commercial air conditioning systems run at partial load for the majority of their
operational lives. The requirement in modern office blocks is for an air conditioning
system that provides thermostatic control on a modular basis and in a way that gives
flexibility in partition re-arrangement: future tenants must be able to move partitions to suit
their needs, without compromising control over temperature in an office, no matter how
many building modules it occupies. Hence system development has been to develop terminal
units that can offer the individual thermostatic control required. Constant volume re-heat
systems provide terminal units that vary the supply air temperature in response to changes
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in the sensible heat gain or loss but the system is intrinsically wasteful in both refrigeration
power and thermal energy (see Section 2.4). An alternative is to keep the supply air
temperature constant and to reduce the mass flow rate of air supplied as the sensible heat
gains diminish, in accordance with the thermal balance implied by Equation (2.3). In this
way it would appear that energy need not be wasted by cancelling unwanted cooling with
re-heat.

There is a further advantage implied by the definition of fan power:

Wi = Pgn/n @7

where W is the fan power (W or kW), pye is the fan total pressure (Pa or kPa), v, is
the volumetric airflow rate (15! or m® ') and 7 is the fan total efficiency, as a fraction.

Equation (2.7) suggests that if the average supply airflow rate is, say, half the summer
design rate, and if total pressure loss in the system is proportional to the airflow rate squared,
then the annual averaged fan power will be one-eighth of the design fan power, with obvious
savings in electrical energy consumption. The reality is not as good as this because the fan
total pressure cannot be reduced as much as suggested and there is a limitation on the
minimum airflow achievable, set by the air distribution system, but savings in fan power are
possible in properly designed and operated systems.

Early designs for office blocks used two-pipe, perimeter-induction systems for the
peripheral strip of floor area, with a width of 4.5-6.0 m inward from the window (see Section
2.10), Deeper arcas, and any core, were treated by a separate, constant volume, re-heat
system, usually with two re-heaters per floor, to suit the letting arrangements. With the
development of the variable air volume system (VAV) the re-heat system for the core was
replaced by the VAV system This was soon modified: the perimeter-induction system was
dropped and the VAV installation extended to deal with the whole floor. The VAV system
has no intrinsic ability to provide heating and this introduced certain winter heating problems
but these have since been largely solved.

ROOM AIR DISTRIBUTION

Conventional systems for the supply of constant volumes of air at about 13°C in rooms with
ceiling heights that range from 2.6 m up to about 3.5 m are well established and are dealt
with in detail in Chapter S. The supply of variable volumes of air to a room is also discussed
in detail in Section 5.16. The essence of the difference between constant and variable air
supply is that the Coanda effect (that counters the anti-buoyancy of the cold jet and keeps
it on the ceiling) diminishes as the supply airflow rate is turned down, in response to
thermostatic control when the sensible heat gains reduce. Figure 5.13 illustrates this: the
risk is that the cold supply air might be dumped into the room and cause complaints of
draughts when the flow rate is reduced to its minimum value, say 40% of its design value,
and not re-attach to the ceiling until it had risen to, say, 60% of this. It follows that the design
of VAV supply air terminals has been greatly influenced by these considerations.

In this respect, considerable difficulty has been experienced with variable air distribution
because the sensible heat gains from business machines have been over-estimated in the past.
Using the data from Example 1.9 suppose that, mistakenly, an allowance of 50 W m™,
referred to the floor area, had been made for the heat gain from business machines the design
sensible gain would have risen from 1394 to 1826 W. Even under design conditions the
terminals would have been handling only 76% of the rate for which they had been selected,
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Forty per cent of 1826 W is 730 W and this represents 52% of 1394 W. The terminals would
cause draughts at low duties.

Catalogue data for VAV units should always quote maximum and minimum throws. It is
essential that units are not selected to have throws more than the minimsum listed, otherwise
draughts are inevitable. Where a problem like this arises during the layout planning stage
of a design, it is often possible to solve it by rearranging the positions of the air distribution
units. For example, if a linear slot VAV diffuser with a minimum listed throw of 1.95 m when
handling 80 15" is arranged with its axis along the major centre-line of the 6 X 2.4 m module
in the hypothetical office block, draughts will occur because the distance to the walls of the
module, or to the opposing airstream from the VAV unit in the adjoining module if there
is no partition separating them, is only 1.2 m. On the other hand, if the linear diffuser is
turned through 90°, the distance to the window or the corridor wall is 3 m, which exceeds
the minimum listed throw and no draughts will occur (see Figure 2.10).

PRESSURE DEPENDENCE

If one air terminal throttles its supply air flow rate, when several VAV terminals are fed from
a common duct, less air flows in the main duct and the static pressure therein rises, causing
other terminals to deliver more air, even though there is no thermostatic demand at the
terminals for such an increase. If nothing is done to deal with this, the system is pressure
dependent and is unstable. Such systems should never be used with medium or high velocity
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ducted air distribution because static pressure in the ducts will vary considerably with a
consequent unpredictability in the performance of the VAV terminals. However they may
be used in small, low velocity systems, because static pressure variations will be compara-
tively small. There will still be some fluctuation in the performance of individual terminals
but this must be recognised and accepted.

If a VAV terminal has an in-built pressure regulator that maintains a constant static
pressure on the upstream side of the throttling section, the performance of individual
VAV units will be stable, even though the duty of other terminals is varied under thermostatic
control, Such terminals are independent of pressure variations and are used in high,
medium and low velocity systems of ducted air distribution. The principle is illustrated in
Figure 5.11(b). Many different types of pressure-independent terminal are available, using
self-acting techniques, counter weights and springs, electrical actuation, pneumatic actu-
ation, and so on. Variable geometry, pressure independent, VAV terminals are best.

HEATING

A variable air volume system has no inherent heating ability: a fall in air temperature causes
the terminal unit to throttle the supply airflow rate and this continues, as the sensible heat
gains diminish, until the unit is eventually delivering its minimum stable airflow rate. It would
certainly be possible to warm the air in the duct to a temperature higher than the room
temperature {in order to offset heat loss) and to reverse the action of the thermostat, so
that the terminal increased the air flow rate on fall in temperature. However, this would
not be satisfactory if the duct system was feeding air to some units which were dealing with
heat gains and some with heat losses. For example, a shadow falling across the face of a
building, on a cold but sunny spring day, could give heat gains to some offices and heat losses
to others.

Three heating methods that do not sacrifice thermostatic control have been in common
use.

(1) VAV with compensated perimeter heating. Radiators, finned tube, convectors or the like,
are located around the perimeter and fed with LTHW, the flow temperature of which
is compensated against outside air temperature to deal with the heat loss through the
building envelope and by infiltration. Meanwhile the VAV system copes with the heat
gains from solar radiation, people, business machines and lights. This method is the
cheapest of the three and is fairly effective. Since the heating output of the perimeter
system is related to outside air temperature no advantage is taken of heat gains that
could offset heat loss. Hence the method wastes some thermal energy. On the other
hand, heat is supplied where it is wanted, at the perimeter, and downdraughts are dealt
with. The system is also very good at providing boosted heating, before occupancy
commences, when systems are operated intermittently.

Attempts have been made to take advantage of the benefit of casual gains by fitting
the perimeter heating units with thermostatic radiator valves, on a modular basis, while
retaining the overall compensated control. Results have been mixed. In principle it is
not a good solution because thermostatic radiator valves are self-acting with a slow
response and are pot in the same control loop as the VAV terminals, which have a
comparatively fast response. Nevertheless, some good results have been reported.

(2) VAV units with terminal re-heaters. Although more expensive in capital cost then the
method described above, this has tended to be the favoured solution. On fall in room
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temperature the VAV terminal throttles to its minimum airflow rate. Upon further fall
in temperature the airflow rate stays constant and the re-heater warms the air. Control
over the airflow rate and the re-heater output is in sequence and may be simple
proportional or proportional plus integral. Sometimes, when electrical re-heating is
used, control over the heater is two-position. Since only the minimum airflow rate is
re-heated, the system does not waste thermal energy in the way that a constant volume
re-heat system does.

A dlfﬁmﬂty is that when, as is usual the VAV terminal is above the suspended ceiling,
heat is provided in the wrong place: the best place is beneath the windows where
downdraughts, cold infilrating air from outside and so-called cold radiation, can be dealt
with. One way of dealing with this is to locate the VAV terminal so that the slot of its
linear ceiling diffuser is close to, and parallel with, the window line. Ceol air is blown
inwards across the ceiling as it is throttled to its minimum value. After this, while the
airflow rate is held constant, warm air is blown down the window, mixing with any cold
downdraught and infiltrating air and tempering the effect of cold radiation. An
alternative is to locate the VAV terminal, with its re-heater, in the floor and to blow
warm air at its constant minimum flow rate, up the perimeter wall and window. This
may be less attractive because of the floor area occupied. However, with the increased
use of double glazing in commercial offices conforming with the Building Regulations,
problems with downdraughts at windows will be reduced.

(3) Double duct VAV. As the sensible heat gains in the room reduce and the temperature
falls, the VAV terniinal receives air from the cold duct (see Section 2.7) and throttles -
the fiow rate to its minimum value. No air is drawn from the hot duct. On further fall
in room temperature air is drawn from the hot duct and mixed, under thermostatic
control, with air from the cold duct, the total delivery of air to the room staying constant
at its minimum value,

The system is expensive in both capital and running cost. It uses a lot of building space
because of the need to accommodate the extra duct and any problems that a double duct
system may have are added to any that a VAV system may have. It has not been popular.

SYSTEM TYFPE

There. are many different forms of VAV terminal unit available on the market, but the
following two typify a basic difference of approach.

(1) A self-contained unit, often actually forming part of the air distribution ducting, in which
air is handled directly at medium velocity and high pressure in the process of being
-thermostatically controlled.

{2) A split system that uses two devices, the first a pressure-reducing valve and the second
a thermostatically controlled, motorised, variable volume diffuser.

An example of the first type comprises a linear diffuser, 75 mm in width, flush-mounted
in the suspended ceiling and fed from an acoustically lined plenum box above, several such
boxes usually being connected in series to form part of the distribution ducting (see Figure
2.10). Proportional thermostatic control is self-acting, the static pressure of the air in the
duct itself being used as a power source, providing it is above a minimum value of about
100 Pa and less than a maximum of about 1250 Pa. There are thus no elecirical or pneumatic
connexions required and the thermostatic element, a bimetallic strip, and its set point
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adjustment are unobtrusively located in the end part of the unit, where entrained room air
permits a representative assessment of room temperature. Constant volume as well as
variable volume units are available and it is also possible to have as many as five slave units
linked with one master control unit, where the thermostat is fitted, to provide automatic
control of larger rooms at a reduced cost.

There are two bellows in such units and each may be thermostatically controlled from its
own side of the diffuser slot, independently of the other. The resulting important advantage
of this type of unit is that there is complete freedom for partition rearrangement, even after
the system has been commissioned and the building occupied. Also, all the control
modifications may be done from below and ceiling panels need not be removed, it being
unnecessary to change duct connexions to the units since they will have been chosen to
provide controlled, flexible air conditioning on a modular basis; partitions can be erected
along the centre line of the linear diffuser and independent control achieved in the offices
on each side.

The other principal form of VAV system is available in many versions, including motori-
sed, circular, square or rectangular ceiling diffusers and pneumatically-actuated side-wall
grilles. There are electric reheat options and slots or grilles that permit distribution upwards
at the window sills. The pressure reducing valves can cope with upstream pressures as high
as 1 kPa when they are of the inflatable, neoprene bellows type that are operated by
compressed air at a pressure of 100 kPa. The diffusers are able to deal with upstream duct
pressures from about 12 to 60 Pa and the side-wall grilles can manage with 25-125 Pa. A
modification to units of this type (2) introduces an induction principle to the diffusers. The
unit comprises a plenum chamber fitted with high velocity nozzles inducing air from the
ceiling void, which is warmed by the recessed light fittings, at a rate that is varied under
thermostatic control. Obviously, no heating is possible until the lights are switched on.

Self-acting, square and linear VAV ceiling diffusers are also a possibility for small, low
velocity installations, where pressure dependence is tolerated. These terminals use the
thermal expansion of a solid or liquid within the temperature sensor to achieve thermostatic
control and also to provide the power source for throttling the diffuser. Volumetric airflow
rates, per diffuser, are from 50 to 445 15! for square diffusers and from 35 to 115 1 5™ for
linear slot diffusers.

VAV units of type (1) have a typical performance as shown in Table 2.5. The minimun
pressures quoted are the static pressures in the duct immediately upstream of the unit. The
maximum allowable static pressure in the duct is about 1250 Pa. Each unit has a nominal
length of 120G or 1500 mm and a width of 290 mm, but the depth of the plenum box varies
according to the air quantity handled (Table 2.6) To obtain the overall height of the unit,
the height of the approach to the linear diffuser, i.e. 150 mm, must be added to the plenum
depth (see Figure 2.10).

Table 2.5 Typical performance of a self-contained VAV unit

Air quantity (1 s7)
20 30 40 50 606 70 80 90 100 110 120

Minimum throw (m) 0.6 06 10 13 16 20 23 26 29 32 36
Maximum throw (m) 15 24 32 40 48 56 65 73 81 89 97
Minimum pressure (Pay 370 330 290 255 225 190 165 135 150 100 100
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Table 2.6 Variation in plenum box depth in a self-contained VAV unit

Unit size

1 2 3 4
Maximum inlet air quantity (Is™) 330 470 710 9S40
Plenum box depth (1nm) 168 216 305 400

EXAMPLE 2.12

Referring to Example 1.9 and the design brief in Section 1.2, as necessary, determine the
maximum supply air quantities needed for the modules on intermediate floors of the
hypothetical office block. Assume that the dry-bulb temperature leaving the cooler coil is
10°C and allow 3 K rise for duct heat gain and fan power. Assume also that a drawthrough
cooler coil is used. The system is VAV,

Answer :
From Equation (2.3), the maximum required supply air quantities are:

West-facing modules: [1394/(22 — 13)] x [(273 + 13)/358] = 123.71 s}
East-facing modules: [1330/(22 ~ 13)] x [(273 + 13)/358] = 118.1 157}

Table 2.5 shows that two units will be needed, each handling 61.8 and 59.01 s~ with minimum
throws of 1.7 and 1.6 m from the west and east modules, respectively. A satisfactory
arrangement is for the units to be positioned on the smaller centre-line of each module with
their own centre-lines parallel to the windows. The minimum throws are then less than the
distance to the corridor wall or the window and no draughts will be felt (see Figure 2.10).
Each unit has a nominal length of 1.2 m and so a pair connected in series can be accom-
modated in the 2.4 modular width.

The maximum air quantity required for the whole building, i.e. the supply fan duty, will
not be the sum of the maximum individual values. Instead, it is necessary to evaluate the
maximum simultaneous sensible gain to all the modules, taking proper account of diversi-
fication for the loads from lights, people and business machines. Example 1.11 showed that
the maximum sensible gain for the whole building, including corridors, was 1026 kW. In fact,
it can be shown that the biggest simultaneous gain is 1031 kW and occurs at 16.00 h sun
time in July, but the slight error is insignificant in comparison with the doubt that exists in
the diversity factors chosen.

The supply fan should therefore deliver a maximum quantity of -

[1026/(22 ~ 13)] x [(273 + 13)/358] = 91.1 m* 5™ at 13°C

It is most important to appreciate that the benefits of diversity in the solar heat gain through
windows can only be achieved if the air-handling plant and main duct system sefve opposing
faces of a building, for example, east and west.

The difference between floor-to-floor and floor-to-ceiling heights is 700 mm, which must
include the structural slab and screed, a void for ducts and extract-ventilated light fittings,
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the suspended ceiling and its supports. Allowing 200 mm for the slab and screed, plus 75 mm
for the ceiling structure, leaves a clear space of 425 mm beneath the soffit of the slab,
although it must be remembered that, in places, downstand beams may encroach upon this
and due provision must be made when planning the duct layout. Table 2.6 shows that a size
3 plenum box is the largest that will fit (Figure 2.10b). Such a unit can handle a maximum
of 710 157 at its inlet and this sets a limit on the number of VAV tenminals that may be fed
in series, i.e. 11 units for the west face and 12 for the east. Ducts can be arranged to feed
the end of a series group of nine units, for the west face, or to feed the middle of a series
group of 18 units at a twin-elbow. Figure 2.7(a) shows this and also that the half-module
containing the twin-elbow will receive no air, which is unavoidable. If the minimum size of
an office is two modules wide, say, then where a twin-elbow was present the three live linear
diffusers would deliver a total of 4 x 62 = 248157}, or 83157 each, when under thermostatic
control during periods of peak heat gain for the west face.

FAN-ASSISTED VAV TERMINALS

The problem of draughty conditions at reduced airflow, experienced with some forms of
VAY terminals, has led to the introduction of fans in terminal units, aiming to prevent the
supply airflow from leaving the ceiling and dumping. There are two versions available:

(1) Series flow. This is illustrated in Figure 2.11(a). The fan handles a constant airflow rate
and consequently the terminal is not a variable volume unit. As the room temperature
falls the VAV regulator throttles the flow of ducted, cool air and the balance of airflow
is drawn from the ceiling void to preserve constant flow through the fan. After the VAV
regulator reaches its minimum rate any further fall in room temperature actuates the

re-heater.
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Figure 2.11 Fan-assisted air supply terminals ~ diagrammatic illustration. (a) Series arrangement.
(b) Parallel arrangement.
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(2) Parallel flow. This is illustrated in Figure 2.11(b). As room temperature falls, the VAV
regulator throttles the flow of ducted, cool air. Damper D1 is kept closed by the pressure
of the ducted air supply into the unit and damper D2 is kept open by the same pressure,
The fan is off and a reducing airflow rate is fed to the room. Eventually the VAV reg.
ulator is delivering its minimum rate to the tenminal. The fan is switched on and delivers
enough airflow to the room to give satisfactory air distribution without dumping. Damper
D1 is opened by the negative pressure developed at the fan suction and handles the
difference between the fan duty and ducted minimum airflow rate. Damper D2 is closed
by the positive pressure at fan discharge. On further fall in room temperature the heater
battery is actuated and warms the minimum constant airflow supplied to the room.
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An advantage claimed for the series arrangement is that air drawn from the ceiling void
is warmer than room air because of the heat gain from the electric lights and that this
represents some saving in thermal energy when there is a demand for heating. Also, the fan
in the main air handiing unit does not have to develop such a high fan total pressure because
the terminal fans are providing the pressure required at the terminal units. Against this is
the fact that the terminal fans are single phase, permanent split capacitor motors with
operating efficiencies that will be less than that of the three phase motor driving the fan in
the main air handling plant. The main objection to the series arrangement is that it is not
a variable volume system and hence the overall, annual energy required for the fan power
will be greater.

FRESH AIR SUPPLY

Referring to Example 2.12 it is seen that the total supply airflow rate for the hypothetlcal
office block is 91.1 m® 57, over a total treated ﬂoor area of 86.4 x 13.5 x 12 = 13 997 m’.
This represents a spec1ﬁc supply rate of 6.51s7* m™2 In Example 1.11 a specific fresh air
supply rate of 1.4 1 s m™ referred to the treated ﬁoor area, was assumed. This represents
21.5% of the supply rate as minimum fresh air. When the system throttles to, say, 30% as
a typical minimum supply rate, the fresh air supply falls to 0 3x 1.4 = 04215 m2, which
for a population density of 9 m? per person is only 3.78 1 s™ for each person and is cleaxly
inadequate. (The CIBSE recommendations for each person are 8 | s when there is no
smoking and 16 1 s when there is some smoking.) The refrigeration load for the whole
building determined in Example 1.11 was 1610 kW and was for a fan coil system. If a VAV
system is used the refrigeration load will increase, to about 1763 kW, principally because
the supply air distribution system is at medium velocity and the supply fan total pressure
will be about 1 kPa, instead of about 500 or 600 Pa for the low velocity system used with a
fan coil system.

There are several ways of dealing with the difficulty posed by the reduction in the amount
of fresh air supplied as the system throttles and the following are worth considering, in terms
of the impact on the refrigeration load, and hence on the cost:

(1) Use 100% fresh air. This will increase the refrigeration load of 1763 kW by about 60%
with large increases in the capital and running costs.

(2) Increase the minimum fresh air proportion at desiga load so that, when the system
is throttled to, for example, 30%, the necessary minimum fresh air will still be provxd-
ed. This increases the fresh air rate under design conditions to 1.4/0.3 = 4.67 15 m?,
and the refrigeration load goes up by nearly 40%.
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(3) Increase the fresh air allowance as in (2), above, but use a pair of run-around coils (see
Chapter 9) having an effectiveness of 50%. This increases the refrigeration load by about
20%. The extra capital cost of the run-around coils must be borne. The supply and

" extract fan powers will increase because the fans must develop larger fan total pressures
in order to cope with the extra resistance to airflow posed by the nm-around coils.

(4) Increase the fresh air allowance as in (2) but use a thermal wheel with an effectiveness
of 85% (see Chapter 9). The load then rises by about 12%. The extra costs mentioned
in (3) above must be borne.

(5) Continuously monitor the fresh air rate flowing in the fresh air duct and increase this
as the total system airflow rate falls, so as to provide never less than the minimum fresh
air necessary. The difficulty here is the poor quality of performance of multi-feaf
motorised dampers in the mixing boxes of air handling plants.

In terms of the total amount of fresh air supplied to the building in a year the picture is
not quite so bad. Reference to Figure 2.4 shows that if variable proportions of fresh and
recirculated air are used the system operates with a good deal more than the minimum
proportion for much of the time.

DUCT SYSTEM DESIGN

Generally, to avoid noise and to minimise energy consumption by fan power, it is best to
design VAV systems as medium velocity, in the range of 10-12.5 m 5™, rather than as high
velocity, in the range of 15-20 m 5. Exceeding a velocity of 15 m s™ should be avoided
and 20 m s should never be exceeded. Run-outs feeding VAV terminals, of whatever type,
should be sized for 10 m 577, or less,

To assist in balanced air distribution, main ducts should be sized by static regain
where building space permits. It is wise to keep a distance of at least six duct diameters
between successive fittings and to adopt conical tees. An air-tight supply system is
essential and this means ducting must be pressure-tested after installation. It is possible that,
with the conservative approach to sizing suggested above, the fan total pressure may not be
high enough to bring the system within the range of pressures that codes of practice regard
as necessary for pressure tests. Pressure tests should be carried out nevertheless. Well-
designed systems are likely to have fan total pressures of the order of 1.0-1.25 kPa, rather
than 1.5 kPa upwards. Duct layouts should be simpie and a circular, spirally-wound duct
is preferable to rectangular ducting, the cost of the latter, if air-tight, being some four
times that of the former. A spirally-wound flat oval duct is acceptable, to a limited
extent, and is better than rectangular. When using a rectangular duet, or flat-oval duct,
never exceed an aspect ratio of 3:1. Extract systems are generally much less extensive than
supply duct schemes, since the location of the supply terminals dictates the quality of the
air distribution. Extract duct systems should never be sized by high velocity methods, Steel
ducts under large suction pressures are structurally unstable and, in any event, suction
pressure reducing valves, where used, will tend to get fouled with dirt and become
increasingly unreliable in performance. Supply air terminals will not give good air
distribution and will perform badly if erected above egg-crate ceilings and, even when
located flush with the lower surface of the egg-crate, air distribution is likely to be poor.
When such a form of installation is being considered it is wise to test the proposed
arrangement in a full-scale mock-up.

The designer must calculate three sets of sensible heat gains:
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(1) The maximum for each individual module so that the VAV terminal for the module can
be sized.

(2) The sensible gains at the time of maximum refrigeration load for the whole building.

(3) The maximum simultaneous sensible heat gains for the part of the building dealt with
by the air handling unit in question.

In doing this it is essential that, to take advantage of the diversity in solar heat gain through
glass resulting from the movement of the sun in the sky, each air handling plant should serve
opposite faces of the building, such as east and west. The appropriate diversity factors must
be applied to heat gains from people, lights and business machines.

The problem with duct sizing is that ducts at the ends of branches feeding VAV terminals
must be large enough to handle 100% of the design airflow, diversity factors of 1.0 being
applied to gains from people, lights and business machines and full account being taken of
solar gain through glass. On the other hand, having calculated the maximum simultaneous
sensible heat gain for the part of the building being dealt with, the total airflow rate handled
by the air handling unit and the duct system is known, and this is less than the sum of the
airflow rates to the individual VAV terminals.

Engineering judgement is needed to size the ducts between the last (index) VAV terminal
and the supply fan and the following facts are known:

(1) The airflow rate in the main duct immediately after the fan discharge.
(2) The design airflow rate in each duct feeding a VAV terminal.

Figure 2.12 illustrates one possible approach to sizing. The main duct from A to B can
be sized to handle the calculated duty of the air handling plant, say 2000 157! for the purpose
of illustration. Each end duct, B4-B35, C4-C5, and so on, must be sized to handle the design
duty of the VAV terminal it is feeding. It would then be prudent to examine the nature of
the sensible heat gains dealt with by each group of units such as B1-BS, C1-C5, etc. This
might reveal the extent to which it is possible to apply diversity factors to the airflow rates
for the relevant VAV terminals. The longer a branch and the larger the number of VAV
terminals fed from it, the greater the possibility that appropriate diversity factors can
be applied. Failing this, particularly when branches are short and feed only a few terminals,
it would be wise to assume that all the units in a branch are likely to handle their design
airflow rates simultaneously and to size the branch accordingly. The main duct, from B-E
in the figure, might then be sized to handle proportions of the total airflow rate so as to
arrive at the air handling plant with the correct total duty. Thus the increment in the figure
is 375 157 for each main section from B-F. This is not strictly correct since the probability
that a main duct section may have to handle the full design rate increases as the design
_ airflow reduces. Probability factors might be determined and used to increase the propor-

. tions handled by the main duct shown in the figure.

Some general principles to follow are:

(a) Do not exceed a mean, main duct velocity of 15 m s
(b) Do not exceed a mean duct velocity of 10 m s™ in branch ducts.
(¢} Velocities should get progressively smaller as the volumetric airflow rate diminishes.
{(d) Do not exceed the maximum velocity recommended by the manufacturers for entry to
~any VAV terminal.
(e) For preference, use an entry velocity that is in the middie of the manufacturer’s range
for a VAV terminal, provided this is acoustically acceptable.
(f) Use static regain sizing to equalise the static pressure at branches.
{g) Use low velocity to size the extract system of ducting.
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Figure 2.12 The problem of duct sizing for a VAV system. Each VAV terminal is shown handling a
notional 100 157, for the purpose of illustration.

COOLER COILS AND AIR FILTERS

(a) Cooler coils. If blow-through coils are used the temperature rise through the supply fan
is before the coil and although there is still a duct heat gain, the supply air temperature
is less than if a conventional draw-through coil is used. This is attractive, implying that
the design supply airflow can be reduced. However it may not always be wise to use blow-
through coils: the air distribution at the outlet of a fan is very disturbed and must be
smoothed out before it can enter the cooler coil. This requires at least 2.5 equivalent
duct diameters of straight duct, followed by a smoothing screen, before the air flows
into the cooler coil. If this is not done, the uneven airflow over the coil face will cause
a reduction in cooling capacity and there will be the risk of condensate carryover. A
draw-through coil is likely to have a smoother and more uniform distribution of airflow
over its face and a better chance of achieving design cooling performance, without
condensate being blown off the fins.

A direct expansion coil can be used in a small VAV system but it is essential that
evaporating pressure is stabilised, preferably by means of a properly sized hot gas valve
located in the correct position in the refrigeration piping system. Hot gas may be injected
into a purpose-made distributor, or into a hot gas header provided by the manufacturer
as part of the cooler coil.
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(b) Air filters. The best filters affordable should be used. An exception is the electrostatic
filter which should not be used in VAV systems.

The reason is that a reduced airflow through the ionising section of the filter generates
an excessive amount of ozone, which is objectionable and a poison.

VAV IN TROPICAL CLIMATES

It does not follow that VAV is an acceptable solution for all climates. For example in the
hot, humid weather of part of the West African coast, with imperfect building construction,
natural infiltration can impose a very large latent load which can stay constant throughout
24 h, while sensible heat gains vary. Thus at start-up in the early moming a VAV system can
be delivering only a small amount of air to meet the much reduced sensible heat gain but
can be facing a very high latent load, simultaneously. Humidity will rise as a result. For
instance, outside design conditions in Lagos in March could be taken as 33.5°C dry-buib,
28°C wet-bulb (sling), 21.74 g kg™ . An inside condition might be 25 + 1°C dry-bulb, with a
maximum of 60% saturation. Under design conditions inside (26°C, 60%) the moisture
content is 12.86 g kg™ and, for a module of our hypothetical office block, one air change
of infiltration causes a latent heat gain of 263 W (see Example 1.10). At 26°C each person
will liberate 70 W of latent heat and so the total latent heat gain becomes 403 W.

EXAMPLE 2.13

A variable air volume system delivers 251 1 s™* of air at 20°C dry-bulb, 23.37 g kg™ to an
office module, maintaining it at 26°C dry-bulb 60% saturation in the presence of sensible
gains of 1837 W and latent gains of 403 W, when the outside state is 33.5°C dry-bulb, 28°C
wet-bulb (sling). Determine the humidity in the room if the sensible gains reduce by 80%
to 367 W, the latent gains and the supply air state remaining constant.

Answer
For a proportional band of 2 K quoted, the room temperature will be 24.4°C when the

sensible gains are only 20% of their design maximum.

Reduced supply air quantity = [0.367/(24.4 — 20)] x [(273 + 20)/358]
=0.068 m’s ™"

Room moisture content = [12.37 + (0.403/0.068)] x [(273 + 20)/856] = 14.4 g kg !

At this moisture content and 24.4°C the humidity is about 75%.

AUTOMATIC CONTROL

The many different types of VAV terminals available offer a wide variety of control methods.
Most, however, share the facility of operating several slave units in unison from a master
controller or control unit. This is worth doing because of the saving in control costs when
dealing with large rooms containing more than one VAV terminal. If partitions are re-
arranged it is then a simple matter to revise the slave-master unit relationship in order to
provide individual thermostatic control for each office. The majority of units require
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electrical or pneumatic power to actuate their thermostatic throttling mechanism but a few
types use duct pressure directly, with a saving in control costs.

FAN PERFORMANCE

No system is ever installed as designed. It follows that the performance of a fan will be
different from that quoted in the catalogue, which is based on tests to BS 848 (1980) in the
case of fans and on BS 6583 (1985) in the case of air handing units. Great care should be
taken with installation: duct connections, on both sides of the fan, should be designed to
give the smoothest possible airflow and at least 2.5 equivalent diameters of straight duct
should be allowed at fan discharge, according to Keith Blackman (1986). Large margins on
fan design duty are bad practice because they prevent the fan from operating at its best
efficiency. Small margins, however, are essential to cover the difference between catalogue
performance and achievement on site. It is suggested that from 5% to 7.5% should be added
to the design volumetric airflow rate and from 10% to 15% to the design fan total pressure,
for the purpose of ordering a fan. Similar margins should be considered for the airflow rate
and the calculated external resistance, when ordering air handling units. All air handling
units used should have been tested to BS6583: 1985. '

The performance of a fan in a VAV system is often regulated by varying the fan speed
and is then predictable by the fan laws (see Figure 2.13), the relevant equations of which
are summarised as follows:

{a) For a given fan, given system and a constant air density.

1. 9 = vy (na/ny) , (2.8)
2. Py = pia(nafng) (2.9)
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Figure 2,13 Application of the fan laws. The point of rating, P, is the same point of rating as P, on the

fan curve. In order for the efficiency 7, to equal the efficiency 7, the whole of the efficiency-volume

curve must move to the left as the fan speed is reduced from ny to n,. The power~volume curve is
not shown.
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3 WQ = Wﬁ(ﬂz/nl)a (210)
4. Fan total efficiency is constant.

(b) For a given fan, given system and given fan speed.

1. Volumetric airflow rate is constant.

2. Fan total pressure, fan static pressure and velocity pressure at fan discharge are
proportional to air density.

3. Fan power is proportional to air density.

4. Fan total efficiency is constant.

Where ¥, is a volumetric airflow rate at temperature ¢, p is fan total pressure, W; is fan
power, n is fan speed, and the subscripts 1 and 2 denote the initial and final fan speeds.
The laws are for a given point of rating on the pressure-volume curve for a particular
fan. A point of rating is any point on such a curve, but is usually the point on the fan curve
where it intersects the pressure—volume curve for the system of plant and duct to which the
fan is connected. The performance curve for a system is determined by assuming a square
law relating pressure drop and airflow.

METHODS OF VARYING FAN CAPACITY
Methods in use are as follows:

(1) Variable inlet guide vanes. See Figure 2.14. Commonly used only for centrifugal fans in
the past but now obsolescent with the introduction of comparatively cheap methods of
fan speed control. The design and operation of the mechanical linkage for the vanes
has often been poor and the performance non-linear: the vanes must closs by 45° before
the flow is reduced, and hysteresis occurs. In approximate terms, as the vanes close, the
pressure~volume curve for the fan rotates clockwise about the origin. The position of
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Figure 2.14 Variable inlet guide vanes. P; and P, are different points of rating. A fan curve with the
vanes partly closed is different from the fan curve with the vanes fully open. The fan laws do not apply.
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the system curve is unchanged and the intersection with the fan curve occurs at a series
of different points of rating as the vanes close: a fan with its vanes partly closed is a
different fan from one with its vanes fully open. Hence the fan laws cannot be applied.

(2) Variable blade pitch angle. This is used for axial flow fans only. The behaviour of the
pressure-volume curve for the fan is similar to that of a centrifugal fan with variable
inlet guide vanes but the engineering is much better and the method is most effective.

(3) Disc throttle. This is used only with centrifugal fans. In the case of forward-curved
impellers a motorised disc moves within the impeller (see Figure 2.15), altering its
effective width and shifting the position of the fan pressure-volume curve down the
system curve, intersection occurring at different points of rating.

(4) Speed variation. This is the best method of controlling the capacity of centrifugal fans used
in VAV systems. Several techniques have been used, not all of which have been efficient:
with some electromagnetic methods the current handled by the driving motor remains
unchanged as the fan speed is reduced and the power factor actually increases, Such forros
of fan speed control should not be used for VAV systems because they nullify a major
advantage, namely, economy in the energy consumed by the fans. The best method of
efficient fan speed control for centrifugal fans is by frequency variation through an

inverter.
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airflow through the impeller. Analogous to the behaviour of fans in parallel.
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EAN CAPACITY CONTROL FOR A SIMPLE SYSTEM

To illustrate the principle of fan capacity control in VAV systems Figure 2.16(2) shows a
very simple system with only one VAV supply terminal and one extract grille. The supply
terminal is under thermostatic control from its room temperature sensor and as the room
temperature falls the unit throttles the supply of air to the room and the pressure behind
the unit increases. In Figure 2.16(b), showing the characteristic curves, the system curve
rotates in an anti-clockwise direction about the origin and the intersection with the fan curve
moves from position 1 to position 2, in order to supply a reduced airflow rate, v, instead of
the design airflow rate v;. If nothing is done to vary fan capacity the pressure drop across
the terminal VAV unit rises from (p; — p3) to (p2 — p4), increasing the noise produced and
making thermostatic control by the unit more difficult. If throttling continues, the system
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Figure 2,16 Performance of a simplified VAV system with fan speed control. (2) Plant/ducting for a
simplified VAV system with only one VAV terminal unit. (b) Pressure-volume characteristics.
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curve moves further to the left, the fan total pressure rises and the pressure at fan discharge
increases. This will largely nullify the reduced fan power hoped for at partial duty, implied
by Equation (2.7).

Figure 2.16 shows how this adverse situation is dcalt with by varying the fan speed. Sy is
a pressute sensor, which, for the simple case of one unit, is located immediately before the
VAV terminal. If this exercises simple proportional control the pressure sensed rises by the
small amount of the proportional band as the unit throttles and this is used to reduce the
speed of the supply fan, The point 1 slides down the system curve as the latter rotates, to
occupy a new position at 5. The chain-dotted line through such points of intersection could
be called a control line. It is seen that the fan total pressure, indicated by ps, is much less
than p,, for the case when there is no control over fan capacity. The situation may be
improved further if the pressure sensor, Sy, can exercise proportional plus integral control
over fan speed. This eliminates the offset in the pressure at S; and the control line occupies
a lower position, as shown. The static pressure behind the terminal unit then remains
constant, except for the short periods when the unit is responding to a change of load, as
measured by the room temperature sensor.

The capacity of the extract fan must be reduced to match that of the supply fan. Using
the pressure signal from the sensor 8y is not satisfactory: the extract duct system is low
velocity whereas the supply system is medium velocity, the extract fan is likely to be a
forward-curved centrifugal whereas the supply fan could be a backward-curved aerofoil-
bladed centrifugal, or an axial flow fan, and the supply system feeds multiple VAV units
whereas the extract system draws air through multiple grilles. Hence the supply and extract
fans will not respond in the same way to a pressure signal from S;. A better solution is to
choose two representative sections of ducting, one in the supply system and the other in the
extract system, so that their mean velocity pressures correspond to the volumetric airflow
rates. Signals from such velocity pressure sensors, S; and 53, can be compared by C;3 and
used to adjust the extract fan speed regulator, Ry3, to keep the performance of the extract
system in harmony with the supply system.

In a real system, with many duct branches and VAV terminals, a position must be chosen
for the pressure sensor, Sy. This is not easy. The worst place is at fan discharge: the pressure
there must be allowed to fall, not kept constant. A compromise, based on common
experience, is to place the sensor at Z, where the design airflow rate is from 50% to 75%
of the total design rate. This is usually interpreted as being in a position between two-thirds
and three-quarters of the distance from fan discharge to the index terminal. It has sometimes
been prudent to fix pressure sensors and stop cocks in three or four such locations, between
the two-thirds and three-quarters limits, and to decide on the best choice during com-
missioning. More complex and expensive arrangements have also been used, involving
multiple sensors in many branch ducts, the signal from the lowest static pressure being used,
through a selector relay, to regulate the fan speed. It is much better to use VAV terminal
units with direct digital control. The static pressure at all VAV units can then be scanned
at suitable, short intervals of time and the lowest measured static pressure used to control
the speed of the supply fan.

Even with good control over both the supply and extract fans there may be problems with
static pressure in various rooms in a building causing difficulties with opening and shutting
doors. This is because air is extracted from the building as a whole, without any contro} over
the airfiow removed from individual rooms, whereas the supply airflow is specific to
particular rooms. A way out of this problem would be to fit VAV extract terminals, one for
each VAV supply terminal. The increased capital cost is a clear objection.
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NOISE

The noise produced by a VAV terminal is a function of the air quantity and the upstream
duct static pressure. If either rises, the other staying constant, the sound power level (see
Sections 7.4 and 7.5):also increases. Table 2.7 gives some typical values of sound power leve]
for units tested under ideal conditions of airflow in a laboratory. The units are of the variable
geometry type, feeding air through linear diffusers and provided with self-acting bellows for
throttlmg the airflow through the use of duct static pressure as the power source. No account
is taken of residual noise in the ducted air supply to the unit. Inadcquatc plant silencing
and rcgcneratcd noise arising from air turbulence in the duct system will give greater values
than those tabulated. Poorly made units will 2lso generate more sound power.

. Table 2.7 Typical values of sound power levels of VAV terminals

Sound power level (dB: re 107 W)

Air quantity  Duct pressure  Mid-octave band frequencies (Hz)

(s (Pa) 125 250 500 1000 2000 4000 8000
20 250 35 28 24 20 16 14 14
375 36 0 26 2 20 18 19
500 36 32 28 25 24 24 21
750 37 36 32 28 27 27 27
1000 38 38 34 33 32 33 35
1250 39 39 36 35 34 35 39
40 250 41 34 32 28 26 23 18
375 41 36 36 30 28 26 23
500 42 39 37 31 30 28 27
750 43 2 38 32 32 30 32
1000 a4 43 40 34 34 33 36
" 1250 45 4 41 35 35 35 - 40
60 <250 44 43 4 35 33 26 21
‘ 375 45 44 42 36 34 29 26
500 45 45 43 37 35 31 31
750 46 48 44 38 36 33 35
1000 47 49 45 39 37 35 39
1250 48 50 46 40 39 37 41
80 250 46 46 46 40 37 29 22
375 47 48 47 4 38 33 26
500 48 50 47 42 40 36 30
750 49 53 48 43 41 37 35
1000 50 54 49 44 42 39 41
1250 51 55 50 45 43 40 43
100 250 46 49 49 44 41 34 24
375 49 51 50 45 42 37 31
500 50 53 . 51 46 43 39 36
750 51 55 52 47 44 40 42
. .1000 52 56. 33 48 45 42 . 46

1250 o 54 57 53 48 46 43 46

<
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Making use of the data in Table 2.7, it is possible to estimate the noise rating (NR value}
(see Section 7.9) likely in a typical module of the hypothetical office block (see Section 1.2),
assumning that the room effect (see Section 7.8) is zero. Figure 2.17 shows this.

EXAMPLE 2.14

If two VAV terminals installed in a west-facing module of the hypothetical office block each
deliver 73157 with a duct pressure of 500 Pa, estimate the NR value likely (a) under design
conditions, (b) when the units throttle to 36 1 s™ to meet a reduced heat gain but the duct
pressure rises to 1250 Pa and (c) when each unit handles 36 1 s but the duct pressure has

been controlled at 250 Pa. In all cases assume a room effect of -5 dB.

Answer

(a) From Figure 2.17 one unit handling 73 1 s at 500 Pa gives about NR 42. For two units
in our softer room the noise level will be 42 + 3 -5 = NR 40.

(b) Two units each handling 36 1 s at 1250 Pa will give 38 + 3~ 5 = NR 36.

(c) Two units each handling 36 1s™ at 250 Pa will give 30 + 3- 5 = NR 28.

Unattenuated residual plant noise, regenerated air noise in the supply duct feeding the units
and the fact that the actual installation departs from the ideal test conditions used to
establish the table, mean that higher NR values are to be expected.

1t is characteristic of VAV systems that they operate at less than their design flow rates
for most of the time, Solar gains through glass often represent over 40% of the maximum
total gains, for example in Example 1.9 it was 41% for a west module, and vary greatly on
both an hourly and a seasonal basis. The peak solar gains can be regarded as prevailing for
only about an hour in a day and this can be as little as 10% of the total working hours of
the system. It follows that most VAV terminals will be operating at less than their maximum
noise rating fr the majority of the time. It can be inferred that NR values of 4045 can be

g 5o
% Zero room effect assumed
=
2
©
&
401
0.7
30+ 0.50
0.25
20! i s L . H s { TR | L i ]
10 20 30 40 5C 80 70 80

Airflow fate for a single VAV unit {is™)

Figure 2.17 Typical NR values produced by a single VAV unit with a performance as given in Table 2.5
and a sound power level as in Table 2.7 (reproduced by kind permission of Haden Young 1td). ..
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Figure 2.18 Different layouts of VAV systems.

specified for west-facing modules with 40% of their external facades glazed, because the
units will give noise levels less than this throughout most of their life. See also Figure 7.18.

FPRACTICAL ASPECTS
. Since about two-thirds of the capital cost of an all-air system may be in the handling and

- distribution of air, efforts to minimise design supply air quantities are worthwhile and have

" the side advantagc of assisting in the choice of quiet VAV termmals When seeking to reduce
air quantities it must be remembered that less than about 3 1s™ ™ supplied to an occupied
room sometxmes give rise to complaints of inadequate air movement, although as little as
14151 m™? may be enough to keep an unoccupied room fresh. Design supply air quantities
may be muumlsed by selecting 8-row cooler coils with chilled water flow temperatures of
5.5°C to; give a leaving air temperature of 9°C. If there is sufficient room (at least 2.5
equxvalent diameters) to ensure a smooth expansion onto the upstream face of the cooler
¢oil.and a uniform velocity across it then the coil can be installed on the discharge side of

the fan and the penalty of temperature rise across it avoided. Thus, assuining a 2 K rise for -

duct heat gain, air can be delivered to the VAV terminals at 11°C. If a design room
temperature of 22.5°C or 23°C is selected each I s™ of air su1pphcd at 11°C can then deal
with 14.5 to 15 W of heat gain and sg!stems handling 12.515s m™? near the limit for VAV,
can cope with as much as 187 W m

Having reduced the supply air quantity to a practical minimumm, the secret of an instal-
lation low in capital cost is to arrange an economical duct layout to feed the VAV terminals.

Furthermore, as few VAV terminals as possible should be used, consistent with avoiding

noise problems, providing satisfactory air dls{nbunon and offering the facilities for indivi-

- dual, modular, thermostatic control and easy partition re-arrangement that charactenses -

certam typcs of VAV. system Air zoning is generally unnecessary:
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VAV systems probably only run at their design duties for 10% of the time and for the rest
of the year they handle much less (sée Section 8.3). Fans should therefore be selected to
have their peak efficiencies at about 75% of their design flow rates, in order to conserve
energy. It is claimed by some manufaéturers that their VAV terminals, operating from duct
static pressures, control room temperature within a proportional band of as little as 1 K and
it is certainly true that properly slaved units, operating in unison from a single control

“terminal, give better air distribution and control than do multiple ceiling diffusers fed
with low velocity air from a single control VAV terminal, for example an octopus box. Figure
2.18 shows the difference in layout. With the second arrangement, individual diffusers are
not themselves VAV terminals — they receive variable quantities of air at low velocity from
the central control box — and will notnecessarily always be in volumetric balance.

Shut-off leakage at VAV units can Be as little as 15% of the design duty but this may still
be enough to overcool an unoccupied space, although room temperatures should soon reach
a comfortable level with the return of the occupants and the switching on of lights. In excep-
tional circumstances auxiliary heating may be needed. Since VAV systems can inherently
deal with reductions in volumetric flow rates, it follows that ducts feeding untenanted floors
in an office development can be dampered off, provided this is not carried to excess, and
the fan'capacity still controlled in a satisfactory way at the reduced duty. It appears that
properly designed, variable linear diff}xsers can give better air distribution for VAV systems
than can circular or square diffusers, or side-wall grilles. Also, with properly designed VAV
installations the time spent in air balancing during commissioning may be minimised, but
not éntirely dispensed with. A well th;ought out balancing procedure must be followed. -

2.7 Dual duct systems

The chief advantage of the double duct system is that full cooling and full heating capacity
" are simultaneously available at all times, under thermostatic control. Purther, it-has, in
common with other all-air systems,! the facility of free cooling when the outside air
temperature is low enough, which is about 10°C in the UK, the refrigeration plant being
off. It is suitable for any application needing an all-air system with thermostatic control in
-a multiplicity of rooms and it has been used for offices, hotels, hospitals and ships. One
advantage over induction or fan coil systems is that since no air is induced or recirculated
from the room over a local cooler coil, there is no local contarnination at the unit, hence
its suitability for hospitals. However, the system is expensive in capital and running cost and
needs a large amount of building sgl)ace to accommodate ducts. These are formidable
objections which have restricted its use in comparison with other systems, such as perimeter-
induction, fan coil and variable air volume. '
The supply air quantity for a dual duct system will always exceed that for a variable volume
scheme and because it takes little account of load diversification more plant space is
required. Furthermore, since two supply ducts must be accommodated, the designer of a
dual duct system will always tend to use higher air velocities than for a single duct system.
It follows that noise will often be a problem and, since fan total pressures will be high, the
component of the cooling load attributable to fan power will be large, increasing both the
size of the installed refrigeration plant and its energy consumption.
Terminal mixing boxes may be used in two forms: either installed beneath window sills,
~ when rather more floor space is used than with an induction or fan coil system; or located
" ‘above suspendéd ceilings. Mixing box terminals require minimiim operating duct static
pressures from about 70-400 Pa. -
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The only stable dual duct system is one having constant volume regulators on all mixing
terminals 50 that each can deliver a fixed quantity of air, regardless of upstream duct pressure
variations caused by changes in the ducted volumes of hot and cold air consequent upon
load fluctuations at the other terminals. It should be noted that so-called constant volume
regulators are factory-set to deliver a nominally constant amount of air with a tolerance of

- about *5%, corresponding to their proportional band. However, it is not uncommon for
“such factory setpoints to be inaccurate, and a check on site is essential. The design volume
at each terminal is the cold air quantity required to meet the local design sensible heat gains
and this is the nominal setting of the constant volume regulator. The sum of the terminal
cold volumes is the duty of the supply fan. The hot duct quantity is less than the cold duct
amount because a bigger temperature difference, supply-to-room, can be adopted to deal
with the heat losses, and the room that has the smallest ratio of supply air quantity to design
heat loss will need the warmest air. This index room fixes the design hot duct temperature
and its design hot quantity will be the same as its design cold quantity. Elsewhere, terminals
- will require less hot air to satisfy their design heat losses and so, progressing back to the
fan, the hot duct will become smalier than the cold duct. ASHRAE (1976) claims that the
* maximum airflow in the hot duct will seldom occur when meeting the design winter heat
loss but will do so during light summer loads or marginal weather, when the hot duct
temperature is compensated down from its winter design value. Because the dual duct
system, for the building as a whole, takes account of diversity in heat gain, for example that
maximum solar gains through east and west modules do not coincide, the maximum total
cold duct quantity is less than the fan duty, some small amount of warm air being mixed
with cold air to provide a higher supply temperature to those rooms not suffering peak gains.
Shataloff (1964) suggested that the ratio of the design cold duct quantity to the fan duty is
a basis for deciding on the maximum hot duct quantity (Table 2.8). Exact relationships
between hot and cold duct sizes probably depend very much on particular system designs
‘and computer-aided techniques should be able to resolve individual cases.

. If excessively high hot duct temperatures are chosen the adverse consequences are strati-
ﬁcataon in the room, stratification in the hot duct, which often reasserts itself even after a
deliberate attempt to remove it by turbulent mixing, excessive duct heat loss and a tendency
to. underheat some rooms. Air temperatures above about 35°C, with conventional ceiling
heights of about 2.7 m, are best avoided. High hot duct temperatures will also aggravate the
effects‘of hot air leakage, as much as 10%, past the nominally closed valve in the mixing box.

Many dual duct installations have a pair of ducts running above the suspended ceiling in

the corridor with connexions to terminal units mounted above the ceilings in the rooms on
‘either side. Making connexions that have to cross over the main ducts to fecd the terminals

Table 2.8 Suggested relat;onshlp between hot and
cold duct sizes

Design cold cut quantity Hot duct area
Fan duty Cold duct area -
1.0-0.9 0.8

0.9-0.85 0.8

0.85-0.80 0.85

0.80-0.75 . 085 -

<075 - ©09.

E
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poses a problem of accommodation, space being at a premium. Flexible ducts from the mains
to the terminals, therefore, tend to be used, very often conveying air at high velocities. Such
flexible ducts frequently generate a good deal of noise, particularly if they arg sharply bent.
In addition, noise break-out through the relatively hght-welght material of the flexible ducts
is common. The mixing boxes themselves generate noise in the process of raducing the air
pressure from the high velocity inlet side to the low velocity, single duct outlet side to the
air diffusers. Although the boxes are lined with sound-absorbing material this is often
inadequate and additional acoustic lining is recommended for the downstreamm, low velocity
ducting. A further, problem is that boxes radiate sound outwards from their casings and this
passes unhindered through the light-weight suspended ceiling tiles. into the room. Thé
temptation to use high velocities should be resisted and it is recommended that maximum
velocities be kept as low as possible, preferably to below 15 m s and never|over 20 m s,
High velocity ducts with rectangular sections must be avoided as they regenerate much more
noise than do spirally wound ducts at the same velocity. Branch dampers are of little value
in a dual duct system where air volumes are constantly changing. Duct layouts should be
designed to give smooth airflow around bends and through branch take-offs, where conical
fittings are preferred. Square mitred bends are undesirable but, if they must be used, they
should be fitted with small section turning vanes. Large section turning vanes should not
be used as there is a tendency for vortices to form and act as pure tone sound generators.
Dual duct systems are not recommended.

2.8 Multizone units

A system using a multizone air-handling unit is essentially the same in principle as a dual
duct scheme, the difference being that thermostatic mixing of hot and cold air occurs at the
plant and not at a terminal unit in the room (see Figure 2.19). Single ducts conveying air
at low velocity feed each room or zone, i.e. two or more rooms with similar change patterns
for their sensible heat gains. Multizone units are applied to small buildings. or parts of
buildings where running several low velocity ducts, one to each zone, does not use up too
much building space. Multizone systems have been used for treating groups of public rooms
in hotels that need an all-air design approach and share similar usage routines. Blow-through
air handling units are commonly available with up to 12 zones but best results are achieved
with fewer zones that each require approximately equal amounts of supply air. The poorest
control performances are obtained when there is a large disparity in zone duties. Damper
characteristics of position versus flow rate are by no means linear and it is highly probable
that the air quantities delivered to zones will alter as damper positions change under
thermostatic control. It is absolutely essential that the flow temperature of the LTHW
feeding the heater battery in the hot deck be compensated against outside air temperature.
If this is not done control will become difficult when the hot deck dampers are nearly closed
and small amounts of very hot air mix with air from the cold deck. It is also desirable to
compensate the chilled water flow temperature to the cooler coil in the cold deck. If direct-
expansion cooler coils are used (on small jobs) it is vitally important that their evaporating
temperatures be stabilised by means of hot gas valves.

The quallty of dampers provided with commercial multizone units is usually not good
enough to give the best proportional control and the control mode may often degenerate
to two-position. Leakage past the dampers in their closed positions is of the order of 15%
and introduces additional bperating and control problcms Even specxally made, ught shut-
off dampers can still have 5% leakage. EEe
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Figure 2.19 Multizone unit. (a) A two-zone unit (b) Psychrometry.

2.9 Air curtains

Air curtains and air doors include a variety of types: complete air curtains (Figure 2.20),
industrial warm air curtains (Figure 2.21a), industrial cold air curtains (Figure 2.21b) and
simple door heaters (Figure 2.21¢). There are other subtypes such as that used above the
door of a cold store, blowing air downward and inward to retain the large mass of cold, dense
air within the store when its door is opened.

A simplified analysis developing the basic principles of complete air curtains is as follows.
Two columns of air, one of density p, and absolute temperature T, outside the building and
the other of density p, and temperature T, within, share a common stack, height H. The
pressure difference across the open door at the base of the column is p,gH(1 -~ T,/T,) and
is the stack effect. At the same time the wind speed, u,, exerts a velocity pressure of 0.5p,u5
and the combined stack and wind effect on the open doorway is a pressure difference of
0.5p,uz + pogH(1 — T,/T;) which will produce a velocity of airflow, u,, trying to enter the
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Figure 2.20 Complete air curtain.

doorway and which must be countered by the horizontal, outward component of the airflow
supplied by the air curtain. Over the upper half of the doorway the combined effect is held
at bay by the outward-curving supply airstream of the curtain but, over the lower half of the
doorway, the supply airstream is defeated and is curved inward by the combined effect to
be extracted through a floor grille (Figure 2.20). Therefore

0.5p,ul = 0.5pou’ + pogH(1 — To/Ty)
and so » ’
w, = V@ + 26H(1 ~ TO/T,)j ‘ ' (2.11)
Since force is the rate of change of mémentum, a balance exists between the momentum:

of the airstream trying to enter the doorway and that opposing it. Introducing a coefficient
of discharge, ¢, for the quantity of air, Q,, trying to enter the upper half of the doorway, gives

caCipotts = Qspsits Sin ¢
(thwpoutz)*{z = Qspsu,sin §

Qs = (thwpo“tz)j (2psus sin ¢)
= (cahwTu?)/(2Touq sin ¢) (2.12)
where Q, p,, T and i are the quantity, density, absolute temperature and velocity, through

the actual open area of the grille, respectively, of the supply airstréam at an angle ¢ to the .
vertical. The height of the doorway is k and w its width.
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Figure 2.21 (a) Front elevation of an industrial warm air curtain. (b) Plan of an industrial cold air
curtain - several fans are stacked on top of each other, the number depending on the door height.
(c) Section of a fan coil door heater.

A choice of supply grille is dictated by the equation
O, = feuswd (2.13)

in which f is the free area ratio of the grille, ¢, its coefficient of discharge and d its depth.
A certain amount, depending on the wind velocity and stack effect, of cold outside air is
entrained by the air curtain and a corresponding quantity of air from within the building is
lost to the outside, some entrainment of inside air also occurring. The net effect is to reduce
the supply air temperature from its initial value and so the recirculated air must be warmed.
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Deciding on a value to which the air temperature should be raised is difficult but, in the
UK, 32°C has been found practical for an outside temperature of ~1°C and an inside one
of 20°C. Selecting a supply air velocity is also empirical. It must not be so high that serious
draughts are felt by people passing through the air curtain in a commercial application,
although transient, perceptible warm air movement at head level is generally acceptable.
For a door height of 2.5 m a value for &, of 10 m s™ is often found practicable, but operatmg
experience could dictate other values, hence the desirability of control over the air volume
handled by the fan.

EXAMPLE 2.15

A complete air curtain is to be fitted in a doorway of dimensions 2.5 m high x 4.0 m wide
to combat a wind speed of 4 ms™ (14 4 km h™ or 8.9 mph) when the outside air temperature

is =1°C and the room temperature is 20°C. The stack height is 10 m. Determine the duties
of the fan and Leater battery and establish the dimensions of the supply grille. Assume the
vanes of the supply grille are turned at an angle of 45° to the vertical and a supply air
temperature of 32°C.

Answer
From Equation (2.11)

= V(16 + 2 x 9.81 x 10(1 - 272/293)) = 5.48 m s~}
Taking a coefficient of discharge for the doorway of 0.65

= (065 X 2.5 X 4.0 X 305 X 5.489/(2 X 272 x 10 X sin 45°) = 15.48 m3s™
from Equation (2.12).

The heater battery duty is to warm this quantity of air from an assumed value of 293 to 305
K and, from Equation (2.3), this equals [15.48 x (305 — 293) x 358}/305 = 218 kW.

Assuming a free area of 60% for the supply grille and a coefficient of discharge of 0. 7
Equation (2.13) gives

15.48 = 0.6 x 0.7 x 10 x 4.0 x 4, sod = 0.921 m.

The floor grille should be the full width of the doorway, w, as should the supply grille and
not less than the depth of the supply grille, d. The floor grille must be specially designed to
withstand heavy traffic and must have spacings between its bars that will not catch
pedestrians’ heels or umbrella tips. The louvres on the supply grille ought to be motorised
for easy adjustment to suit the wind velocity and the fan should be variable speed to econo-
mise on running costs and to permit the empirical modification to supply velocity, mentioned
previously. The pit beneath the floor grille must be accessible for cleaning out and,
preferably, should have an arrangement for washing down. Fans may be required to run at
fan total pressures of the order of 500 Pa and the noise they produce must not be overlooked.

It is evident from the example that complete air curtains use a lot of air and will be
expensive to run. Further, a large amount of space is occupied by plant and ducting. It is
also clear that only a modest wind speed can be dealt with. An air curtain must, therefore,
be regarded as a device that allows doors to be kept open only when the outside wind velocity
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and air temperature are within stated design limits. It is not really practicable to consider
coping with a wind speed greater than about 14.5 km ht (9 mph) in a commercial application
and it follows that an air curtain must never be used without a door that can be properly
shut during weather conditions outside the design scope.

Industrial or air curtains of two types, warm and cold, are also in use, Their purpose ig
to minimise heat loss and draught through doorways with a high traffic frequency. It is
arranged that the air curtain only runs when the door is open, a microswitch turning off the
fans when it is closed, Industrial air curtains are claimed to be effective in dealing with wing
speeds of up to 32 km h™? (20 mph) but with noise levels in the vicinity of 85 dB(A), in spite
of silencing,

Ajr curtains, or air doors, are also used to keep ﬂyin% insects out of food processing
plants. The average flying speed of an insect is about 1 ms™ and research by the US Depart-
ment of Agriculture has shown that insects can be effectively screened if the moving
airstream of the curtain is at least 125 mm thick; the velocity at a level 1 m from the floor
exceeds 6.6 m s~'; and the air curtain covers the full width of the doorway. A typical
arrangement is to use recirculated air at high level and to blow it downwards with an outward
direction of about 10° to the vertical. The air screen, or curtain, is switched on only when
the door is opened and it is, therefore, important that the full airflow is attained as quickly
as possible if insects are to be excluded. It is thought that axial flow or propeller type fans
are better than centrifugals, because they come up to full duty within 2 or 3 seconds of being
switched on, whereas centrifugals take as much as 20 seconds.

Fan heaters instatled over the doors in some shops are intended to diminish the worst
effects of cold draughts when the doors are temporarily opened to admit customers. They
are not installed to permit the doors to remain open for any lengthy period in the winter,
Ailr curtains, air doors and door heaters must never be regarded as allowing the conventional
door to be discarded.

2.10 Perimeter induction systems

PRINCIPLE

The induction unit (Figure 2.22a) comprises a plenum box fed with dehumidified primary
air through a high velocity duct system, from a central air handling plant. A suitable
balancing damper within the unit absorbs any surplus static pressure, residual noise is
attenuated as necessary and the primary air is delivered through nozzles at a static pressure
of between about 100--700 Pa, depending on the unit type and the form of the nozzles. Each
volume of primary air issuing from a nozzle entrains between 3-8 volumes of surrounding
air and hence air from the room is induced across a secondary cooler coil which achieves
thermostatic control over room temperature by throttling the flow of water. An induction
ratio (primary-to-secondary airflow rates) of 4:1 is normal. Figure 2.22(b) shows the air
distribution that results in the room.

Primary air is normally a mixture of fresh and recirculated air that is filtered, cooled,
dehumidified and re-heated as necessary. Since the air at the units is required at a compara-
tively high static pressure (to induce the secondary airflow) and the ducted distribution is
at high velocity, the fan total pressure tends to be high, of the order of 2 kPa. Consequently,
the temperature rise through the fan is also fairly high and, taking into account the duct
heat gain, the primary air temperature at the units can be as much as 4 or 5 K higher than
the dry-bulb leaving the cooler coil in the air handling plant.
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Figure 2.22 The perimeter induction unit. (a) A section of a typical unit. (b) Air circulation pattern
with an induction unit.

CHANGEOVER AND NON-CHANGEOVER SYSTEMS

Originally conceived in about 1935 as a changeover system, to deal with the severely cold
winters and hot summers of the northern part of the United States, the operational mode
is in two forms, one for summer and the other for winter, a changeover between the two
modes being necessary. During winter operation, cool unheated primary air is fed to the
units and LTHW, compensated against outside air temperature, is supplied to the secondary
coils. This gives a large heating capacity to deal with cold winter weather, but a small sensible
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cooling capacity because the primary air only comprises about 26% of the total amoupt
supplied from the induction unit, the remainder being from the room and drawn over the
secondary coil. If a net heat gain occurs when the system is working in its winter mode
the flow of LTHW through the secondary coils is throttled and the sensible cooling
capacity available is provided by the primary air. Assuming air leaves the primary air cooler
coil in the air handling unit at 10°C it will reach the unit at about 14.5°C and will not have
much capacity to deal with heat gains when the room temperature is 22°C.

In the summer mode of operation, secondary chilled water is fed to the unit coils at 3
constant temperature with a value that ensures sensible cooling and avoids the formation
of condensate. The primary air is cooled and dehumidified and delivered to the induction
units at a temperature which is compensated against outside air temperature by re-heat, thus -
allowing it to offset any fabric heat loss in marginal weather. During summer design condi-
tions there is no re-heat and the primary air offers its full quota of sensible cooling, the
secondary coils providing the remainder.

When the system is changed over, the action of the thermostat controlling room tempera-
ture is reversed.

In the UK, with its comparatively mild winter, the large amount of heating capacity
available in the winter mode has proved unnecessary. Furthermore, the relatively small
amount of sensible cooling capacity offered by the primary air alone, in the winter mode,
has been inadequate for dealing with the net heat gains often present, even in cold weather,
in office buildings. Changing the system over has introduced additional problems: the
thermal inertia of the system of piping and of the building itself means that the changeover
cannot be instantaneous. Deciding on the correct time to perform the change is difficult:
automatic changeover has been unsuccessful because of the thermal inertia and manual
methods have been equally unsuccessful. For these reasons the changeover system has
been a failure in the UK and has not been used, except on a very few occasions, immediately
after its introduction to the UK, when experience was lacking. A solution to the problem
was to operate the system in its summer mode throughout the year — hence the term:
two-pipe, non-changeover system. Systems of this type were extensively used in the UK,
Europe and elsewhere in the 1960s and 1970s. However, because heat loss is dealt with
by primary air at a temperature that is compensated against outside temperature, this
has also meant a reduction in the sensible cooling capacity of the primary air, except at
sumomer design conditions. Further, when outside air temperatures are less than the room
temperature, the re-heated primary air may actually provide an additional heat gain. Various
attempts have been made to remedy this defect by cutting back the compensated tempera-
ture of the primary air but with very limited success. As a result the two-pipe, non-change-
over induction system has given way to the four-pipe induction system which, in turn, has
become obsolescent.

PRIMARY AIR

The primary air in a two-pipe non-changeover system has four functions:

(1) To provide sufficient fresh air for ventilation.

(2) To offset the heat losses.

(3) To deal with the latent heat gain.

(4) To induce enough airflow over the secondary coil to deal with the sensible gains.
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The amount of primary air handled affects the capital cost, the running cost and the
puilding space occupied. Hence the designer keeps the primary air as small as possible,

rovided that the four functions listed above are achieved.

Taking a module of the hypothetical office building as an example the fresh air needs are
1415 m2x 14.4m? = 20.16 1 571,

With conventional flow and return temperatures of 85 and 65°C for LTHW, an upper limit
for the primary air temperature is 40°C if stratification within the ducts and excessive heat
loss from them is to be avoided, but it is wise to use a lower maximum of 35°C, as previously
suggested for all-air systems. The heat losses from modules in the hypothetical office building
are easily calculated as 549 and 692 W, for intermediate and top floors, respectively. Using
Equation {2.3) it is also easily calculated that the primary airflow rates to satisfy these losses
are 23.34 and 36.98 1 5%, End modules, on the north and south faces, would have different
losses and would need different airflow rates of primary air. i

The latent heat gains were calculated as 134 W (Example 1.10) for a module in the
hypothetical building and in Example 1.11 a practical state for air leaving a cooler coil
was taken as 11°C dry-bulb, 7.702 g kg™’ Using 7.702 g kg™ as the primary air moisture
content and 8.366 g kg™ as the room moisture content (for 22°C and 50% saturation) in
Equation (2.4) shows that this then requires a primary airflow rate of 67.66 1s™%. This is likely .
to be too much for a commercially acceptable choice of induction unit and a lower moisture
content should be chosen for the primary air leaving the cooler coil. An off-coil state of 9.8°C
dry-bulb, with 7.1 g kg™ should be feasible for a six- or eight-row primary coil with a chilled
flow temperature at 5.5°C. (Chilled water at this temperature is possible if a water chiller,
such as a centrifugal or screw machine, with modulating capacity control is chosen that can
give proportional plus integral plus derivative control over the chilled water flow tempera-
ture.) Using Equation (2.4) shows that the primary air quantity to deal with the latent gain
is then 35.5 157, which is much more acceptable.

Considering an intermediate floor, the sensible heat gain for a west module was calculated
in Example 1.9 as 1394 W. If primary air leaves the cooler coil at 9.8°C dry-bulb and the
temperature rise for fan power and duct gain is 4.2 K, it will reach the induction units at
14°C. The use. of Equation (2.3) then determines that the sensible cooling capacity of
35.51 s air (in design summer conditions when it is not re-heated) is 354 W, leaving
1040 W of sensible cooling for the secondary coil to provide. This is well within the cooling
capacity of the secondary coil in a commercially available induction unit.

It is theoretically correct to choose a primary air temperature with the use of reheat if
necessary, that allows summer design transmission heat gain, by virtue of air-to-air tempera-
ture difference, to be offset by the primary air alone, leaving the secondary coil to cope with
the random gains from people, lights and sunshine under local thermostatic control. This
permits one primary air reheat zone and schedule to be used for the entire building and
allows the problems associated with the movement of shadows cast by adjacent buildings
over the sunlit facades to be disregarded. Achieving this invariably means reheating the
primary air in summer design weather slightly above the lowest available temperature, with
a consequent loss in its capacity to deal with part of the maximum sensible heat gain. This
imposes a bigger load on the secondary cooler coil and tends to increase the size of the
induction unit needed. The disadvantages of a single primary air zone treatment are, there-
fore, increased capital cost and increased running cost by wasteful reheat. For these reasons
it is common to use the lowest practical temperature at the induction units, for summer
design conditions, after allowing for the rise accruing from fan power, about 1 Kor 1.2 K
per kPa of fan total pressure, and duct heat gains.
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INDUCTION UNIT COOLING CAPACITY

The sensible capacity of the secondary coil in the unit depends on the finning, the number
of rows (usually one), and the amount of air induced, for a specified chilled water flow rate.
Table 2.9 shows the approximate variation in capacity for different flow rates.

It is invariably arranged that the cooler coils in the units only do sensible cooling. It follows
that, during normal operation, the outside surface temperature of the coil, its fins, or the
piping connected to the coil, must not be equal to or less than the dew-point temperature
in the room. Some initial condensation on the secondary coil in the unit is usually tolerable
on start-up in the morning, when the room dew-point may be temporarily higher than during
the daytime. The condensate drains down the fins into an emergency collection tray beneath
the coil. It is generally not necessary to provide a drainage system for this tray because the
small amount of condensate re-evaporates once the induction system is working in its normal
fashion. The choice of the secondary chilled water flow temperature requires a little thought.
Tt is possible to use a flow temperature that is slightly less than the room dew-point without
condensate forming on the external surfaces of the coil and piping. This is because the
thermal resistance of the water film within the piping gives an external surface temperature
that is slightly higher than the temperature of the water inside the pipe. The manufacturer’s
advice should be sought regarding the allowable temperature difference, surface-to-water.
Condensate collection trays should extend beneath the secondary chilled water control valve
and the pipe connections. Pipe lagging and vapour sealing must be provided as necessary.

The induction ratio is a function of the air velocity issuing from the nozzles and their
diameter. More air is induced by many small nozzles than by few large ones, at a given
velocity. The cooling capacity of the secondary coil is usually regarded as proportional to
the difference between the room air temperature (f;) onto the coil and the entering
secondary chilled water temperature (7,,), without appreciable error. Primary air cooling
capacity is defined by Equation (2.3) in terms of the primary air temperature (fp) and ..
Unit capacities and noise levels are, therefore, expressed in terms of unit size, nozzle
arrangement and pressure, for nominal water flow rates and stated values of #,, 1, and 4. It
must be noted that catalogue ratings are always published for a specified standard form of
unit installation and any deviation from this results in a loss of performance.

The costs of distributing and lagging primary airflow are very roughly the same as the costs
of the associated induction units, in many cases. So choosing a larger unit, requiring less
primary air, could cost about the same as selecting a smaller unit with more primary air.
There is some merit in adopting a larger unit, provided it will fit in the building space
available, as its cooling capacity can always be increased by feeding more primary air to it,
with what may be an acceptable rise in the NR value. Nozzle pressures exceeding about
500 Pa are sometimes regarded as being on the high side because the fan total pressure
becomes rather large, with increased fan motor power and running costs. Catalogue acoustic
claims are frequently optimistic and it is generally wise to expect a room effect to be less
than the catalogue anticipation.

Table 2.9 The variation in capacity of a secondary cooler coil for various chilled
water flow rates

Flowrate (%) 10 20 30 40 50 60 70 80 90 100 115 130 145
Capacity (%) 24 48 64 86 88 92 94 96 98 100 102 104 106
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NIGHT-TIME HEATING

With a heavy-weight building of slow thermal response there is no case for energy
conservation by intermittent operation and so the system should run continuously. However,
* itis clearly wasteful to run the primary fan all night as there is no need for fresh air. Circulat-
ing hot water, with its flow temperature compensated against outside air temperature,
through the secondary circuit in winter is worth consideration. Since supply and extract fans
are off, heat transfer from the secondary coils is by natural convection, ‘gravity heating’, but
there are several practical problerms that must be dealt with if the methiod is to be successfully
adopted:

(1) Automatic control action at the induction units must be reversed, or by-passed, if heating
is to be possible at night

(2) The secondary circuit should include a heat exchanger to warm the water when
necessary

(3) Tight shut-off valves must be used to prevent warm water entering the primary circuit
at night

(4) The heat in the secondary system must be dissipated in the moming, before the
refrigeration plant can be allowed to start chilling the primary water.

If the thermal response of the building is quicker, intermittent heating shows energy
savings. With a two-pipe, non-changeover system the options are:

(1) Switch everything off at night but start the primary air fan and extract fan next morning
at a time, related to outside air temperature, that will enable the system to bring the
building up to temperature by the time the people arrive for work. The fresh air dampers
are fully closed and the systern delivers recirculated air at a boosted temperature to the
induction units during the preheating period. The limit of about 40°C on the primary
air temperature stil applies, When the boost period ceases, the system reverts to normal
operation,

(2) Augment the primary air boost by circulating hot water through the secondary coils
during the preheating period, taking due regard of the problems. In this way, high
primary air temperatures are avoided. Again it is important to ensure that the refrigera-
tion plant does not start until the secondary water circuit has cooled to an acceptably
low temperature.

CONTROLS

‘Water-controlled systems in the past have generally used pneumatically operated two-port
modulating valves or three-port mixing valves, with some preference for the former in order
to take advantage of the reduction in secondary water flow under partial load. Self-acting
valves have often proved a failure in the past for various reasons, one being the wide
proportional band needed to work the valves, giving an unsatisfactory variation in room
temperature. Modulating solenoid valves have been accepted as a satisfactory alternative.
Modulating air dampers, that vary the sccondary airflow over the coils and are usually self-
actuated from the primary air pressure in the induction units, are also used. Comparative
cost studies suggest that an air-damper control system may be up to 5% cheaper than water
control, taking account of the costs of induction units, automatic controls, secondary piping,
lagging and secondary pumping. No diversity factor may be applied to the secondary water
flow if air dampers are used or three-port valves fitted. Secondary piping should be lagged
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and vapour-sealed on all systems, particularly four-pipe. One valve and thermostat is not
always provided for each induction unit, so economy in capital cost is achieved by fitting a
valve on each unit but slaving groups of, say, four valves from a common thermostat. If, after
installation and commissioning, a rearrangement of partitions is done, the connexions bet-
ween valves and thermostats can be modified fairly easily, additional thermostats being
bought if necessary, at the expense of the tenant. Using one large valve and thenmostat to
control a group of several units is not as satisfactory since it lacks the fiexibility to cope with
partition rearrangement. Thermostats are best located behind recirculated air slots or grilles
on the units with remote set-point adjustment at the sill. Positioning thermostats on parti-
tions is undesirable because these are often moved at a later date, and locating them on
external walls can introduce problems because surface temperatures are less than air
temperatures in winter and vice-versa in summer.

PIPING ARRANGEMENT FOR AN INDUCTION SYSTEM

Figure 4.7(a) illustrates a primary-secondary chilled water piping arrangement suitable for
an induction system. Water from the chiller at a flow temperature of about 5.5°C flows to
the primary air cooler coil and leaves the coil with a return temperature of about 10 or 11°C.
The motorised, three-port mixing valve shown, R1, is not always used to control the cooling
capacity of the coil — the capital cost of a large valve is saved and it is argued that some
increased dehumidification at times other than for summer design conditions is acceptable,’
as far as comfort is concerned. Against this, the unnecessary extra dehumidification wastes
some energy.

Chilled water is required for the secondary circuit to feed the induction units at a flow
temperature that will be high enough to ensure the units only effect sensible cooling. With
a room state of 22°C dry-bulb and 50% saturation the dew-point is 11.3°C and, taking
advantage of the thermal resistance of the water film within the tubes, a secondary chilled
water flow temperature of about 11°C might be suitable, as explained earlier. Hence the
secondary flow connection is at the point 4, where the temperature is at about the correct
value, under design conditions. A temperature sensor, C2, is immersed in the secondary flow
line and exercises control over the motorised three-port vaive R2. This valve must not be
oversized — the port connecting to the point.4 should be fully open under design coniditions
and this will only be the case if the return temperature from the primary cooler coil is at
the same value as the desired secondary flow temperature to the induction units. The
secondary return line must be connected to the primary line at the point B, as close as
possible to the point A, the aim being to keep the pressure drop negligible between 4 and
B. This will ensure that the primary water flow rate will be virtually constant, regardless of
the flow through the secondary circuit.

The primary-~secondary chilled water flow relationship is complicated by the fact that the
primary water flow rate is based upon the performance of the primary air cooler coil,
whereas the secondary flow rate depends on the selection of the induction units. This
imbalance must be reconciled. The aim should be to have a primary flow rate that equals
or exceeds the secondary flow rate. If the secondary flow rate is greater than the primary
rate there will be reverse flow in the primary circuit, between B and A. In itself this does
not matter but it means that the temperature of the water flowing from A into the three-
port control valve R2 will be higher than the return water temperature from the primary
cooler coil. Hence the selection of the induction units will be affected. The problem can be
dealt with by re-sclecting the induction units, or by fitting a by-pass in the secondary circuit
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between Y and Z, or by fitting a by-pass in the primary circuit between W and X. All these
remedies have consequences on: water flow rates, chilled water temperatures, primary coil
performance, induction unit performance, chiller performance, and pump duties. These
issues must be dealt with.

Each induction unit is controlled from a room thermostat, C3, C4, Cn, etc., which
regulates the cooling capacity of the secondary coils. If motorised valves, R3, R4, Rn, etc.,
are used it is desirable to provide a three-port valve at the end of a branch (as at Rn). This
keeps the line alive and improves the response of the system. As the load reduces and two-
port valves throttle, the pressure increases near the end of the system and valves find it more
difficult to exercise proper control and they become noisy. A pair of pressure sensors, Pla
and P1b, is fitted in the system, about three-quarters of the way from the pump discharge
to the index unit. (There is an analogy with VAV systems, shown in Figure 2.16.) As the
pressure difference sensed by Pla and P1b increases, a motorised valve, R1, located at the
pump discharge, could be throttled. An alternative and better arrangement, as shown, is to
use an increasing pressure difference between Pla and P1b to reduce the speed of the
secondary pump, by means of an inverter,

FOUR-FPIPE SYSTEMS

Units have the capacities of their heating and cooling coils controlled in sequence, with a
no-capacity gap in between, either by water control valves or by air dampers. There is a
tendency for air dampers not to close properly and so some secondary air is induced over
both coils simultaneously, actual cooling and heating capacities not reaching rated values.
Similarly, four-port valves, a pair of two-port throttling valves in a common valve body, and
six-port valves, a pair of three-port valves in a common body, should be avoided as heat is
conducted through the valve body from the hot to the chilled water, particularly in six-port
valves where hot and cold water flow is continuous. A further objection to such multi-port
valves is that, since clearances between valve discs and their seatings is small because of the
deliberately compact construction, any scale or dirt in the water system prevents valves from
closing fully and can cause endless difficulty with loss of performance.

The four-pipe system provides cooled and dehumidified, unheated primary air at all times.
There is, therefore, no cancellation of cooling by primary reheat and the problems some-
times experienced with two-pipe systems in selecting units for southern and eastern building
faces do not exist for the four-pipe version. Moving shadows across building facades present
no difficulties and full heating and full cooling is available at all times. A wider range of set-
point choice is possible at the thermostats and the response to load changes is quicker than
with two-pipe units. Since no heating is used to cancel cooling, the system is more economical
to run than a two-pipe system. Four-pipe systems cost between 10-15% more than the equiv-
alent two-pipe systems in terms of induction units, piping, lagging, pumping and controls.
A four-pipe unit can be deeper than-a two-pipe, occupying about 5% more floor area.

UNIT LOCATION

The induction unit was initially designed for mounting beneath a window, blowing air
upwards from the sill and recirculating room air through a grille in the front of the unit. A
similar performance is achicved when an open slot, of at least 100 mm height and the full
width of the secondary coil, at floor level replaces the front grille. However, other departures
from these standard arrangements result in a reduction of performance. When any non-
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standard installation is proposed, tests on cooling capacity and air distribution should be
done before the units are fitted on site in quantity. One unit per module is the usual
arrangement but sometimes larger units are selected with sufficient capacity to cope with
the gains in two modules, and for installation centrally beneath alternate windows. Partition
rearrangement then introduces a problem since, for example, an office could comprise three
modules, the two outer ones lacking an induction unit. A partial solution sometimes adopted
18 to select the units on the same basis but to position them centrally on the mullions so that
the module on cach side is then dealt with by half an induction unit. The objection to this
is that acoustic privacy across the partition dividing a unit is not always certain. Therefore,
it may be necessary to try and fit a barrier within the unit itself, between the nozzles and
the secondary coil, obviously with great difficulty. Units have been mounted above
suspended ceilings, freeing floor space. If the unit is mounted thus, horizontally, an access
panel must be devised by the architect. Such a panel must be easily opened for maintenance;
safely secured when not open; durable; easily cleaned; aesthetically pleasing. This combina-
tion of properties, however, is not always easily achieved.

A horizontal installation at high level could perhaps be accommodated in a dear
ceiling space of about 250 mm, depending on the type of unit. Alternative arrangements
are possible, with ingenuity, but any will suffer a loss of performance and the air
distribution with a high level unit must always be tested to make sure that it will prove
satisfactory.

MAINTENANCE

Induction unit coils require lint screens to pick up floor dirt, and fibres from carpets, when
- they are floor-mounted. Such screens should also be fitted in high-level units because the
air circulation pattern in the room carries dirt up to the ceiling. Also, lint screens, secondary
coils and nozzles need cleaning every three to six months and if this is not done unit
performance gradually declines, with dirt periodically ejected onto the window sill and into
the room. Good quality filtration is recommended because, with time, dirt tends to build
up within the unit, as it will with any air distribution system. In this respect, units with nozzles
smaller than 3 mm seem to retain dirt more readily than do larger nozzles. Routine
maintenance is also required for the automatic controls.

PSYCHROMETRY

Figure 2.23 ilustrates the psychrometry of two-pipe non-changeover systems. In Figure
2.23(a) the performance shown is for a system operating under design summer conditions.
Air extracted from the room at state R is warmed to state R” by the extract fan power and
mixes with minimum fresh air at state O to form state M. The primary air is then cooled
and dehumidified to an off-coil state I, which is dry enough to handle the latent heat gains
in the treated rooms. A temperature rise of about four or five degrees, caused by the supply
fan power and duct heat gain, changes the state from W to P, at which the primary air is
delivered to the nozzles of the induction units. About four volumes of secondary air for each
volume of primary air are induced over the secondary coils and sensibly cooled from state
R to state R’ This mixes with primary air at state P and is supplied to the room at state S.
The length of the sensible cooling process line, R-R’, alters as the secondary coil cooling
capacity is varied in response to signals from the room thermostat.
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Figure 2.23 The psychrometry of a two-pipe, non-changeover, perimeter induction system. (a) Summer
design performance. (b) Winter performance.

In winter (Figure 2.23b), cold fresh air at state O is automatically mixed with recirculated
air at state R” to form state M. This has a temperature that is cold enough to chill the water
flowing within the tubes of the primary air cooler coil. In this way, referring o Figure 4.7(a),
if the primary and secondary pumps are running but the refrigeration plant is off, the water
leaving the primary cooler coil is cooled by the airflow over the outside of its tubes to a value
suitable for the secondary chilled water flowing to the induction unit coils. The tempera-
ture rise from M to P (Figure 2.23b}) is partly due to the heat removed from the chilled water
by the primary coil and partly to the supply fan power and the duct heat gain. It is then
necessary to heat the primary air according to the compensated schedule, to the right tem-
perature to offset the heat losses. This is shown by the dashed line from P to P. Primary
air at P issues from the nozzles and induces secondary air over the coils in the units, sensibly
cooling it from state R to state R’.

It is evident that the re-heated primary air can represent a waste of energy, advantage
not being taken of casual gains to offset heat losses.

Frost protection is needed to protect the chilled water system in winter and it may be
necessary to add glycol to the system. When this is done account must be taken of the con-
sequences: the heat transfer coefficients of all heat exchangers reduces significantly, mechan-
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Figure 2.24 Primary ductwork arrangements, (a) Vertical distribution. (b) Horizontal distribution.

ical seals (instead of packed glands) become necessary because the viscosity of a water—glycol
solution is different from that of water, zinc in the piping system will be preferentially
attacked, in the presence of oxygen,

DUCTING ARRANGEMENTS FOR AN INDUCTION SYSTEM

The extract system is conventional low velocity and is not nearly as extensive or as
complicated as the primary system, which is at high velocity and high pressure with fan total
pressures of about 2 kPa. The primary air ducting may have a vertical or a horizontal
distribution arrangement (Figure 2.24). The vertical arrangement was favoured in the United
States but has not always been suitable for use in the UK since the location of the vertical
dropping ducts at the mullions between adjoining modules clashed with reinforcing rods or
steel joists. However, the vertical arrangement has been used successfully outside the
building envelope. When used, it is advisable to size the horizontal header ducts by static
regain, in order to obtain the same static pressure at the beginning of each vertical dropping
duct and so assist balancing.

The horizontal arrangement, in Figure 2.24(b), has been adopted for many installations
because it does not clash with the building structure to the same extent as the vertical
form. The dropping ducts should again be sized by static regain, where possible, to
simplify balancing by having the same static pressure at the beginning of each horizontal
duct.
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The vertical arrangement is potentially cheaper than the horizontal, because multiple
induction units can be fed from a single dropper, as many as three on each side of the main.
A maximum of two units may be blown through.

NOISE FROM UNITS

Selecting a quiet unit is insufficient guarantee of a quiet installation. Regenerated noise in
the primary duct system will enter the unit, and hence the room, if the ducting has not been
sensibly sized, constructed and installed. Its layout must also be such as to avoid the creation
of turbulence. In particular, long and bent flexible connexions feeding units are a prime
source of noise. Badly-made units may leak high pressure air from their casings and burrs
on poorly moulded nozzles may generate unexpected noise. If the ductwork system has not
been sized to achieve a natural balance, excessive pressure will be absorbed at the unit
damper, giving unacceptable noise.

2.11 Fan coil systems

EAN COIL UNITS

These are small air handling plants, usually located in the room being conditioned. They
are simple in construction and are fed with chilled water and/or LTHW. Sometimes they
are provided with electric re-heaters. Fresh air may or may not be supplied, the decision
depending on the application and the economics. Historically, they have been in use all over
the world since the early part of the 20th century. In the UK they have increasingly found
favour for air conditioning office blocks, particularly since 1980 and, although originally
intended for installation as free-standing, cased units, they are commonly also located above
suspended ceilings and compete successfully with variable volume systems.

A fan coil unit comprises one or more fans, recirculating air from the room and blowing
it over a cooler coil. The fans are driven by totally enclosed, single phase, permanent split
capacitor motors, with absorbed powers in the range of 20-190 W. There are usually three
possible running speeds, delivering airflow rates that are 100% at medium speed, about 83%
at low speed and 118% at high speed. The driving motor absorbs about 75% power at low
speed, 100% at medium speed and 140% at high speed. For a building of some size, it would
be necessary to provide switchgear to give a random start for the fan coil units in the
morning, when the air conditioning system was first switched on,

Sometimes two coils are provided, one for cooling and one for heating. The coils are made
from copper tubes (typically 9-16 mm outside diameter) with aluminium plate fans. Chilled
water flow rates for room fan coil units lic between 0.05 and 0.4 I s™ with water pressure
drops through the coil of about 5-25 kPa. Standard coils have two or three rows of tubes
for cooling when used in two-pipe systems but, in four-pipe installations, the coil may have
four rows, three for cooling and one for heating, sharing a common fin block. It is cheaper
to make coils that are wide, rather than tall, with the further advantage of better condensate
drainage down a shorter fin distance to the collection tray, if the coils run wet. Hence the
face of the coil js rectangular, with a fairly large aspect ratio. A consequence of this is that
multiple fans are used in parallel, to give a more uniform air distribution over the face of
the coil. One or more driving motors maybe used, close-coupled to the shaft of the fans.
The fans themselves are double inlet, with forward curved centrifugal impellers and airflow
rates in the range 70-450 1 5™, when running at medium speed.
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THE SUPPLY OF FRESH AIR

As a means of air conditioning, particularly in tropical countries, fan coil systems have much
in their favour, not least being the relatively small amount of time required for design. In
the simplest and cheapest form of system the cooler coil in the unit receives chilled water
at the lowest practical temperature and does both the sensible and latent cooling. Fresh air
enters fortuitously through ill-fitting windows and condensate off the coil is drained to waste.
A small improvement accrues if outside air, plus traffic noise and dirt, comes in through a
purpose-made hole in the wall behind the unit, induced through the casing and mixed with
recirculated air by the fan, prior to being blown over the cooler coil and delivered to the
room,

A third possibility is to add a mechanical ventilation system that handles filtered and heat-
ed (as necessary) fresh air, ducted at low velocity to supply grilles located at high level on
the corridor side of the room and blowing towards the windows. While this assists proper
air distribution and removes noise and dirt from the fresh air, the fan coil units still run wet.
In this connexion, if a changeover mode is used, wet and dirty unit coils may generate
unpleasant smells, absorbed during the previous form of operation, as they dry out when
hot water circulates.

The fourth and best option is to provide a cooler coil for dehumidification in the central
air-handling plant and arrange for the fan coil units to run dry, doing only sensible cooling.
The units will then cost more money because they will remove less sensible heat with the
higher secondary chilled water temperature necessary to prevent latent cooling. This extra
cost is partly offset by the sensible cooling contribution of the ducted air. As with the
induction system, there is no need to install piping for condensate drainage. Any condensate
formed during start-up, drains into an emergency collection tray beneath the cooler coil and
is subsequently re-evaporated.

‘When fan coil units are installed at high level, above suspended ceilings, it is essential to
ensure that the air distribution in the room is satisfactory and that any ducted fresh air is
also properly admitted to the room.

The air supplied from the fan coil unit must be smoothly fed into a ceiling diffuser
that will give draught-free, quiet air distribution. The used air must be extracted from
the room in a proper fashion that does not result in any short-circuiting or noise. If there
is any doubt about the air distribution, tests should be carried out to establish air
temperatures, air velocities, and noise levels, either in the manufacturer’s works or in a full-
scale mock-up. The fan in the unit must be able to develop enough additional pressure to
offset the resistance to airflow of any air distribution ducting and diffusers attached to the
unit.

When a fresh-air ducted supply is used in conjunction with fan coil units located above
a suspended ceiling, the fresh-air duct branch for each module should be extended to be
close to the back of the fan coil unit (see Figure 3.1). The fresh air will then be handled as
part of the fan coil unit duty and be properly distributed in the room. When this is done,
the effect the fresh air has on the state of the air entering the fan coil unit must be considered
and its influence on the capacity of the fan coil unit assessed.

HEATING

If a two-pipe fan coil system is used in the UK climate, a difficulty arises with heating. The
options are:
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(1) Use a changeover system. This is unsuitable for the UK climate and for most buildings
generally because of the thermal inertia of the piping system and the building itself. This

has been discussed in Section 2.10.

(2) Supply warmed air from an auxiliary mechanical ventilation system. This is also not
suitable, for the following reasons:

(a) Heat losses from the supply duct, even though it is lagged, will mean that the
temperature of air delivered to rooms remote from the heater battery in the air
handling unit will be too low. Attempting to deal with this by increasing the air
quantity supplied is self-defeating and a waste of time.

(b) Itis not possible to balance a ducted supply air system perfectly. Plus or minus 10%
in the supply of fresh air may escape notice but such a typical imbalance will give
a significant variation in the heating capacity.

{c) Air supplied from a grille at high level in the corridor wall (say) is really in the wrong
place for single glazing. Air ought then to be delivered under the windows to offset
downdraught, and so on.

(d) I the supply air is delivered at high level at a teraperature exceeding 35°C, strati-
fication becomes a difficulty, with inadequate heating in the occupied part of the
room.

(3) Use a four-pipe, twin coil, system. This is the correct choice for a fan coil system in a
temperate climate.

FAN COIL UNIT CAPACITY

Most fan coil units are available for horizontal or vertical mounting and provided with a
metal casing for immediate installation, or are uncased when they are fitted behind or above
joiners’ or builders’” work panels. Manual selection for running the unit fans at high, mediom
or low speed is usual, and for applications in the UK it is customary to select units to match
office loads at medium or low speed, but for hotel bedroorns selection is at low speed. Units
in offices would normally be operated at a fixed speed after installation, without the option
of an easy speed change, but in hotel bedrooms guests would have the chance to select a
higher speed, giving greater-than-design capacity with a higher-than-design noise. In warmer
climates a choice at high speed is often the rule, the greater noise levels being acceptable.
As with cooler coils generally, total cooling is largely a function of entering wet-bulb
temperature but when coils are chosen for sensible cooling only, the dry-bulb dominates.
Commercial fan coil units, suitable for dealing with the loads in individual offices or hotel
bedrooms, have cooling capacities from about 600 W to as much as 70 000 W, depending of
course on the entering air state, with fans running at high speed and when fed with chilled
water at entering temperatures between 11 and 4.4°C. Air quantities vary but one typical
manufacturer offers four unit sizes with fans handling 100, 150, 200 and 3001 st of air.
Performances are usually shown in tables but catalogue information, particularly for
sensible cooling, is seldom well presented. However, as with induction units, sensible cooling
capacity can be regarded as proportional to the difference between the entering air dry-bulb
and the entering chilled water temperature, for a given water flow rate and fan speed.
Selection to give an exact match between sensible and latent loads and corresponding fan
coil capacities is rarely possible and, as long as the sensible gain is dealt with in a satisfactory
way, this need not matter very much because of the relative unimportance of humidity in
human comfort. Figure 2.25 shows performance curves, based upon technical information
extracted from a manufacturer’s catalogue, for fan coil units handling 200 1s™; with the fan
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Figure 2.25 Performance of a typical fan coil unit, with a three-row cooler coil, for various entering
water temperatures and an airflow duty of 200 1 s™. State onto the fan coil unit = 22°C dry-bulb,
15°C wet-bulb.

running at high speed. The way in which the latent capacity falls off as the flow rate dimin-
ishes can be seen. For an entering water temperature of 7.2°C, for example, the sensible
and total curves merge at a flow rate of about 0.17 1 5™ when the thermal resistance of the
water film within the tubes is great enough to ensure a surface temperature entirely above
the entering dew-point. With a higher temperature, say 10°C, no latent cooling occurs at all
for the entering air state of 22°C dry-bulb and 15°C wet-bulb (sling) quoted.

EXAMPILE 2.16

Select a fan coil unit to deal with the design heat gains to a west-facing module on an
intermediate floor in the hypothetical office block. Assume a central mechanical ventilation
plant delivers filtered, but uncooled outside air to the modules at a rate of 1.4 1 5™ m™
expressed at the outside state and allow a temperature rise of 0.3 K to cover supply fan
power. Assume also that chilled water is available at 5.6°C.

Answer
The outside air delivered to the offices constitutes part of the load on the fan coil units.
For the established outside and inside design states, caused in Example 1.9, the loads for a
west-facing module on an intermediate floor are as follows.
Fresh air sensible load (by Equation (2.3)):

[(14.4 x 1.4)/10%] x (28.3 — 22) x [358/(273 + 28)] = 0.151 kW
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Fresh air latent load (by Equation (2.4)):
[(14.4 x 1.4)/10%] x (10.65 — 8.3667) x [856/(273 + 28)] = 0.131 kW

Hence

Sensible gain at 1500 h sun time in July: 1394 W
Fresh air sensible gain: 151w
Total sensible load on the fan coil unit: 1545 W
Latent heat gain at 1500 h sun time in July: 134w
Fresh air latent load: 131 W
Total latent load on the fan coil unit: 265 W

The overall load on the fan coil unit is 1545 + 265 = 1810 W.

Figure 2.25 shows that, when running at full fan speed and delivering 200 1 s™ of air, a
typical fOuI'-plpe fan coil unit, using three rows for cooling with chilled water flow rate of
0.3 1s™ at a temperature of 5.6°C, has a sensible cooling capac1ty of 1720 W and a total
capacity of 1980 W. By difference, the latent cooling capacity is 260 W. The capacity multiplier
at medium speed is 0.85. Hence the capacities at medium speed will be: 1462 W, sensible,
1987 W total and 526 W latent, by difference. The sensible gain to be dealt with by the fan
coil unit is 1545 W and so the unit will probably have to run at full speed during summer
design weather but may be reduced to medium speed, with a lower sound power level, for
a significant part of the time. The latent capacity of 260 W alinost equals the calculated latent
load of 265 W when the unit is running at full speed but with a reduced airflow over the coil,
at medium speed, more dehumidification is done and the latent capacity of 525 W is rather
more than the latent gain of 265 W. This is not uncommon and results in a lower humidity
than intended in the conditioned space. There is very little effect on human comfort but, if
the difference is excessive, the cooling load for the whole building may be increased.

The latent capacity of a fan coil unit is approximately proportional to the difference
between the room dew-point and the chilled water flow temperature onto the coil. At the
same time, the latent heat gain to the module, as given by Equation (1.12), is dependent on
the moisture content in the room. Since moisture content is directly related to dew-point,
the latent heat gains to a module can be expressed in terms of room dew-point. Hence the
approximate humidity in the room can be determined.

EXAMPLE 2.17

For the case of Example 2.16, determine the approximate humidity in a west-facing module
if the fan coil runs at medium speed.

Answer
The latent gain by Equation (1.2) and the latent gain due fo the mechanical ventilation

system, by Equation (2.4), is:

= [0.8 X 0.5 x 37.44 (10.65 - g,) + (2% 50)] + [(1.4) x 14.4) x (10.65 - g,)
X [856/(273 + 28)] = 14.976 x (10.65 —g;) + 100 + 57.332 (10.65 - g,)
= 870.08 - 72.31 g,
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For a room condition of 22°C dry-bulb, 50% saturation, the dew-point is 11.3°C, the moisture
content is 8.366 g kg™ and the latent load on the fan coil unit is 265 W. This establishes
point 1, in Figure 2.26. If the room dew-point is 5.6°C (equal to the chilled water flow
temperature onto the fan coil unit) the corresponding room moisture content is found from
psychrometric tables or a chart, to be 5.658 g kg™ and, using the equation obtained above
for the particular case being considered here, the latent heat gains are calculated as 870.08
- 72.31x5.658 = 461 W. This establishes point 2 in Figure 2.26. Joining points 1 and 2 gives

“the line representing the latent load on the fan coil unit. When the state of the air onto the
fan coil unit is 22°C dry-bulb and 15°C wet-bulb (Figure 2.25) the room dew-point is 10.1°C
and the latent cooling capacity at medium speed is 525 W. This establishes point 3 in Figure
2.26. When the room dew-point equals the chilled water flow temperature of 5.6°C, the latent
cooling capacity of the fan coil unit in zero. This establishes point 4 in Figure 2.26. Joining
points 3 and 4 establishes the line for the latent cooling capacity of the fan coil unit. The
two lines, for latent load and latent capacity, intersect at a dew-point of about 8.7°C. At a
dry-bulb temperature of 22°C the corresponding humidity is about 42% saturation, from
psychrometric tables or a chart.

EXAMPLE 2.18

Select a fan coil unit to deal with the design heat gains to a west-facing module on an
intermediate floor of the hypothetical office block assuming that a central mechanical system
delivers dehumidified air at a state of 13°C dry-bulb, 7.702 g kg ™. Secondary chilled water
at 11°C is available. Refer to Example 1.11 and Figure 1.4, as necessary.
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Figure 2.26 Relationship between room dew-point, latent load and the approximate latent cooling
capacity of a fan coil unit. See Example 2.17.
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Answer

To determine the cooling load in Example 1.11 for the whole of the hypothetical office block,
when conditioned by a fan coil system, it was established that 46.071 m® s™ of air at 13°C
and 7.702 g kg™’ must be delivered to the building, in order to deal with the design latent
heat gains. There is a total of 864 modules in the entire building and hence the supply of
air to each module is 46.071 x 1000/864 = 53.321s7, at 13°C.

The sensible cooling capacity of this air, using Equation (2.3), is 53.32 x (22 ~ 13) x
358/(273 + 13) = 601 W. Hence the sensible heat gain to be dealt with by the fan coil unit
is 1394 — 601 = 793 W. Figure 2.27 shows that a size 3 unit, running at high speed, will give
a sensible cooling capacity of about 793 W when the chilled water flow rate is 0.16 Is7. It
is seen in Figure 2.28 that a fan coil unit running at high speed produces a sound pressure
level that is about 5-8 dB louder than a unit running at medium speed, if the room effect
is zero (see Section 7.8). A size 4 unit, running at high speed, has a sensible cooling capacity
of about 1070 W with a chilled water flow rate of 0.16 1 s, Applying a multiplier of 0.75
gives a sensible cooling capacity of about 802 W when running at slow speed. This will give
a quiet but more expensive unit. However, there is reduced scope for good capacity control
by throttling the flow of chilled water: 0.16 1 s™" is at the bottom end of the flow rates for a
size 4 unit. Under such circumstances, if the larger but quieter unit is used, the sensible
cooling capacity might be increased by using a flow rate nearer to the middle of the range
(with a better control potential) but then reduced to 793 W by choosing a higher chilled
water flow temperature than 11°C. The sensible cooling capacity of a fan coil unit, for a given
fan speed, is approximately proportional to the difference between the room dry-bulb and
the chilled water flow temperature onto the unit. Such options have commercial consequen-
ces which must not be overlooked.

T / Sied

1000

Size 3

/—Sizez

Sensibls cooling capacity (W)

600

00l /——- Sizs 1

.. 22°C dry-bulb, 15°C wet-bulb on the ¢oll
High-spead fan

Three-row cooler coil entaring

w0 chilled water at 11°C

Capacity multipliers:

= Medium speed 0.85

Slow speed: 0.75

[+ ! i i { ! { i {

[} 0.1 0.2 0.3 ¢4

Chilled water flow rate (litres 57}

Figure 2.27 Typical sensible cooling performance of fan coil units.
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Reference to Figure 4.7 shows the need to provide system pressure control when units
are controlled by throttling water flow: the upstream pressure increases as the unit valves
throttle. If this risk is ignored, the system will control poorly and be noisy at low duties.

With a four-pipe fan coil unit, the capacities of the cooling and heating coils are controlled
in sequence. Hence re-heat never occurs. The heating capacity of the unit must be enough
to deal with the heat loss and to warm the air introduced by the central mechanical system.
The flow temperature of the LTHW supplied to the units is compensated against outside.
air temperature for normal operation but with intermittent system operation the flow
temperature is elevated to provide the necessary boosted capacity in early morning heat up
periods. During such periods the central air-handling plant would be off, with the dampers
on its outside air inlet and discharge openings tightly closed.

EXAMPLE 2,19

Calculate the heating capacity required from a four-pipe fan coil unit for a module on an
intermediate floor of the hypothetical building. Assume that the central mechanical air
handling plant delivers 52.32 1 5% of air at 13°C. Take the inside and outside temperatures
in winter as 20°C and ~2°C, respectively, and assume one air change per hour of natural
infiltration. Refer to Section 1.2, as necessary, for details of the module.

Answer

Heat loss:

Glass: 3.168 x 3.3 x (20 + 2) 230
Wall: 4.753 x 0.45 x (20 + 2) 47
Infiltration: (1.0 x 37.44/3) x (20 + 2) 275
Total heat loss: 4 7 552 W
Air heating: 53.32 x (20 - 13) x 358/(273 + 13) 467
Total heating capacity needed: 1019 W

Four-pipe systems having fan coil units with only a single coil, used for cooling or heating
in sequence, are possible. They are not recommended: proper design is lengthy and hydraunlic
problems abound. This form of four-pipe system should never be used. There are also three-
pipe systems which have a pair of flow lines, one for chilled water and the other for LTHW,
supplying a single coil. Water leaving the coil is fed into one pipeline and returned either
to the boiler or to the water chiller. The water returned to the plant is too warm for the
chiller and too cold for the boiler. Mixing losses in the return line are very large and three-
Dipe systems must never be used.

NOISE

The noise mostly originates from the fan but sound power levels can vary according to the
type of fan used, its bearings and mountings, the rigidity of the metal casing and the smooth-
ness of airflow from the discharge grille. Manual changes in fan speed give variations in unit
. capacity according to the typical factors in Table 2.10, and refer to the units typified by
Figures 2.25 and 2.27. It is possible to get sound power values from manufacturers and, when
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Table 2,10 Typical variations in unit capacity with fan speed

Low fan speed Medium fan speed
Unit  Total capacity  Sensible capacity  Total capacity  Sensible capacity
1 0.90 0.89 0.81 0.79
2 0.90 0.88 0.80 0.77
3 0.85 0.85 0.75 0.74
4 0.85 0.80 0.70 0.67
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Figure 2.28 Noise ratings achieved with a size 3 fan coil unit in an office with zero room effect.

such information is used, the approximate acoustic performance of a new unit as shown in
Figure 2.28.

CONTROLS

There. are two basic ways of controlling unit capacity: cycling the unit fan and varying the
chilled water flow rate. Cycling the fan from a thermostat behind the recirculation grille is
the cheapest but least satisfactory method. Although adequate control is achieved by this
method under tropical conditions, the variation in air movement and noise is seldom well-
received in temperate climates. Water control, preferably by two-port modulating valves, is
the best method although three-port valves also give good results.

Not much energy may be saved by varying the fan speeds. Shaded pole motors with low
power factors are used and speed reduction in achieved by dropping the supply voltage
across a resistance.
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2.12 Chilled ceilings and chilied beams

The method of air conditioning by chilled ceilings has not proved particularly popular even
though it is most economical to run, occupies no lettable floor area, requires no additional
expenditure on joiners’ work casings for terminal units, is silent in operation and includes
an acoustic ceiling. Three possible explanations for this lack of application are: an apparently
higher capital cost; some extra depth needed to accommodate the ceiling; and a compara-
tive inflexibility in responding to partition rearrangement. However, insufficient credit is
allowed for the acoustic ceiling and for the absence of joiners’ work casings on términal units.
Secondly, as little as 200 mm is sufficient to accommodate the ceiling if, as is desirable, the
auxiliary ventilation ducting is run above the ceiling in the central corridor, to feed side-
wall grilles in the rooms. In any event, 200 mm is needed for a suspended ceiling with
recessed light fittings. Thirdly, a suspended metal pan ceiling can carry chilled water pipes
at 200, 300 and 450 mm centres, to offer a fair degree of rearrangement possibilities.
Originally, chilled ceilings were provided by pipe coils embedded in the soffit of concrete
floor slabs during building construction and finished with an appropriate rendering or
plaster. Although this approach permitted pipe centres as close as 100 mun, with greater cool-
ing capacity, capital costs were high and it has been replaced by acoustic pan ceilings, of
various types, clipped to pipes and suspended by short drop rods from the soffit of the slab.
Figure 2.29 shows one such type of chilled ceiling and in Figure 7.5 the typical acoustic
performance is shown for 600 x 600 mm panels with 25 mrmn of fibreglass laid above the
pipe coils. Different rsakers offer various forms of chilled ceiling. The acoustic quality is
given by perforations in the panels with a glass fibre blanket above the pipes, as shown in
Figure 2.29, or glass fibre pads, encased in polythene bags, between the pipes. An auxiliary
air handling plant is essential, to deliver filtered, cooled and dehumidified air through a low
velocity ducting system to side-wall grilles or ceiling diffusers. Ceiling diffusers may not be
suitable because the ceiling depth is not always enough to allow horizontally-flowing, ducted
air to be tumed smoothly into the diffuser necks and noise will result if there is an uneven
distribution of air over the diffuser cones. The auxiliary air is enough for ventilation and,
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Figure 2.29 Section of one type of chilled suspended ceiling showing heat flows, thermal resistances
and temperatures.
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being mixed with recirculated air as necessary, deals with all the latent heat gains and some
of the sensible heat gains in the treated rooms. The remainder of the sensible gain, and also
any peripheral heat loss, is offset by the ceiling. Variations in sensible gain are met by
thermostatic control over the flow rate of chilled water through the pipework, on a modular ..
basis. For unfinned tube the thermal resistance of the inside water film is a comparatively
small proportion of the overall, water-to-air, thermal resistance and it is, therefore,
important that the water temperature is above the room dew-point at all times. Therefore,
a secondary chilled water circuit is required and proportional plus integral plus derivative
control must be exercised over its flow temperature.

For the best results, according to Jamieson (1963), the variable part of the heat gain should
be dealt with by the thermostatically controlled capacity of the ceiling and the relatively
constant or predictable portion of the gain by the constant or programmable capacity of the
auxiliary air system. This is best illustrated for the case of a conditioned core area where the
lights are on constantly and would be ideally covered by the cooling capacity of the air. The
variable load is provided by the people and this is offset by the chilled ceiling. When using
chilled ceilings for perimeter applications the part of the piping circuit nearest to the window
wall can have a heating capacity. The piping circuit feeding the modular panels would be
split so that the two or three pipes parallel to the wall are fed with compensated LTHW in
sequence with chilled water, whereas the remainder of the piping receives chilled water only.

HEAT TRANSFER FROM CHILLED CEILINGS

Heat transfer from a ceiling is by both radiation, g, (W m™), and natural convection, g,
(W m™). In a simplified, theoretical form these are expressed by the following equations

q; = 5.67e[(T5/100)* — (T, /100)*] (2.14)

where ¢ is the emissivity of the emitting surface, T; (K) is its absolute temperature and Ty,
(K) is the mean radiant temperature of the room.

ge =13 (-0 (2.15)
for the case of a horizontal surface looking downwards, where ¢ is the surface temperature

(°C) and ¢ is the air temperature (°C).

EXAMPLE 2.20

Given that the surface temperature of a ceiling is 16°C, that its emissivity is 0.93, that the air
temperature is 23°C and that the mean radiant temperature of the room is 21°C, determine
the total, theoretical, thermal absorption by the ceiling, using Equations (2.14) and (2.15).

Answer

g = 567 x 0.93 x [((273 + 16)/100)* - (273 + 21)/100)]
=-261Wm™

g. = 1.3 x (16 - 23)1%
=-148 W m™
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Total thermal absorption = —26.1 — 14.8 = ~40.9 W m™>

Human comfort depends on air dry-bulb temperature, air movement, mean radiant tempera-
ture and, to a less extent, relative humidity. A chilled/heated cziling offers opportunities for
providing comfort by using a higher dry-bulb in summer and a lower dry-bulb in winter, than
would be the case for systems having convective methods of heat transfer. When following
this. approach and using Equation (2.14) a problem arises in the use of mean radiant
temperature. This is defined as the temperature of a notional, blackened, copper sphere
that surrounds the point of measurement and radiates heat to the point at the same rate as
the actual surfaces of the room do, Thus the value of the mean radiant temperature varies
from place to place in a room and this poses a difficulty in choosing a value for T, when
using Equation (2.14). Hence it is common to use the mean surface temperature of the room,
Ty (K), in Equation (2.14), instead of mean radiant temperature, because it does not vary
with position in the room.

EXAMPLE 2.21

For the case of a west-facing module on an intermediate floor of the hypothetical office
block, calculate the mean surface temperature at 15.00 h sun time in July, making use of
the following data, as necessary and assuming that internal Venetian blinds are fitted and
adjusted to exclude the entry of direct solar radiation.

Total internal surface area of a single office: 72.48 m?
Window area: 3.168 m?
Internal area of the outside wall: 3.072 m?
Floor area: 14.4 m?
Gross ceiling area: 14.4 m®
Area of luminaire: 09 m*
Net ceiling area: 13.5 m?
Partition area (including door to corridor) 37.44 m®
Volume of room: 3744 m®
Surface temperature of the wall: 22.0°C
Surface temperature of the partitions and floor: ‘ 23.0°C
Surface temperature of the luminaire: 30.0°C
Room air dry-bulb temperature: 23.0°C
Surface temperature of the chilled ceiling: :
Heat transfer coefficient of the outside surface of the glass: RIWmZK

Heat transfer coefficient of the surface of the Venetian blinds: 79Wm?K?

The CIBSE Guide (1986) gwes the total solar 1rradlat10n normally incident on a west-facing
window at 15.00 h sun time in July as 555 W m™ 2 and, according to Pilkington (1991), the
absorption coefficient for 4 mm clear glass fitted with internal Venetian blinds is 0.44. Hence,
considering the window--blind combination as a whole unit {(at a temperature f,), and assum-
ing that part of the heat absorbed by the whole combination is emitted to the room and the
remainder is emitted to outside, the approximate temperature of the blinds, #, (°C), can be
calculated:
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Table 2,11 A suromary of chilled ceiling temperatures for Example 2.21

t (O 10 1 12 13 14 15 16 17
tw (°C) 213 215 217 219 220 22 224 226

0.44 % 555 = 7.9 X (f, - 23) + 22.7 X (t, — 28)

whence &, = 34.7°C.
The total internal surface area of the room is 72.48 m? and hence the mean surface
temperature can be calculated:

tim = [(3.168 X 37.4) + (3.072x 22) + (144 x 23) + (13.5 x1.) + (0.9 x 30) + (37.44
x 23)]/72.48
=19.39 + 0.19,

Making assumptions for the ceiling temperature the consequent mean surface temperatures
for the room are found, as Table 2.11 summarises.

For a typical room state of 22°C dry-bulb and 50% saturation the room dew-point is
11.3°C and, remembering that the ceiling temperatures are mean values this seems likely
to rule out ceiling temperatures less than about 13°C, It appears that, with the above theory
and assumptions, achieving a mean surface temperature less than 21.5°C is going to be
difficult.

THE ACTUAL COOLING CAPACITY OF A CHILLED CEILING

The sensible cooling capacity of a chilled ceiling depends on several practical factors:

(1) The pitch of the pipes. The interval between pipes should normally not exceed 450 mum
for cooling. With some makes of ceiling a pipe spacing of 600 mm will not give enough
sensible cooling although it can be used for heating.

{2) Water velocity within the pipes. If this is too slow not only will the water temperature
rise be large, increasing the mean temperature of the ceiling, but laminar flow will
prevail within the pipes and heat transfer from the tube walls to the water will fall off
dramatically. The mean water velocity should not be less than 0.3 m s™ for sizes up to
500 mm diameter if air bubbles are to be conveyed, although 0.6 m s™ is better.
Velocities should not exceed 2.3 m 57!, otherwise erosion of the pipe walls will occur,
particularly at the heels of bends and if the water is very acidic or alkaline. A water
temperature rise of between 2-8 K is possible and about 5 K is typical.

(3) The tightness of the grip between the pipes and the suspended ceiling panels,

(4) The material of the ceiling.

(5) The finish on its lower surface.

(6) The difference between the room temperature and the mean temperature of the ceiling
surface. (It is not always clear from manufaciurers’ literature what is meant by room
temperature.)

(7) The cooling capacity is modified by the airflow over the ceiling: side-wall grilles or
diffusers blowing across the ceiling can increase convection by 10%.
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In principle, the design procedure is as follows:

(a) Decide on a practical off-coil state, consistent with the type of water chiller to be used
and the method to be adopted for controlling its capacity. Determine also the state of
the air returned to the air handling plant for recirculation.

(b) Determine the minimum fresh airflow rate for summer design conditions.-

(c) Calculate the auxiliary supply airflow rate to deal with the latent heat gains.

(d) Establish the psychrometry for the auxiliary airflow, verify that the cooler coil perfor-
mance is practical by determining the contact factor and calculate its cooling load.

(e) Calculate the sensible cooling capacity of the auxiliary supply airflow rate and determine
the sensible cooling load remaining for the chilled ceiling to deal with.

(f) Decide on the area of ceiling available in the module for the chilled ceiling.

(g) Refer to the manufacturer’s data for the cooling capacities possible from the ceiling and
follow the procedure recommended by the manufacturer for selecting a ceiling to deal
with the remaining sensible heat gain.

EXAMPLE 2.22

Determine the necessary supply airflow rate of low velocity, ducted, auxiliary air and the
sensible cooling capacity required from a chilled ceiling, for a west-facing module on an
intermediate floor of the hypothetical building. Use the results of Examples 1.9 and 1.10,
as appropriate. Take the supply fan total pressure as 0.625 kPa with the motor in the
airstream to give a temperature rise of 0.75 K. Assume the supply duct heat gain causes a
temperature rise of 2.25 K and take the total return air temperature rise to be 0.3 K. The
refrigeration plant uses reciprocating compressors and produces chilled water at 6.5°C under
design load conditions. Assume the minimum fresh air allowance is 121s™ for each person
and that there are two people present, requiring a total of 24 157,

Verify the psychrometry for the auxiliary ducted air supply. Decide on the area of ceiling
possible for cooling and consider the possibility of selecting a ceiling based on the capacity
shown in Figure 2.30.

-~ W00 Cocling capatity in

e‘: terms of £, ~ 1,

5 18

%

4

2 o

& S

E H Cooling capacity in

" st ./.wm/mﬁ?‘::;"'
0 267740 6080 100 130 140

Cooling capacity of ceiling Wm™?)

Figare 2.30 Typical capacity of an aluminium pan ceiling with chilled water pipes at 300 m centres.
i, is the temperature in the room beneath the ceiling.



Chilled ceilings and chilled beams 111

Answer

Outside design state: 28°C dry-bulb, 19.5°C wet-bulb (sling), 10.65 g kg™, 55.36 kJ kg™
Room design state: 22°C dry-bulb, 50% saturation, 8.366 kg™, 43.39 kJ kg™, 11.3°C dew-
point.

Sensible heat gain (Example 1.9): 1394 W

Latent heat gain (Example 1.10): 134 W

(a) With a cooler coil having six rows of tubes, 315 fins per metre (8 fins per inch),
2.5m ™! face velocity and 1.0 m s~ water velocity, the minimum practical off-coil state
with a chilled water flow temperature of 6.5°C is 10.5°C dry-bulb, 10°C wet-bulb (sling),
7.448 g kg™  and 29.33 kJ kg™

The state of the air returned to the ajr handling plant is 22.3°C dry-bulb and
8.366 g kg™ Hence its enthalpy is determined from psychrometric tables or a chart as
43.70 kJ kg™* '

(b) Assuming two people are present the minimum fresh air allowance is 2 x 12 = 24 157",

(c) The supply air temperature, £, is 10.5 + 0.75 + 2.25 = 13.5°C. By Equation (2.4) the
auxiliary ducted airflow rate needed to deal with a latent gain of 134 W is:

Pi3s = [134/(8.366 — 7.448)] X [(273 + 13.5)/856] = 48.91s™*

Percentage fresh air = (24 x 100)/48.9 = 49.1% = 50%.
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Figure 2.31 Psychrometry for the auxiliary ducted air supply in Example 2.22.
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(d) Figure' 2.31 shows a verification of the psychrometry. The apparatus dew-point, A4, is

(e)

®

(&

found by the intersection of the process line, M-I, and the saturation curve, at a
temperature of 9.2°C. The temperature of M is 25.15°C, midway between 22.3°C and
28°C, because 50% fresh air is used. Hence the contact factor, B, for the cooler contact
is determined as

B = (25.15-10.5)/(25.15 - 9.2) = 0.92

This is a practical value for the sort of cooler coil specified. Noting that the auxiliary
supply airflow is at state S, its specific volume is determined as 0.8213 m * kg™ from
psychrometric tables or a chart (Figure 2.31) and the cooling load of the auxiliary air
supplied is calculated as

[48.9/(0:8213 x 1000)] x [49.53 ~ 29.33] = 1.203 kW

The sensible cooling capacity of the auxiliary ducted alrﬂow is calculated from
Equation (2.3) .

Sensible cooling capacity = [48.9 x (22 ~ 13.5) x 358}[(273 + 13.5)] = 519 W

Hence the sensible cooling required from the chilled ceiling is 1394 — 519 = 875 W.
This represents 63% of the sensible gain. Referring to Example 1.9 it is seen that the
gains from people, lights and business machines amount to 51% of the total and are
likely to remain fairly constant. The remainder of the gains (glass, wall, infiltration and
solar) are 49% and are likely to vary and to be matched by the ceiling, under thermo-
static control.
The maximum number of 300 x 300 mm ceiling tiles that could be accommodated in a
single module is 8 x 20. A strip of half-tiles would have to be left to run adjacent to
each of the four walls of the module leaving 7 x 19 as the maximum number of tiles,
having an area of 11.97 m% From this the area of the lummalre must be deducted and
the net area available for cooling is then 11.97 — 0.9 = 11.07 m%
With a room dew-point of 11.3°C (at 22°C dry-bulb, 50% saturation) the lowest accept-
able chilled water flow temperature at the ceiling is 11.5°C and, taking a water tempera-
ture rise of 3.3 K through aceiling panel coil, the mean chilled water temperature is
11.5 + 1.65 = 13.15°C. Using the notation of Figure 2.30, t;;, — £, = 22~ 13.15 = 8.85
K and the upper line in Figure 2.30 shows that the ceiling absorbs about 60 W m™2 The
lower line in the figure shows that ¢, — £; is equivalent to 2 K, so the mean surface
temperature of the ceiling is about 20°C. Although lagging is provided above the pipe
coils a ceiling also absorbs some heat. from the module .above. Assuming a thermal
resistance (R,) between the void and the cellmg of 0.4 m? K W™ and a resistance (R,)
between the void and the room above of 0.5 m* K W™ (which could be calculated) the
heat absorbed by the chilled celllng in the module beneath the floor considered is (22 -
~10)/(0.4 + 0.5) = 2.2 W m 2 This represents about 3.5% of the total cooling capacity
in this case but it clearly depends on the values used for the two thermal resistances.
Hence the total sensible cooling capacity prov1ded by the ceiling is 622 W m™2 The
avajlable area of ceiling for cooling is 11.07 m? and the sensible cooling capacity
obtainable is 62.2 x 11.07 = 689 W. This is not enough to match the design sensible
load of 875 W.
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Itwould no doubt be possible to increase the auxiliary air supply rate but this would increase
the proportion of the cooling capacity that was not under thermostatic control from room
" temperature and might prejudice good performance. The correct solution would be to
reconsider the pitch of the pipes and perhaps choose 200 mm instead of 300 mm. Alter-
natively, another manufacturer’s product, with a tighter grip between the pipes and the
ceiling panels, might offer more cooling capacity and a better answer to the problem.
Commercial considerations would dominate.

CHILLED BEAMS

These are available in various forms and the aim is not to use the whole ceiling, but to locate
the cooling capacity parallel to the lines of the partitions, the window, or the corridor wall.
A hollow sheet metal beam usually contains one or more pairs of finned tubes, running
parallel to the major beam axis. The auxiliary air supply duct may run between the finned
tubes and deliver air to the room in a way that induces airflow from the room or the ceiling
void over the finned tubes. Sometimes the ducted air supply is separate and cooling is from
natural convection over the finned tubes in the beam. Thermostatic control of room
température is by means of two- or three-port motorised valves regulating the chilled water
flow rate through the finned tube, With some arrangements, the surfaces of the sheet metal
beam are also the walls of the auxiliary air supply duct and become cooled by direct contact
with the airflow. These surfaces then give a small measure of radiant cooling in addition to
the convective cooling provided by the finned tube and the ducted air supply. Cooling is
largely by convection and sensible cooling capacities seem to be in the range of 20-270 W,
per metre of beam length. As a generalisation, sensible cooling capacities appear to be about
60 W m™, referred to the floor area, but more is possible, depending on the temperature
dxfference between the room air and the chilled water.

Beams may be mounted in a suspended ceiling or surface-mounted. Typical dimensions
of the metal casings are 150-300 mm wide x 200-300 mmn deep and a clearance of 50-100
mm is required above some types of beam. Beam lengths are available in suitable increments
to total lengths of about 1.2-5.0 m.

‘ HEATING BY CEILINGS AND BEAMS

The methods of heating already considered for induction and fan coil units apply equally
here. The only correct system for the UK is four pipe.

A criticism of radiant heating from ceilings in the past has been that down draughts from
single glazing are not dealt with in a satisfactory rnanner, An answer to this is that radiation
from the ceiling warms the floor and the wall next to the window and this gives rising convec-
tion currents that deal with the down draught In any case, the increased use of double
glazing in the UK, with U-values of 33 Wm™ 2K, or less, has reduced the likelihood of

down draughts at windows.

CHILLED WATER DISTRIBUTION

Chilled ceilings and chilled beams must only provide sensible cooling. Consequently, a
secondary chilled water circuit is essential, with proportional plus integral plus derivative
control over the flow temperature. See Figure 4.7.
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FREE COOLING

A supply of secondary chilled water has to be available to all air-water systems throughout
12 months of the year. This is because in modern offices there are often net heat gains from
people, lights, business machines and solar radiation through windows, in winter as well as
in summer, resulting in a cooling load for the building. The options for providing secondary
chilled water are as follows:

(1) Run the refrigeration plant all the year round. This is certainly feasible, provided that
the correct steps are taken to allow the cooling tower (or air-cooled condenser) to run
safely in cold winter weather. This method consumes energy and increases running costs.

(2) Use the dehumidifying cooler coil in the air handling plant to chill the water. See Figure
4.7 and Section 2.10. ¥ the compressor in the water chiller js switched off but the primary
chilled water pump is kept running, cold outside air at a temperature of less than about
5°C, flowing over the outside of the coil can chill the water flowing inside the coil tubes
to about 11 or 12°C, which is likely to be satisfactory for the secondary circuit. Protec-
tion against freezing is needed for the chilled water.

(3) Use a thermosyphon cycle. Pearson (1990) has shown that significant cooling can be
obtained for much of the year in the UK by switching off the compressor of a refrigera-
tion plant and allowing a natural circulation of refrigerant to chill the water flowing
through the evaporator. For free cooling in cold weather, the compressor is switched
off and chilled water flowing through a shell-and-tube evaporator is chilled by giving
up heat to the liquid refrigerant, which is boiling at a lower temperature. The vapour
by-passes the compressor and rises naturally to the condenser, at a higher level. This
can be an air-cooled condenser or a water-cooled condenser, fed with water from a
cooling tower handling outside air at a low wet-bulb, which is less than the temperature
of the refrigerant vapour. The refrigerant condenses and flows by gravity back to the
evaporator. The cycle repeats and is continuous. Cooling capacities as large as 30% of
the design refrigeration duty have been claimed and it is said that the compressor can
be switched off for a substantial part of the year in the UK.

Exercises

1 Calculate the maximum cooling load for the hypothetical office block (see Section 1.1),
assuming it is conditioned by a high velocity, perimeter-induction system with a low-
velocity extract system and that its major axis is aligned east-west. Take the moisture
content in August as 9.65 g kg™
(Answer 1432 kW, 102.3 W m )

2 Using Tables 2.5 and 2.6, design a VAV ductwork distdbution system alternative to that
in Example 2.10(a) for the hypothetical office block. Assume that (a) the two service areas
for ducts, etc. are at the two short, windowless ends of the building and (b) the two service
areas are within the main body of the building, on its major axis, each positioned one-
quarter of the way from the short end wall nearest to it.

3 Select fan coil units, using Figures 2.25 and 2.27, to match the loads of eastern
modules in the hypothetical office block (a) with chilled water at 5.6°C at the units with
1.4 15 m™ of fresh air being supplied by a mechanical ventilation system and (b) with
chilled water at 11°C at the units to do sensible gains only, 46.5 15" of dehumidified air
at 13°C being supplied to each module, by an auxiliary air system.
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4 An acoustically hard office has the following room effect:

Mid octave-band frequency (Hz) 125 250 500 1000 2000 4000
Room effect (dB) -1 -1 o -1 -1 -1

The office is air conditioned by four VAV terminals, each handling 80 1 s™ with a duct
pressure of 0.75 kPa under design load conditions but reducing to 20 1s™ with 0.25 kPa
for minimum sensible heat gains. Making use of Table 2.7 and a standard sheet for NR
values (Figure A.2), determine the NR value likely in the room for (a) design conditions
and (b) when the sensible gains are at a minimum.

(Answer (a) NR 51; (b) NR 26)

5 (a) A room which is treated by a constant-volume, ail-air system has sensible heat gains
of 2040 W by transmission, 1800 W from people, 4320 W from lights, 10710 W by solar
gain through glass and latent gains of 1340 W, based on 28°C dry-bulb, 19.5°C wet-bulb
(sling) outside and 22°C dry-bulb, 50% saturation inside. The treated room is 374.4 m°,
The supply temperature is 14°C dry-bulb, the allowance for supply fan power and duct
gain is 0.5°C and 10% by mass of the air supplied is from outside, the remainder being
recirculated from the treated room. Using a psychrometric chart determine the supply
air quantity and specific volume, the design states on and off the cooler coil, the design
cooling load and the air change rate.

(b) Determine the outside air temperature at which the refrigeration plant can be switched
off. What is the on-coil state immediately prior to switch-off? Assume that the inside state
is 20°C dry-bulb, 34% saturation in winter at switch-off, that fixed proportions of fresh
and recirculated air are handled and that the differential on the switching thermostat is
+1°C. Ignore solar heat gains in winter but assume full gains from people and lights.
Assume the outside state is saturated at switch-off.

{Answer (a) 1.891 m’s7, 0.824 m® kg, on-coil: 22.6°C dry-bulb, 15.9°C wet-bulb, off-coil;
13.5°C dry-bulb, 12°C wet-bulb, 24.06 kW of refrigeration, 18.2 air changes per hour; (b}
6.5°C; 18.6°C dry-bulb, 11.2°C wet-bulb)

6 A condensing set using R22 has a performance as follows when condensing at 40°C and
using four cylinders:

Suction temperature (°C) -10° -5° o +5°
Suction pressure (kPa) 219 261 309 362
Cooling capacity (kW) 579 773 998 1265

The set is coupled to a direct-expansion cooler coil which cools air from 17°C wet-bulb
to 10°C wet-bulb, for which the calculated duty is 100 kW of refrigeration. Plot the charac-
teristic of the condensing set for four and two cylinders in coordinates of temperature
(abscissa) and cooling capacity (ordinate). Also plot the characteristics for the cooler coil
and determine the evaporating temperature and duty for four cylinders. In addition,
determining the evaporating temperatures and duties for two cylinders when the entering
wet-bulb falls to 13°C. Allow 1°C as corresponding to the pressure drop in the suction
line.

(Arnswer Evaporating temperature = 1°C, duty = 100 kW, evaporating temperature = 4°C,
duty = 57 kW)
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Notation

Symbols
€4

Description
Coefficient of discharge
Specific heat capacity

Coefficient of discharge through a supply grille
Relevant linear dimension, or

depth of a grille

Free area ratio of a grille

Moisture content, or

acceleration due to gravity

Room air moisture content

Supply air moisture content

Stack height

Height of a door, or

enthalpy of air

Air film heat transfer coefficient

Enthalpy of the air leaving a cooler coil
Enthalpy of the air entering a cooler coil
Thermal conductivity

Fan speed

Static pressure

Atmospheric (barometric) pressure

Saturation vapour pressure

Fan total pressure

Airflow rate through the open area of a supply grille
Airflow rate trying to enter the upper half of a doorway
Heat transfer by convection

" Heat transfer by radiation

Air-to-air thermal resistance between a room and the

void under the fioor slab but above the suspended ceiling

‘Air-to-air thgrmal resistance between the void above a
suspended iling and the ceiling surface

Metal thermal resistance of a cooler coil

Water fil thermal resistance of a cooler coil
Sensible/total heat transfer ratio

Absolute temperature

Outside air absolute temperature

Mean radiant temperature

Absolute air temperature inside a building

Absolute temperature of a surface or,

" absolute supply air temperature

Absolute mean temperature of the surfaces in a room
Temperature or surface temperature

Outside air temperature

Primary air temperature

" Room temperature

Unit

TkglKor ki
kg™

m
m

kg k§‘1 orgkg™

kg kg™ or gkg!

kgkglorgke™!
m

m
KJ kel
wWm2K?
kT kg™

kJ kg!
wm? K1
rev min -1
PaorkPa
kPa

SSSEARRRARRRN |



Temperature in a room above a chilled ceiling

ba

th Temperature in a room beneath a chilled ceiling

£ Supply air temperature

ty Mean chilled water temperature in a chilled ceiling or
entering secondary chilled water temperature

U Thermal transmittance coefficient

u Air velocity

Ug Outside wind speed

U Air velocity through the open area of a supply grille

7R Velocity of airflow trying to enter a doorway

v Specific volume

Vot coil Specific volume of the air leaving a cooler coil

v Volumetric airflow rate at temperature ¢

W: Fan power

w Width of a door '

(Nu) Nusselt number = h,d fc"‘l g

(Pr) Prandt] number = ¢, g k7

(Re) Reynolds number = u dpu™

p Contact factor of a cooler coil

£ Emissivity of a surface

n Fan total efficiency, as a fraction

6 Temperature difference

p Alr density

Po Qutside air density

Pr Air density inside a building

bs Supply air density

u Percentage saturation, or
absolute viscosity

¢ Angle between an airstream and the vertical
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3.1 Principles

Since most plants operate at partial load for the majority of their life, the essential feature
of good application is to choose a system with a capacity that can be satisfactorily controlled
to match the full range of load variation expected, within the limits of the design brief. The
nature of the load is also a very important factor. For example, a theatre auditorium with a
large population is better suited by an all-air system that can easily provide the vast quantity
of fresh air needed than by an air-water system which probably cannot. The size of the
application also has a bearing on the choice of systems, for example small loads are dealt
with more cheaply by direct-expansion, all-air systems than by water-chillers with air-water
systems. In addition, it is important when a system serves different areas that all the rooms
in the group treated should have similar patterns of use, $o that the plant can be programmed
to operate in an economical manner.

When choosing a system it is vital to select plant components that are suitable for each
other and mutually compatible. It would be useless to couple a sophisticated and expensive
automatic control system with a commercial, comparatively crude plant, for a tightly control-
led, industrial application. The outcome would be a poor performance that is often wrongly
blamed on the controls. The quality of the plant controlled must be on a par with the quality
of the automatic control system if the best is to be obtained from both. By similar reasoning,
it is uneconomical to select expensive plant and refined controls for a commercial, comfort
conditioning application that could well be dealt with by equipment of lesser quality and price.
The design calculations that precede system selection and the commissioning that follows its

- mstallation should be above reproach. Finally, the system must be commissionable, otherwise
it will never work properly, no matter how appropriate otherwise for the job.

3.2 Office blocks

Air conditioning in office blocks has provided the stimulus for system design and applica-
tion over many years, Dirty, noisy, urban centres with high-rise, greenhouse buildings, have
been where the market is and also where the capital has been available. Consequently a very
large number of air-conditioning systems have been developed for this application and,
therefore, which system to use is open to the designer’s choice. The aesthetics of architectural
inspiration and whim have given some variety in the design of window-wall facades and in
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the exploitation of the available site plan to maximise the lettable floor area produced for
a given expenditure of capital, within the restraints of statutory obligation. However, two
classes of office building have generally emerged: the narrow block, usually rectangular in
form and having a central corridor 1.5 m wide, bounded by two usable peripheral strips of
about 6 m width inboard from the windows: and, to a lesser extent in the UK, the deep plan
building, often lacking an internal Light well.

The first, narrow plan, epitomises the speculative development, with concrete floor slabs,
fairly extensive glazing and curtain walling. The modular construction concept involved has
been associated with the provision of demountable internal partitions that allow the tenant
to have many individual offices and to change the size and arrangement of them during the
term of the tenancy, at his or her own, expense. Such a design aim has provoked the develop-
ment of office air-conditioning systems that can offer flexibility in control and performance
to cater for partition rearrangement, and has tended to require a controllable air-condition-
ing terminal in each module. Architectural and development philosophy has also influenc-
ed the size and cooling capacity of the terminal units themselves. For example, there is a
small amount of evidence that a modular width of about 2.4 m is most economical in terms
of unit selection, and capital cost, but this depends to a large extent on the amount of glazing
and the level of illumination. The building regulations in the UK have exerted a very strong
influence on building design and on the energy consumed by the mechanical and electrical
services in commercial buildings, in recent years. This has been notable in a progressive
reduction in the acceptable U-values for walls, roofs and windows, with a consequent effect
on the design of air-conditioning systems and on their thermal and electrical loads under
design conditions. The incorporation of an atrium in many building designs has also played
a part in system development.

Latent gains in an office are relatively trivial with fairly good building construction in
the UK, although this is not always the case in a tropical environment where a high
outside moisture content and a poor building construction may give a latent load by infiltra-
tion, which dominates plant selection and performance. In Britain, the small latent heat gains
derive, in almost equal proportions, from natural infiltration and the sparse population.
Sensible gains come from air-to-transmission (T), people (P), electric lighting (L), solar gain
through glass (S) and business machines (M). Example 1.9 showed these to be of the order
of 7% for T, 13% for P; 17% for 1.; 42% for S; and 21% for M. Transmission gains and losses
are regarded as being predictable since they are related to outside air temperature and
-consequently are often offset by compensated heating, for example with the independent
perimeter heating system sometimes adopted for VAV schemes. Gains from lights are fre-
quently fairly stable, once patterns of usage for the building have been established, and with
block switching, it ought to be possible to cut back zoned, compensated heating schedules
to conserve energy, at least for part of the day, although this is not very often done. People

“and business machine gains also follow a common behaviour, since the use of the latter is
related to the presence of the former. They should, therefore, have similar diversity factors
applied to them according to CIBSE (1992) and throughout the working day they ought not
to present big varjations in load. It must not be concluded from this that there is any case
for abandoning individual thermostatic control for the modules. Generally speaking zone
control, that is controlling all the units on one face of a building from one thermostat or
from several averaging thermostats, has proved a failure. Solar gains are unpredictable in
the UK and, for many buildings, significantly large. The designer must make sure that
windows are adequately shaded as it is not possible to be comfortable in direct sunlight
within a building, regardiess of the temperature maintained by the air-conditioning system.
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In the past, the two-pipe, non-changeover, perimeter induction system (see Section 2.10)
has been a commercial solution for air-conditioning office buildings and, in its four-pipe
version, with two coils, has given a very good performance. This system is now obsolescent,
partly because the rather high static pressure needed to produce the induction effect helped
to give high fan total pressures (about 2 kPa) with a consequent high electrical energy
consumption. The variable air-volume system (Section 2.6), in its various forms, has
displaced the perimeter induction system but the four-pipe fan coil system, with two coils
in each unit and auxiliary mechanical ventilation (Section 2.11), has become a first choice
for office blocks. More recently, principally because it appears to be a system that is economi-
cal in its use of electrical energy, the chilled ceiling with an auxiliary mechanical ventilation
system, has made some headway (Section 2.12). Various sorts of chilled beams are also
available (Section 2.12) but these provide most of their cooling by convection and some use
a high static pressure at the terminal beam to produce an induction effect, with obvious
consequences for the fan total pressure. Water loop, air conditioning/heat pump units (see
Section 2.3 and Figure 2.6), with auxiliary mechanical ventilation systems, have been used
extensively, being particularly suitable for refurbishing office buildings.

More recently, the availability of efficient speed control methods (using inverters) for
refrigeration compressors, the development of motorised electronic expansion valves, and
the use of microprocessors has led to the use of so-called, cassette units, with variable
refrigerant flow (Section 2.3 and Figure 2.5). These seem to offer a commercial solution
for small office buildings. Dual duct systems have generally trailed behind the field, for fairly
obvious reasons. On an ad hoc basis, particularly for smaller buildings, individual offices and
in the tropics, through-the-wall room air-conditioning units have been extensively and
successfully used for individual offices. All these systems offer individual thermostatic
control, usually on a modular basis, but not all provide the same flexibility in responding to
load variations and in coping with partition rearrangement (see Chapter 2). Perimeter
systems, generally, are best suited to dealing with a peripheral strip of 4.5 m width inwards
from the window-wall, up to a maximum of 6 m.

For occupied core areas beyond such treated peripheral strips, the standard treatment in
the past used to be a low or medium velocity, constant volume, reheat system with one or
more reheaters per floor, the number used depending on the number of tenancies
anticipated by the letting arrangements. In more recent years, variable air volume or fan
coil systems have been applied to the core areas in deep plan buildings with the advantage
of control and flexibility referred to and with considerable success. Floor area cannot be
conveniently occupied by any system intended for a core and so where fan coil units have
been chosen for such applications they are located at high level, which then causes difficulties
of access and maintenance. The fan coil system is not intended for treating core areas and
should not be so misapplied in this way unless air distribution and air temperatures have
been properly tested in a full-scale mock-up.

For refurbished offices, air conditioning has been successfully provided by three systems:
water-loop air conditioning/heat-pump units, four-pipe fan coil systems, and cassette units,
all with auxiliary mechanical ventilation.

For air conditioning in an office block, or anywhere else, to be a success a'source of heat
is required and this means that the boilers must be able to run throughout the summer as
well as the winter. The only exception to this is in hot climates where buildings never suffer
a heat loss, although it must be remembered that desert environments and locations at high
altitudes have night-time temuperatures that often sink to very low values and heating is still
needed for comfort. ‘
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3.3 The atrium in buildings

An atrium is a link between the working environment and the outside world and is for people
to use and enjoy. The concept of the atrium dates to classical Greek and Roman times but,
in its modern idiom, it is a glass-covered courtyard within a building, often graced with plant
life, fountains and well-designed lighting arrangements, both natural and artificial. Such
aesthetic aims are not always easily achieved because of the very necessary restrictions
imposed by fire protection, smoke control, and the escape of people from the building.

PLANTS IN THE ENVIRONMENT OF AN ATRIUM

Three phenomena in the life of plants dictate the steps to be taken for the provision of a
suitable environment:

(1) Photosynthesis. Carbon dioxide is absorbed from the atmosphere by the plant during
the day, combined with water through the root system, and turned into carbohydrates
for growth purposes and into chlorophyll for the absorption and decomposition of
carbon dioxide.

(2) Photomorphogenesis. This is the response of the plant to the spectrum of light in the
atrium that is its source of energy for continued development and growth. Most light
is absorbed by plants in the blue and red ends of the spectrum with a dip in the middle
frequencies. The shape of the leaves and the form of the plant itself are affected by the
spectrum: tungsten filament lamps are not really suitable because of the large red
component in their spectrum but fluorescent lighting does provide an acceptable source
of light.

(3) Photoperiodism. This describes the period of daylighting preferred by a plant for opti-
mum growth. It varies with the species.

Proper lighting is the single most important environmental factor. Plants like to be illuminat-
ed from above and the varieties most likely to succeed in an atrium are those accustomed
to a shady habitat, preferring comparatively low levels of illumination. As a general level,
600-700 lux may be suitable but some plants can tolerate as little as 500 lux. In parts of an
atrium, daylight gives higher levels than this for some of the day but artificial lighting is likely
to be necessary as well. Ultra-violet light is bad for plants and clear or tinted glass will filter
out most of this while still admitting an adequate amount of the visible spectrum. Special
“grow” lamps are not needed in an atrium.

A period of darkness is necessary for plants to thrive and hence security lights ought not
to be switched on over planted areas during night-time. Plants do not like draughts and this
should be remembered when designing the air distribution system for the atrium. Except
for tropical plants a high relative humidity is unnecessary. (Tropical plants are not suitable
anyway because they also require a higher temperature than would be associated with
comfort conditions in the UK and with energy conservation.) Plants suitable for an atrium
are of the hardy or half-hardy types. These do not like excessive solar radiation, preferring
diffused daylight from above. It is difficult to obtain flowers that bloom regularly from plants
grown in an atrium, because the absence of seasonal climatic changes inhibits the normal
flowering cycle. The temperate-zone plants selected for an atrium should be able to tolerate
a wide range of temperatures, from about 7°C fo over 30°C and, since a high humidity is
not pecessary, only a minimal air treatment is needed for the plant environment. Trans-
piration by the plants involves the liberation of some water vapour during the daytime when
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photosynthesis is occurring and, although this is not likely to amount to much for the
comparatively small amount of greenery in an atrium, there is a slight chance of conden-
sation on the glazing in the coldest weather. The rate of photosynthesis and the production
of water vapour falls at night-time to roughly 15% of the peak occurring at mid-day. With
the much reduced intensity of ilumination at night in an atrium the risk of condensation
becomes very small. Any fancied risk that may remain is easily dealt with by fitting fan coil
units to sweep the glass or providing finned-tube perimeter heating. To economise on the
consumption of thermal energy these should be controfled in a manner related to the risk
of condensation. Decorative fountains are not likely to cause condensation on the glazing
in an atrium. First, the degree of contact between any water droplets and the air is very small
and, secondly, the fountains should be switched off at night-time when outside air tempera-
tures are at their lowest.

GLASS IN AN ATRIUM

The choice of glass depends on three factors: the behaviour of glass in a fire, the transmission
of solar radiation and mechanical strength.

Ordinary window glass, plate glass or float glass, is a fused mixture of the various oxides
of aluminium, calcium, silicon and sodium, cooled from a molten state without crystallisa-
tion, and fed with additives to give a colourless appearance. The softening point is about
595°C and the melting point about 1130°C. Thermal radiation from a flame at a typical
temperature of 2000°C is readily transmitted through glass and some is absorbed. The middle
part of the pane increases in temperature but the periphery of the glass, attached to the
frame, is cooler. After two or three minutes the temperature difference from the centre to
the perimeter reaches about 40 K and the glass breaks and falls from the frame.

To make toughened glass (termed tempered glass in the USA), the surface of ordinary
molten glass is rapidly chilled while its centre stays hot, putting the glass surfaces into a state
of compression and the centre into tension. Since bending the glass requires the surface to
be de-compressed before it enters tension, higher stresses can be tolerated before the glass
fractures. The temperature difference across the pane, caused by thermal radiation from a
high-temperature flame, can rise to 250 K before fracture occurs and this may take as much
ag 10 minutes. The glass then fractures into multiple small pieces which may remain inter-
locked and not fall out of the frame for perhaps a further 20 minutes.

The commonest form of wired glass comprises a 13 mum square mesh of wires, electrically
welded at the intersections and embedded in clear plate glass. It has a 1-hour fire rating.
When irradiated from a high-temperature flame its behaviour is similar to that of toughened
glass but the wire mesh retains the fractured pieces together until the glass reaches its
softening temperature and slumps out of the frame. The time taken for this to occur depends
in the size and type of frame: according to BS 476 Part 8 (1972), as long as 90 minutes can
elapse before failure, on occasions. Horizontal or inclined glass would fall earlier.

Laminated safety glass consists of two layers of float or plate glass, held firmly together
by an interlayer of polyvinyl butyral with a melting point of about 90°C, The adhesive-
property of the interlayer retains the integrity of the glass after fracture, when the tempera-
ture difference from the centre of the glass to the frame reaches 40 K. After this its behaviour
is similar to that of ordinary clear glass. Other proprietary forms of laminated glass are
available, with claims of up to 90 minutes of fire insulation,

Polycarbonate sheet is a plastic material, regarded as the toughest known at ordinary -
temperatures but, according to BS 476 Part 7 (1971), it is hot-workable at 150°C, although
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meeting the Class I standard for flame spread. This implies softening at a temperature much
lower than the value of 595°C for ordinary glass. It also appears to be combustible if enough
heat is supplied to it and it emits some toxic gas when buming. Its maximum operating
temperature is 120°C. As regards mechanical strength, although polycarbonate is the
toughest, the choice for roof lights would be toughened, laminated or wired glass, as
approved by the local fire brigade. Of these types, wired glass would be favoured, because
of its ability to retain glass fragments after fracture.

Virtually all the ultra-violet radiation is removed from the solar spectrum by clear glass.
The transmission of the visible and thermal parts of the spectrum depends on the angle of
incidence between the incident ray and the normat to the glass, the type of glass, and its
thickness. For angles of incidence less than 40° the value of the transmission coefficient is
almost constant, at about 0.87 for clear float or plate glass, 4 mm in thickness.

NATURAL ILLUMINATION

Various techniques (such as horizontal louvres adjacent to the window lintel te reflect direct
sunlight onto the nearby ceiling) have been adopted to provide the diffused, natural
illumination that plants prefer. There is no doubt that the cost of electric lighting can be
significantly reduced if glazed atrium walls and roofs are designed to diffuse direct sunlight
and give acceptable natural lighting, not only in the atrium itself but also in the offices and
other rooms overlooking the atrium.

CONTROL OF SOLAR HEAT GAINS

It is well established that people sitting in direct sunlight, coming through unshaded
windows, will feel uncomfortable after a short time. Air conditioning cannot prevent this
happening. All roof glass, and all windows facing in directions other than NNW, N or NNE,
must be protected with some sort of adequate solar control. The options for solar control
are: external shading, internal shading, heat-reflecting glass, or heat-absorbing glass.

External shading is the best protection. Nearby tall buildings will cast moving shadows
over the glazed parts of the atrium roof and walls but the changing pattern of external
shading they provide can be predicted by computer analysis. It may be possible to augment
such natural shading by using purpose-made, fixed shades but unless it is clearly shown that
such shading is acceptable for the comfort of the occupants, motorised shades, preferably
louvres, will be needed, with adequate access for regular maintenance.,

For internal shading, blinds of various sorts have been used but, to be fully effective, they
should be white and reflective with easy access for adjustment by the occupants to exclude
the direct rays of the sun. The penetration of direct solar radiation into the atrium and its
subsequent incidence on the windows of rooms overlooking the courtyard should be
investigated to establish the need for shades on such inward-facing windows.

Heat-reflecting glass will be effective if its total shading coefficient does not exceed 0.27.
The shading coefficient is defined as the ratio of the total thermal transmittance through a
particular type of glass and shade, to the total therinal transmittance through ordinary, clear,
4 mm glass. It is to be noted that ordinary, clear, 4 mm glass, with internal, white, reflective,
Venetian blinds, drawn to exclude the direct rays of the sun, has a total shading coefficient
of 0.53. This is acceptable and the reason is that the blinds transmit virtually none of the
direct solar radiation which, being from a surface temperature of 6000°C at the sun, cduses
discornfort, The radiation from the drawn blinds is from a surface at a temperature of about
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40°C, which is acceptable. On the other hand, the small amount of direct radiation trans-
mitted through heat-reflecting glass does cause discomfort and hencs its acceptable shading
coefficient must not exceed the much lower figure of 0.27.

Heat-absorbing glass is not effective, by itself, in reducing the transmitted direct solar
radiation to a tolerable level and internal shades are invariably also required. When such
additional shades, of any sort, are used, reference must be made to the manufacturers of
the heat-absorbing glass to establish that any thermal stresses set up in the glass will be
acceptable. Pilkington (1980) gives guidance on this.

MECHANICAL SYSTEMS FOR TREATING AN ATRIUM

Natural ventilation has been used in the past, with mixed results. Mechanical ventilation is
a possibility that might be considered, principally to satisfy the requirements for smoke
exhaust but, if tolerable, controllable conditions are desired for human comfort, air condi-
tioning is necessary.

The three matters to be considered are the usage of the space, the environment for the
plants, and smoke control. There is no need to provide individual thermostatic control in
multiple rooms and hence a low velocity, constant volume supply and extract system is the
answer, having a cooler coil controlled in sequence with a heater battery, subject to high-
limit humidity over-ride. See Section 2.4.

One technique used in the past was to arrange for the spillage of used air from the
adjoining offices into the courtyard. To maintain a balanced airflow for the building the
amount spilled was the difference between the supply and extract air quantities for the
offices, hence corresponding to the minimum fresh-air quantity. This would not be
satisfactory for other than a very transient occupancy and would not be acceptable if the
atrium was an escape route.

The atrium has also been used as part of the return air system, it being argued that the
presence of the vegetation in the atrium improved the quality of the air returned to the air-
handling plant for recirculation. Problems arose with negative air pressures in the atrium
and the plants seemed to require an excessive amount of watering,

The correct technique is to provide separate supply and extract air-handling plants for
each atrium, independent of the rest of the systems in the building. There is then full
scope for providing conditions to suit the needs of the plants or the people and satisfy
the requirements of the local fire officer. The system can be engineered to cope with the
use of the building, the proper control of conditions in the atrium and the need for energy
conservation.

In general, the supply of conditioned air should be where the people are. There is no point
in attempting to condition the entire large volume of the atrivm. However, fan coil units or
finned tube, with a compensated supply of LTHW and independent thermostatic control
from local temperature, may be desirable, to deal with down draught or the remote
possibility of condensation, in winter.

An atrium can be used for more than just a walk-way. It may form part of the commercial
and social activity of the building and have a degree of permanent occuparcy throughout
the hours that the building is in use. The air-conditioning system for the atrium must then
be designed to suit the needs of the occupants, giving them sufficient fresh air and comfor-
table conditions of temperature, air movement and humidity. If there is commercial use,
individual tenants would normally be expected to make their own arrangements for their
own premises. Such usage of an atrium is at the discretion of the local authority in the UK
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and if commercial use were not allowed the atrium would become merely a communication
space with transient occupancy. The fresh-air requirement would be much less and a com-
paratively wide swing in temperature could be acceptable, consistent with the needs of the
plants.

In the event of a fire, the fire brigade may require the system dealing with the atrium to .
be entirely under their control for smoke exhaust or other purposes. The necessary fire
dampers and fire-resistant materials should therefore be included in the system. The fans
and their electric driving motors must be able to withstand the anticipated temperatures
when operating in an emergency.

It is not possible to predict the attitudes that may be taken by local authorities in respect
of smoke control and the escape of people, except to say that human safety will be the over-
riding factor. Knight and Jones (1995) give some guidance on fire protection and smoke
control. The attitude of the local authority to smoke control will depend on whether the
atrium is an escape route and this will influence the treatment provided. Whatever the view
of the local authority and the fire brigade it is possible to design and control a system to suit.

3.4 Hotels

The treatment for a hotel falls very clearly into two parts: that needed for the bedrooms
and that necessary for the public rooms, the load characteristics between the two being very
different.

In the bedrooms the load is somewhat similar to that in an office, with windows tending
to be smaller and perhaps with external shading if balconies are provided. The electric
lighting will probably be a good deal less, although some or all of it will be from tungsten
lamps. A coloured television set is standard in modern hotels, liberating about 400 W when
switched on. The design of bedrooms is usually for two people, twin single beds, or twin
double beds, bemg the most common furnishing. So sensible heat gains are in the region
of 60-80 W m™ of floor area, say about 1500 W per bedroom. Some rooms are likely to be
occupied, with the television set on, at the time of peak afternoon sensible heat gain,
although part, or all of the lighting may be off. The standard fresh-air allowance for a double
bedroom is 25 15, on the assumption that this is exhausted to waste through the bathroom
mechanical extract ventilation system.

Several systems of air conditioning have been used, with varying degrees of success. In a
tropical environment a through-the-wall room air-conditioning unit can provide the welcome
relief so necessary in a hot climate, without its excessive noise being regarded as a nuisance,
but a more critical guest in a higher class hotel, or in Europe or America, might not be
satisfied. Two-pipe fan coil units, frequently floor-mounted, are also used, in both temperate
and warmer climates. They are operated as a changeover system if there is any need for
winter heating and the changeover problems (Section 2.10) either do not exist or at least
do not present a serious problem. With some designs, the fresh air is cooled and dehumidi-
fied by a central plant and delivered to the corridors, to find its own way through grilles or
under-cut doors into the bedrooms for exhaust to waste via the bathroom extract ventilation
systern. With bathrooms generally located close to the entrance from the corridor the
amount of fresh air supplied to the bedrooms is often only nominal. Corridors also tend to
be over-cooled. Fwo-pipe and four-pipe induction systems have been used to condition hotel
bedrooms, with mixed success. The induction system is wrongly applied in these instances
as units cannot be turned off and, except in the four-pipe case, there is not a quick enough
response to the capacity changes sometimes dernanded by the guest.
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Water-loop air conditioning/heat pump units have also been used successfully in the
UK, backed up by an auxiliary mechanical ventilation system providing filtered, and, when
necessary, tempered, fresh air that is not cooled in summer, the terminal units in the
bedroom doing all the cooling needed. Units are usually located above the suspended ceiling
in the bathroom, as is the fan coil unit shown in Figure 3.1. Although much quieter than
through-the-wall room air-conditioners, these units tend to be a little on the noisy side when
the refrigeration compressor runs, unless encased in a special acoustic enclosure,

There is no doubt that the correct choice for hotel bedrooms is the four-pipe, twin-coil,
fan coil system with an auxiliary, low velocity, mechanical supply of filtered, cooled and
dehumidified fresh air, ducted to the vicinity of the fan coil units and subsequently removed
through the bathroom extract ventilation system. Figure 3.1 shows a typical method of
installation. The fan coil units can run at low, medium or high speed, by manual choice,
with their selection made to cope with maximum design heat gains at low speed to give a
noise level below NR 30 and as near as possible to NR 25. The unit can be switched off by
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Figure 3.1 Section and plan of a typical four-pipe, twin coil, fan coil unit installation. Fresh air goes
from the bedroom through the lobby into the bathroom. A condensate collection tray under the fan
coil unit must be provided and drained to waste in the plumbing system.
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the management when the room is unlet and the hotel guests can switch it off themselves
if they wish. Furthermore, increased cooling or heating capacity can be rapidly obtained by
switching to medium or even high-speed operation if the penalty of a higher noise level is
accepted. This facility of quick capacity change by switching fan speeds, coupled with the
constant, simultaneous availability of full cooling and full heating by the four-pipe distribu-
tion to the twin coils, means that a wide range of settings is possible on the room thermostat
. and the system response to set point alterations or load fluctuations is very rapid. The whims
of most room occupants can be accommodated, although if all guests chose to run their units
at full capacity at the same time the central refrigeration or boiler plant would experience
some difficulty.

EXAMPLE 3.1

Suppose that the hypothetical office block described in Section 1.2 is used as the bedroom
block of a hotel. Each bedroom is of similar construction and dimensions to a module
in the hypothetical block except that it is 3.6 m wide and contains only one window,
with an area of 3.168 m?, which is double glazed to reduce the intrusion of traffic noise and
is fitted with a Venetlan blind, between the panes of glass. The U-value of the glazing is
3.3 Wm 2K and the U-values of the wall and roof are each 0.45 W m2 K. Each bedroom
is 3 m deep with a further 3 m to cover the lobby and the bathroom.

The central corridor is 1.5 m wide and lifts, escape staircases, and all vertical services ducts,
pipes and cables, are accommodated at the ends of the block, as shown in Figure 1.1.
Assume that these two vertical services blocks do not affect the heat flow inito or out of the
main body of the building. Each bedroom is for two people and contains a television set
that liberates 400 W and electric lighting that emits 300 W. There is no natural infiltration.

. The air—conditioning system is by means of a four-pipe, twin-coil, fan coil system with an
auxiliary air supply to offset the latent gams and to provide for the fresh-air needs The air
supply state is 13°C dry-bulb 7702 g kg The minimum fresh-air rate is 25 s for each
bedroom. Auxiliary air at a rate of 1.4 1s™ m™ is supplied to the corridor. The auxiliary air
system is at low velocity. Allow 2 K temperature rise for supply fan power and duct gain
and 0.2 K rise for the extract fan power. The motor in each fan coil unit liberates 115 W of
waste heat into the bedroom. Referring to Examples 1.9 and 1.11 as necessary and using
CIBSE data from Tables A5 and A.9, calculate the following:

(a) The sensible heat gain at 1500 h sun time in July for a west-facing bedroom.

(b) The latent heat gain for a bedroom.

(¢} The supply airflow rate necessdry to deal with the latent heat gain in a bedroom.

{d} The sensible cooling capacity of the ducted auxiliary air supply to the bedroom and the
sensible heat gain to be dealt with by the fan coil unit in a west-facing room.

{e) The total supply airflow rate of the ducted auxiliary air system for the whole building.

(f) The fresh air supply rate to the bedrooms, the corridors and the whole block.

(g) The cooling load for the whole block at 15.00 h sun time in July.

Answer :
Reference to Example '1.11 will give details of the relevant sol-air temperatures for the
calculation of the heat flow through the opaque parts of the structure.

(a) Design sensible heat gains at 15.00 h sun time in July
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W
Glass: 3.168 x 3.3 x (28 - 22): 63
Wall: 8.712 x 0.45 [(26 — 22) + 0.2 x (18 - 26)]: 9
Solar: 0.39 x 0.80 x 270 x 3.168: 267
People: 180
Lights: 300
Television: 400
Total sensible heat gain: 1219 W

This represents a specific sensible gain of 1219/(3.6 x 6) = 56.4 W m?, over the floor -
area of the bedroom, lobby and bathroom.

Latent heat gain from people: 2 x 50 = 100 W.
By Equation (2.4) the airflow supply at 13°C and 7.702 g kg™ is
3 = [100/(8.366 — 7.702)] x [(273 + 13)/856] = 50.31s™

This is about twice the minimum fresh air rate so it would be reasonable to use 50%
fresh air and 50% recirculated air as the auoxiliary air supply to the bedrooms.

By Equation (2.3)

Sensible cooling capacity of the auxiliary air supply to one bedroom =
(50.3 X (22~ 13)) x 358/(273 + 13) = 567 W,

Hence
Sensible duty for the fan coil unit = 1219 — 567 = 652 W.

Corridor area = 12 x 1.5 x 86.4 = 1555.2 m’

Supply rate to the corridors = (1.4 X 1555.2)/1000 = 2.18 m® s~*

Half of this will be fresh air.

The number of modules in each long face = (86.4 x 12)/3.6 = 288

Total number of bedrooms = 2 x 288 = 576

Total number of people = 2 x 576 = 1152

Supply rate to the bedrooms = (50.3 x 576)/1000 = 29.97 m® s~

Total auxiliary supply airflow rate for the whole block 218 + 2997 =3215m’ s™*

Taking the fresh air propomon as 50% of the total, the fresh a1r supply is 14.985 m® 57!
to the bedrooms, 1.09 m® s™! to the corridors and 16.075 m® 5™ to the whole buﬂdmg
Noting that the areas of glass and wall for a partlcular bedroom are 3.168 m’ and

'8.712 m?, respectively, the cooling load for the entire bulldmg at 15.00 h sun time in

July is calculated as follows:

1.'Sensible heat gain (J;). Diversity factors have to be applied to the heat gains from
people, lights and television sets. There is no guidance on this but it is suggested that’
0.2 be allowed for both people and television, with 0.1 for lighting.
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W
East glass: 24 x 12 x 3.168 x 3.3(28 - 22) 18 065
West glass: 24 x 12 x 3.168 x 3.3(28 ~ 22) 18 065
North wall: (13.5 x 3.3 x 12) x 0.45 % [(23.5 — 22) + 0.2(20 - 23.5)] ‘ 192
South wall: ~ (13.5%x 3.3 x 12) x 0.45 x [{(26 — 22) + 0.2(18 - 26)] 577
East wall: (24 x 12 x 8.712) x 0.45 x [(26 — 22) + 0.2(28 - 26)] 4 968
West wall: (24 x 12 x 8.712) x 0.45 x [(26 - 22) + 0.2(18 - 26)] 2710
Roof: (86.4 x 13.5) x 0.45 x [(31 — 22) + 0.77 (48 - 31)] 11 595
East glass (solar): (24 x 12 x3.168) x 0.58 x 0.8 x 154 65195
West glass {solar): {24 x 12 x 3.168) x 0.39 x 0.8 x 270 76 859
People: 02x1152x90 20736
Lights: 0.1 x 576 % 300 17 280
Television: 0.2 x 576 x 400 46 480
Total sensible heat gains at 15.00 h in July: . 282722W

Over the treated floor area of 13 997 m? this represents a specific sensible heat gain
of 202 W m™

2. Latent heat gam {Q1). There is no infiltration so the latent gain is from people only
and equals 0.2 x 1152 x 50 = 11520 W,

3. Fresh air load (Qg,). The fresh air must be supglled whether the people are present
or not. The total fresh air supply is 16.075 m” s and, if this is expressed at the
supply state of the auxiliary air, namely 13°C dry-bulb and 7.702 8 kg"I the specific
volume (from CIBSE psychrometrlc tables or chart) is 0.820 m® kg™.. The outside
design state at 15.00 h sun time m July is 28°C dry-bulb, 19.5°C wet-bulb (sling), for
which the enthalpy is 55.36 kJ kg ™. The design room state is 22°C dry-bulb, 50% satura-
tion, for which the moisture content is 8.366 g k g .. There is a temperature rise of 0.2
K across the recirculated alr fan and, by Equation (1.14), the enthalpy at 22.2°C and
8.366 g kg is 43.59 kJ kg™ Alternatively, the enthalpy could have been determined
by interpolation in psychrometric tables or, less accurately, read from a chart. Hence
the fresh air load is

O = (16.075/0.820) x (55.36 — 43.59) = 230.74 kW

4, Supply fan power and duct heat gain (Qy). This is calculated using Equation (1.16) as
follows:

Oy = 32.15 x 2 X 358/(273 + 13) = 80.49 kW

5. Power of fan coil unit driving motors (Qyp). There are 576 bedrooms with one fan coil
unit liberating 115 W in each, when switched on. The policy of the hotel regarding
switching fan coil units off, in the absence of guests from a bedroom, would have to
be determined. In this case it is supposed that a diversity factor of 0.2, as used for
people, can be applied to the fan coil units. Hence the load is determined:

O = 0.2 x 576 x 115/1000 = 13.25 kW

6. Recirculated fan power load (Q..). Only 50% of the auxiliary air is recirculated so the
cooling load attributable to this is calculated by Equation (2.3) as
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O = 0.5x32.15 X 0.2 X 358/(273 + 13) = 4.02kW

7. Summary:
1. Sensible heat gain 28272
2. Latent heat gain 11.52
3. Fresh air load ’ 230.74
4. Supply fan power and duct gain 80.49
5. Fan coil unit motors power 13.25
6. Recirculated fan power 4.02
7. Refrigeration load 622.74 kW

This is at 15.00 h sun time in July, in the UK.

For the bedroom block as a whole it is possible, but not certain, that the maximum cooling
load will occur during the period 14.00-17.00 h sun time in July. A calculation survey using
a computer will resolve this but the real problem facing the designer is in the allowance he
or she must make for diversity factors on lights, television and people.

In this total cooling load the elements subjected to virtually guessed diversity factors, add
up to 1093 kW or about 18%. This comparatively small percentage reduces the risk
associated with the guesses. For the hotel as a whole, the cooling load in the public rooms
is very significant and it is not likely that these areas will be densely occupied at 15.060 h sun
time in July. A better time for assessing the maximum cooling load for the bedroom block
might be 13.00 h sun time, to coincide with a peak of activity in the public rooms. In Exercise
1 this can be calculated as 454 kW, making the same assumptions for diversity.

The public rooms in a hotel comprise reception area and foyers, dining rooms, bars and
a banqueting suite. The policy of many hotel developers is not to provide areas that fail to
yield a revenue, so residents’ lounges are rare in modern hotels, and, for the same reason,
foyers and reception areas often include shops. Hotel designs vary enormously but a
common practice is to house the public rooms in a three- or four-storey podium and to have
a tower block of bedrooms above it, sometimes with a penthouse suite or a restaurant at
the top. .

The obvious characteristic of public rooms is a high population, so all-air systems are the
correct choice for air conditioning. Three types are possible selections: multizone, constant
volume reheat and, rarely, double duct. The multizone system is the most popular because
it takes full account of cooling load diversification and is comparatively cheap in first cost
if the plants can be located fairly close to the areas treated in order to minimise duct runs.
The double duct system might provide a good solution to a small part of the public areas if
there exists a case for multiple, thermostatic control, say for a restaurant with alcoves.for
semi-private dining parties, but its use is very rare because of its higher capital cost. The
constant volume reheat system is really only acceptable for a single area where one heater
battery could be controlied in sequence with the cooler coil, so that reductions in the heat
gains would not be cancelied with reheating, otherwise no advantage could be taken of load
diversity and the installed refrigeration capacity and capital cost would be large.

It makes sense to select a multizone unit to deal with a group of rooms sharing a common
pattern of usage. Thus one unit would be chosen to treat the three or four bars in the hotel,
another to condition the group of dining rooms, a third for the banqueting suite — which is
often one very large room with one or more demountable partitions — and a fourth for the
foyers and reception area. The first three of these groups would probably require to be
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conditioned at different times and the last might need air conditioning continuously. The
administrative offices sometimes receive a supply of conditioned air from the reception plant
and achieve individual thermostatic control with fan coil units. Sometimes they are only
heated, with radiators, if they have openable windows. Shops can be treated in a similar way
or merely provided with a supply of chilled water and be expected .to make their own
arrangements for conditioning. Another approach is to fit extract fans at the back of the
shops which gives them second-hand air conditioning by drawing air in from the treated foyer
or reception area. (Thxs is done with shoppmg centres.)

Noise in public areas is never as critical as in the bedrooms but acceptable levels must be
provided, i.e; NR 45 or NR 40, or lower, depending on the use of the space. Some hotels
have canference facilitics-and in these cases the auditoria must have separate plants, usmg .
all-air systems that are acoustically compatible. )

The location of plant has an important bearmg on capltal cost and the acoustics. The aim

must be to minimise duct runs and avoid noise dnd vibration causing a nuisance within the
treated areas or outside to the occupants of the adjoining buildings, although the latter may
be less of a problem in the Middle East and the Gulf where noisy air-cooled condensers are
the norm and are acceptable. For the typical tower block/podium arrangement mentioned,
the air-handling plant for the bedrooms and possibly the cooling towers would be on the
roof of the tower, the multizone units for the public rooms would be on the roof of the
podium, suitably disguised, or possibly in plant rooms inside the podium block itself,
refrigeration and boiler plant would be in the basement. An alternative site for the cooling
towers, giving shorter runs of cooling water piping, would be on the podium roof but
screening the towers acoustically and visually, without affecting the airflow they need for
their proper performance, can introduce problems.
" The proportions of the public areas aflotted to the various functions (bars, restaurants,
and so on) differ among hotels, as also do the standards adopted for lighting and population
densities. Furthermore, the ratio of bedroom area to public area depends on the commercial
policy followed by the hotel operating group. It is consequently not easy to generalise about
cooling loads in hotels in the way that one can about office blocks (see Table A.10). A similar
situation exists for estimating the boiler power and often the best policy for a designer is to
seck the advice of the chief engineer of the hotel group.

The results of a survey of nine air-conditioned hotels in the UK, completed in the 1970s,
are shown in Thble 3.1. The average ratlo of private to public areas is 3.3 and the mean
specific refrigeration load is 129 W m™2. Hotel number 9 is not far from the average and its
design values of population density and power liberated by the electric lighting are given in
Table 3.2, although the diversity factors applied to them are not known. The lighting is largely
by tungsten filament lamps in the public areas,

With appropriate assumptions a cooling load for the complete, hypothetical hotel can now
be estimated. The aim is to determine the maximum coincident sum of the cooling loads in
the private and public areas and the proper way to do this is by calculating the combined
load at hourly intervals, using a computer and making assumptions for-diversity factors for
lights and people. Without doing this though, the peak load in the public rooms can be
judged to occur at lunch time, or at dinner time in the evening, say at 2 pm or 9 pm, clock
time, respectively. Consider a possible funch time load at 13.00 h sun time, for which the
calculations in Exercise 1 yield a cooling load of 454 k W of refrigeration for the bedroom
block, based on an outside enthalpy of 47.99 kJ kg™ in July, at this time, determined from
Equation (1.1), and an outside state of 26.5°C and 8.366 of kg™!. Deciding on diversity factors
for the population in the public rooms is difficult. If 2.87 is assumed to be the ratio of private
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Table 3.1 Comparison of air-conditioning loads in hotels in the UK

Specific refrigeration
Hotel Publicarea Bedroom Ratio of bedroom  Total cooling load over the total treated
o (m) arca (m®) areato publicareca (kW of refrigeration) floor area (W m™)
1 8500 15000 1.65 1758 78
2 1500 9340 6.23 2zn 210
3 1000 3000 3.00 774 194
4 4425 13150 2.97 2532 144
5 2690 14950 556 1758 100
6 2700 5000 1.85
7 2600 8000 3.08
8 1000 2060 2.06
9 1640 5290 323 1125 162

Table 3.2 Typical appmximaté heat gains for a hotel at 1300 h sun time in July in the UK

People Lighting

Floor Sepsible Latent Design Sensible
arca Design ©  Diversity gain gain - load Diversity gain
(m%) population factor (kW) (kW) (Wm?) factor (kW)
Bars 1220 678 0.6 36.6 203 75 0.8 73.2
Restaurants 1317 693 10 624 34.6 75 0.8 79.0
Banqueting 634 334 1.0 30.1 167 150 1.0 95.1
Reception 293 39 0.2 0.7 0.4 40 0.8 94
- Comimittee room -~ 49  (20) 0 0 0 - 0 -0
Foyers 585 162 0.2 29 16 75 08 - 351
Administration 439 86 02 1.5 0.9 40 0.8 14.0
Cloakrooms 341 - 19 0.2 03 0.2 75 1.0 25.6
Total 4878 2011 134.5 74.7 3314

to public areas then the public area associated with a bedroom block of about 14 000 m? is
4878 m™ If the restaurants are full (diversity factor = 1.0), the bars will be less full (diversity.
factor = 0.6, say) and the other public areas comparatively empty (diversity factor = 0.2,
say). The banqueting suite, on the other hand, could well be fully occupied, but the
committee room can be assumed to be empty, any occupants being at lunch. A similar line
of reasoning cannot be easily applied to the lighting and it is possible that in some hotels
the lights will be permanently on. However, at lunch time in July it is reasonable to suppose
there is some natural illumination through windows and that some of the lights will,
therefore, be off intentionally, or off for maintenance. Hence, a factor of 0.8 can be assumed
for all lights, except in the cloakroom and the banqueting suite, both of which can be
assumed here to be internal rooms and have a diversity factor of 1.0. Allowing 90 W for
sensible heat gains and 50 W for latent heat gains from people and taking the appropriate
values from Table 3.3, the loads are as shown in Table 3.2.
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Table 3.3 Design values for population density and lighting power for a hotel in the UK -

Proportion of the Design pogulation Design lighting
total public area (%) density (m” per person) power (W)
Bars ’ 25 1.8 75
Restaurants - .2 ' 1.9 75
Banqueting 13 1.9 150
Committee room 1 . 24 75
Reception T 6 : 7.5 40
Foyers 12 ‘ 36 ) ) 75
Administration 9 . 5.1 40
Cloakrooms 7 183 75

These figures must not be regarded as typical but only as an indication of possibilities.

EXAMPLE 3.2

Making use of the loads established above, for people and lights in the public areas and
454 kW of refrigeration for the bedroom block (Exercise 1), make an estimate of the cooling
load for the whole hypothetical hotel building at 13.00 h sun time in July. Assume the public
areas are in a two-storey podium of plan dimensions 87 x 28 m, located beneath the bedroom
block and with its major axis pointing north-south. Take the building construction to be
similar to that of the bedrooms and assume 40% double glazing on its two long faces, with
internal Venetian blinds, not between the panes of glass. Allow 16 1 s 1 per person as a
ventilation rate in the bars, restaurants and banqueting suite and 121 5™ 1 elsewhere. There
is no natural infiltration.

Answer

From Table A.9 the outside air temperature at 13.00 h in July is 23.0°C, to which a correction
of 3.5 K must be added because the design outside ternperature at 15.00 h is 28°C, whereas
the value at 15.00 h given in Table A.9 is 24.5°C. Hence #;3 = 26.5°C (with an outside
moisture content of 10.65 g kg™). The relevant sol-air temperatures are determined from
Table A.9, taking the wall surfaces to be light-coloured and the roof surface to be dark in
colour. The total treated ﬂoor area of the podium is 2 x 87 x 28 = 4872 m® and this is close
to the total area of 4878 m” given in Table 3.2 for a typical hotel at 13.00 h sun tire in July
in the UK. Hence use the heat gains quoted in Table 3.2 for the public rooms in this example.
The heat gains are now calculated as follows:

kW
Glass, east: [(0.4 x 87 x 6.6) x 3.3 x (26.5 — 22)}/1000 = . 341
Glass, west: [(0.4 x 87 x 6.6) x 3.3 x (26.5 ~ 22)}/1000 = 3.41
Wall, north: (28 x 6.6 x 0.45) x [(23.5 - 22) + 0.2 (15.5 - 23. 5)]/’1000 = -0.01
Wall, south: (28 x 6.6 x 0.45) x [(25 - 22) + 0.2 (15.5 - 25)}/1000 = 0.19
Wall, east: (0.6 x 87 x 6.6 x 0.45) x [(26 — 22) + 0.2 (15.5 - 26)}/1000 = 0.29
Wall, west: (0.6 x 87 x 6.6 x 0.45) x [(26 ~ 22) + 0.2 (15.5 — 26)}/1000 = 0.29
Roof: (87 x 28 — 86.4 x 13.5) x 0.45 x [(31 ~ 22} + 0.77 (35 - 31)J/100 = 6.90

Subtotal: 14.48 kKW
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Glass solar gains, east: [(0.4 x 87 x 6.6} x 0.95 x 0.91 x 172/1000] = 34.15
Glass solar gains, west: [(0.4 x 87 x 6.6) x 0.74 x 0.91 x 248/1000] = 3836
People: 134.50
Lights: : 331.40
Total sensible gain: 552.89 kW
This is rounded off to 552.9 kW. :
Total latent gain: 74.7kW -

The contribution of the supply and extract fan powers can be approximately assessed by
assuming that Jow velocity,' all-air systems have been ingtalied, which take full account of
diversity in the heat gains. In other words, constant volume re-heat systems have not been
used. If we assume a temperature rise of 2 K to account for supply fan powers and duct gains,
and 0.2 K for the extract fan powers, this could lead us to a psychrometric consideration
similar to that shown in Figure 1.4, with a supply air temperature of 13°C. On this basis the
total supply air quantity for the podium block of public rooms is given by Equation (2.3) as

o vz = [552.9/(22 - 13)] x [(273 + 13)/358] = 49.1 m® 5!
Hence, by Equation (2.3):
Supply fan power and duct gain: (49.1 x 2 x 358)/(273 + 13) = 1229kW
Extract fan power: (49.1 x 0.2 x 358)/(273 + 13) = 123 kW '

The fresh air allowance is 16 1 5™ for each person in the bars, restaurants and banqueting
suite. Referring to Table 3.2 and allowing a diversity factor of 1.0 this amounts to [(16 x 678)
+ (16 x 693) + (16 x 334)}/1000 = 27.28 m®s~. For the remaining rooms, the total popula-
tion is 306, assuming that the committee room is not in use and its'plant is switched off. The
fresh air supply to these rooms is (12 x 306)/1000 = 3.67 m® 57\, The total fresh air quantxty
handled by the various plants dealing with the public rooms 1s 27.28 + 3.67 = 30.95m*s™
The recirculated air enthalpy was calculated as 43,59 kJ kg™ in Example 3.1. The outsxde
state in this example is 26.5°C dry-bulb and 10.65 g kg™’ The enthakpy canbe calculatsd by Equa-
tion (1.14), or determmed from psychrometric tables or a chart, as 53.81 kJ kg™ . Using a specific
volume of 0.820 m® kg™ at the supply state (see Figure 1.4) the fresh air load is determined as

(30.95/0.82) x (53.81 — 43.59) = 385.7 kW

Summary
The cooling load for the complete hotel at 13.00 h sun time in July in the UK is calculated

as follows:

Sensible heat gain 552.9
Latent heat gain ) 74.7
Fresh air load 3857
Supply fan power and duct gain 122.9
Extract fan power 123
Subtotal 11485
Bedroom block at 13.00 h sun time in July 454.0

Total refrigeration load 1602.5 kW
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This represents a specific cooling load of 1 602 500/(14 000 -+ 4878) = 849 W m2, which
is at the bottom end of the values in Table 3.1.

3.5 Residences and apartments

In a hot climate air conditioning is common and, in some instances, essential for living
quarters, particularly for bedrooms where cooler conditions assist sleep and discourage
insects. The approach has been to install through-the-wall, room air-conditioning units (see
Section 2.3) on an ad hoc basis to meet the needs of individual rooms or dwellings. More
refined treatments have been adopted for houses, generally using constant volume all-air
systems with a single direct expansion cooler coil and a remote air-cooled cundenser. One
or more rcheaters {or sequence heaters) give terperature control, although a single
thermostat in the corridor with one heater battery is often enough. Such systems are also
used in apartment blocks, the advantage being in operation when a separate system is used
for each apartment but the disadvantage is in accommodating the air-cooled condenser in
a place with access to a plentiful supply of outside air. A variation for apariment blocks is
to provide water-cooled units with multiple cooling towers on the roof and vertical flow and
return cooling water mains to feed the self-contained units in each apartment. A third
possibility is to install a central water-chilling plant and to distribute chilled water to each
apartment for its air-handling unit. At the luxury end of the market the best approach is to
treat the apartment block as a high-class hotel and use a four-pipe, twin-coil, fan coil system
with a common, low-velocity ventilation plant feeding filtered, dehumidified, tempered (in
winter) air to each flat. Enough fresh air is delivered in this way to give ¢ither 25 1s™ for
each person normally present or enough to make good the mechanical extract'ventilation,
whichever is the greater. Such mechanical extract is essential and should take the form of
25157 from the bathroom and 20 air changes per hour in the kitchen. The fan coil units
would be selected to meet the design heat gains and losses when running at slow speed and
although the cooler coils:-would normally do sensible cooling only, condensate drain lines
must be fitted and connected into the plumbing system, to cater for the odd occasion when
many more than the design population is present. It is also desirable to provide smell
removal, which can be done by a comparatively small unit, comprising an activated carbon
and an electrostatic filter, handling a proportion of the recirculated airstream. A system for
a luxury apartment must have: more than enough capacity to meet the design loads;
quietness (NR 20 is the aim); a quick response to a manual resetting at a thermostat; plenty
of fresh air; and system reliability. Each room, except the corridor, bathroom and kitchen,
should have independent thermostatic control, in contrast to the simpler systems mentioned
previously, where an entire house of two or three bedrooms, etc., is controlled on an average
basis from a single thermostat in a corridor.

In a temperate climate and in the UK, the same principles apply but the case for air
conditioning is more difficult to make for this sort of application. The most compelling
argument is for dwellings in urban environments where noise and dirt must be kept at bay
with double glazing. Air conditioning then becomes a serious consideration, to prevent
excessive rises in internal temperature when the windows must be kept shut, However,
sensible gains are often less than for offices, with a much lower level of illumination and a
smaller proportion of glazing in the walls. Mechanical ventilation, to give an adequate air
change rate of, say, 10 per hous, is then a possible alternative. It costs a good deal less than
air conditioning to buy and operate, and may give acceptable results although the client must
expect an increase in room temperatures above the value outside during part of the summer.
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3.6 Shopping centres
The design of air-conditioning systems for shopping in the UK is subject to two constraints:

(1) The economic pressures imposed by the need for the developer to pitch the amenities
.ata level that will command a rent local traders are willing to pay, whilst providing him
- or her with a satisfactory return on capital. -

(2) The desires of the local fire officer to ensure the safe escapc of the people present in
the event of a fire.

Shopping- centre design has tended to follow an estabhshed pattern. Central malls are
bounded by shopping units and are connected at large squares which become the focal points
for aesthetic display, with fountains, exotic lighting, sunshine roofs and sometimes areas for
rest fitted with benches and tables and provided with a light refreshment service. Most
shopping centres are single-storey or have double-height malls with shop units opening
directly onto them at ground level and further shops at the first fioor, fronting onto a balcony.
Sometimes, however, the development is over several conventional storeys, with malls and
shop units on each. For a shopping centre to be viable it is necessary that several nationally-
known chain stores take up important positions in the development, smaller concerns then
being encouraged to cluster around them.

Lighting levels in the malls are at 200400 fux but in the shop units they vary, with 500

lux being an average. It is common practice to include one or two supermarkets in a develop-
ment and these have lighting levels that can be much higher, perhaps up to 2000 lux. The
contrast ratio, shops to malls should not be greater than 5:1. The lighting will be provided
in a variety of ways in the shops. Food shops, newsagents, chemists and the like will be
lit by fluorescent tubes but boutiques, restaurants, and so on, will have spot lighting and
tungsten filament lamps. Fluorescent tubes could produce 200 lux by liberating about
10 W m™? of floor area, and 500 lux by 20 to 25 W m™, Tungsten lamps will dissipate, on
average, five times these amounts.
" There is little well-established information on population densities in malls and shops. A
study by Martin (1970) of the pattern of customer movement in a department store
suggested 2.5-1.0 m* per person over 60% of the gross floor area, the remainder being
counter space. This corresponds to 4.3-1.7 m® per person over the gross area, Some super-
market operators use 3 m* per person. For the malls there is even less information but
Stinson (1970) suggests 10 m? per person. Population densities vary enormously, Saturday
bemg busier than any other day, with a peak at Christmas. A reasonable design basis is
3.3 m” per person for shop units and 10 m? per person for the malls.

The CIBSE guide recommends that 1615 of fresh air be supplied for each person when
there is some smoking and 24 l s~ each when there is heavy smoking. Taking a population
dlstrlbutlon in a mall of 10 m? per person these fresh airflow rates correspond to 1.6 and
241 s 1 m2, respectively. This is less than the usual supply airflow rate to the malls of 5 or
615 m™ and hence the air handling unit treating the malls can be selected and operated
economically to provide adequate quantities of fresh air.

A conventional design approach, commonly adopted in the past and still in use in the UK
and elsewhere, did not attempt to calculate the supply air quantity needed to offset the
sensible heat 2gams in the malls. Instead, roof top units supplied air to the malls at a rate of
Sor61s™ m™, referred to the floor area. At the back of each shop unit an extract fan, some-
times two-speed drew air from the mall and discharged it to waste. The shops, therefore,
got second-hand air conditioning and were warmer than the malls in the summer by about
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2 K or more, depending on the activity in them. The tenant in the shop provided his or her
own heating, usually electrical, but there was seldom much need for heating apart from early
in the day because of the heat gain from lights, appliances and people. With this approach,
one or more roof-top units, each comprising a direct, gas- or oil-fired heater battery, direct-
expansion air cooler eoil, in-built air-cooled condensing set and centnfugal supply fan (see
Section 2.5) are mounted over the malls. They generally deliver air through a low-velocity
ducting system to diffusers or side-wall grilles and handle an adjustable mixture of fresh and
recirculated air. Extract is locally through a grl]le in the ceiling of the mall and it is commonly .
“arranged to halve the amount of fresh air in winter, for economy.

This design technique appears to work quite well in the UK and in othér parts of the
world, where the climate in summer is notextreme, One important point, that cannot be
over-emphasised, is the necessity of having conventional doors at the ends of the malls, as
it is impossible to prevent the entry of cold draughts by attempting to pressurise the malls
or by fitting an air curtain (see Section 2.9). Door heaters are desirable, even so, at the doors,
to temper the inrush of cold winter air when they are opened to let people pass through.

Shop units are now generally fitted with sprinkler systems but malls are not, unless the
mall is used for commercial or other purposes involving the presence of combustible
materials.

Although extract fans at the back of shop units are still used they are out of favour and
the common approach is to extract air through the roof of the mall. An exception might be
when the contents of the shop make it essential that a separate extract system is provided. -
An alternative, better, smoke-relief systern from shops, that could be acceptable, is a central,
ducted, mechanical extract installation which, in the event of a fire, automatically closes all
the grilles except in the shop where smoke is detected. The central fan then gives increased
smoke exhaust from the single shop. Another possibility is to distribute clean, cooling water
from a central cooling tower and plate heat exchanger complex to the shop units, in addition
to conditioning the malls. The tenant then installs his or her own heating and water-cooled
air-conditioning unit. Although cooljng water distribution is cheaper than chilled water
distribution, because no lagging is required, this approach does not seem to have been ‘
extensively adopted.

Large shops, department stores and supermarkets in shopping centres are invariably air
conditioned by their own, independent systems and this must be remembered when planning
the treatment for the rest of the centre,

The behaviour of fire and the production of smoke in shopping centres has been well
studied by Butcher (1987), Morgan (1976), Hinkley (1971) and others and clear
conclusions reached. Because the quantity of combustible material in a shop is large
compared with that in a mall it is more likely that a fire will start in a shop, where a layer
of hot gas and smoke will rapidly form beneath the ceiling and spread laterally until it
reaches the walls of the shop, when the layer will thicken until it reaches the top of any
opening through which it can escape. If there are no openings, or if they are too smali, the
layer of smoke will thicken downwards to below head level in the shop. Except for large
shops, greatly exceeding 1000 m? in floor area, the time taken for this to happen is seldom
more than a minute or two. When hot, smoky gases escape through openings in the shop
front mto the mall, they rise and form a layer beneath the ceiling and then rapidly advance,
at 1 m s~ or more, towards the ends of the mall. When the end of the mall is open the smoke
flows out at high level but local draughts and wind return large amounts back to the mall,
where the lower levels are now filled with smoke returning with the cold air inrush to feed
the fire. If the ends of mall are closed, the smoke doubles back on itself, again filling the
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lower reaches of the mall. Therefore, whether the ends of the mall are open or closed, it is
rapidly clogged with smoke.

The aim of smoke control is to keep the mall free of smoke so that it can act as an escape
route for people. Because of the speed with which smoke spreads, fusible links do not act
quickly enough to be of any value in smoke control and smoke detectors must be used to
sound an alarm. In the mall itself, the ceiling should be subdivided by downstanding screens
into multiple smoke reservoirs, each of 1000 m” maximum area. The screens should be
reasonably airtight, although small openings around pipes where they pass through the
screens. are acceptable, and not more than 60 m apart and of at least 1 m depth. Ideally,
the screen should extend downward for at least one-third of the way from the ceiling to the

floor to give a clear distance of 3 m from the underside of the reservoir to the floor of the
wall. It is essential that each smoke reservoir has a natural smoke vent in the ceiling that
can be opened to the atmosphere in the event of a fire. This is done automatically or manu-
ally when the fire alarm sounds. Mechanical smoke relief systems are not liked because of
their dependence on an electrical power supply and the risk of malfunction. One solution
is to use natural ventilation openings that are held in the closed position by compressed air,
against springs. The exhaust vents then fail safe to the open position.

3.7 Supermarkets

There are three prime considerations when determining the heat gains: population density;
electric lighting; open refrigerated cabinets. ‘

Figures on population densities in chain stores and supermarkets are not too well-
established but one by Martin (1970) suggests 1.7-4.0 m” per person over the gross floor
area (Section 3.6). Doone (1971) suggested 3 m? per person over the gross floor area. The
density varies with the front third having the heaviest load of people. With a conditioned
state of 22°C dry-bulb and 50% saturation the heat output per person would be 100 W
sensible and 60 W latent.

" Since the object of a supermarket is sales, lighting to enhance the attractiveness of the
goods on display is most important and illumination levels, mostly by fluorescent tubes, are
in the range 1000-1500 lux. For a typical lighting level of 1400 lux, the net gain to the
conditioned space could be in the range 45-80 W m™, depending on the type of luminaire
installed.

There are two types of open, refrigerated display cabinet: that with a condenser at the
bottom of the cabinet and that with a remote condenser, outside the conditioned space. In
the former all the power used by the compressors is an extra load on the room and there is
no benefit from the heat absorbed by the frozen food in the cabinets themselves. Stores with
this type of display cabinet do not suffer from the underheating sometimes experienced by
those having the other type. The second type of open refrigerated cabinet has a big impact
on the air-conditioning load. All the heat gain to the cabinets is from the conditioned space
and is, therefore, a credit, reducing the sensible heat gain because it is ultimately rejected
at the remote condensers. This effect, plus the latent cooling also done at the cabinelts, is
very significant and must be taken into account when calculating the heat gains, the cooling
{oad and the sensible/total ratio of the cooler coil performance in the central air-handling
plant. Complaints sometimes arise because cold air spills out of the cabinets and stratifies
above the floor, to a depth of about 1 m. Air distribution can be arranged to deal with this
effect, if extract grilles are located at low level, or even in the floor in front of the cabinets,
Refrigerated cabinets with remote condensers remove heat from the sales area 24 hours
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per day, 365 days of the year, regardless of the room temperature; clearly, underheating is
sometimes a difficulty, at unexpected times.

1t is important to maintain humidity at or below 50% to reduce the latent removal at the
cabinets which results in a need for frequent defrosting, shortening the life of the product
in the cabinet. High limit humidity control can thus be desirable and, if the sensible/total
ratio of the cooler coil condition line is small, i.e. the slope of the condition line from the
‘ont’ to the ‘off” states is steep, this may be incompatible with maintaining a required room
temperature of 20-22°C, unless reheat is used. There is then a good case for using the
condenser reheat. The simplest way of doing this is by directing hot gas from the compressor
to the reheater instead of to the condenser, as required. If this is done the need to stabilise
condenser pressure remains, as even when the reheater is being used it may not be able to
reject enough heat. A more expensive approach that removes some of the refrigerant pres-
sure control and oil return problems is to use a water-cooled condenser. When this is
adopted, a plate heat exchanger is essential to ensure a supply of clean, warm, cooling water
from the condenser to the reheater, dirty cooling water being circulated to the cooling tower
on the other side of the heat exchanger when it cannot reject enough heat through the
heater.

Overall cooling loads vary from 90 to 200 W m™ of the total sales floor area, depending
on the illumination level and the type of refrigerated cabinet used.

All-air systems of the constant volume, reheat type, preferably using variable proportions
of fresh and recirculated air as dictated by the outside air state and an economical operation
of the refrigeration plant, should be used. It is highly desirable to design the system to be
as simple as’ possible to operate because the staff of the supenmarket are not technically
competent to do more than switch it on and off, With this in mind it is common to use air-
cooled condensers, obviating the problems of corrosion, scaling and water treatment that
would otherwise occur. It is also desirable to adopt heat reclaim techniques, if these are
simple, to give economical system operation. Most air-handling plants and air-cooled
condensing sets are roof-mounted, proper attention being paid to vibration isolation for the
dynamic loads involved (see Sections 7.25-7.27) and the risks of a noise nuisance to
neighbouring properties.

Air distribution by low-velocity ducting should be arranged to deal with the possible
spillage of air from refrigerated display cabinets, but sensible gains are not usually big
enough to make the use of ceiling diffusers or side wall grilles or slots difficult. Because most
of the load is near the entrance, 50% of the total supply air quantity should be delivered to
the front third of the sales area. The entrance itself should be provided with a door heater
to mitigate the worst effects of infiltration as customers pass through the doors in winter.
More air should be supplied than is extracted, to achieve a small but unquantifiable positive
air pressure within, and so discourage infiltration.

EXAMPLE 3.3

A supermarket of dimensions 39 m long, 17.5 m wide, 3.785 m floor-to-ceiling height, is to
be air conditioned at 22.5°C dry-bulb, 50% saturation when the outside state is 28°C dry-
bulb, 19.5°C wet-bulb (sling). The structural and solar heat gains amount to 25 kW, the
population density is 3 m” per person (each emitting 100 W sensible and 60 W latent) and
the illumination level is 1000 lux, obtained by the dissipation of 60 W m™. Open,
refrigerated, display cabinets absorb 30 kW, of which 15% is latent, from the sales area and
reject it to air-cooled condensing sets located outside the conditioned space. Natural
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infiltration amounts to one air change per hour. Determine the supply air quantity and the
cooling load if an all-air system is to be used with low-velocity air distribution.

Answer
The heat gains can be calculated and are summarised as follows:

w

Structural and solar 25 000
People: (39 x 17.5/3) x 100 22 750
Lights: (39 x 17.5) x 60 40 950
Infiltration {Equation (1.9)): (1 X 39 x 17.5 x 3.785/3) x (28 — 22.5) 4736
Total gross sensible heat gain: 93 436
Credit from refrigerated cabinets: 0.85 x 30 000 25 500
Net total sensible heat gain: 67 936
Latent gain from people (Equation (1.11)): (39 x 17.5/3) x 60 13 650
Latent infiltration gain (Equation (1.10)):

(0.8 x 39 x 17.5 x 3.785) x (10.65 — 8.632) 4170
Total gross latent heat gain: 17 820
Credit from refrigerated cabinets: 0.15 x 30 000 4 500
Total net latent heat gain: 13320

Sensible/total ratio: 67 936/(67 936 + 13 320) = 0.84

A low velocity supply air distribution system is likely to have a fan total pressure of about
625 Pa and, assuming the driving motor is in the airstream, there will be a temperature rise
of 1.2 K for each kPa of fan total pressure, giving an increase of 0.75 K across the supply
fan. If the plant room is fairly close to the food hall the supply duct runs will be short and
a reasonable assumption for the rise due to duct heat gain is 0.75 K, giving an overall rise
of 1.5 K. An examination of the psychrometry shown in Figure 3.2, with the design room
ratio line having a slope of 0.84, suggests that a supply air temperature of 13°C would be
suitable, if we assume that an off-coil dry-bulb temperature of 11.5°C will be compatible
with a contact factor of approximately 0.82 t0 0.92 and a four- or six-row cooler coil in the
air handling unit. Using Equation (2.3) the supply air quantity is calculated as

Pas = [67.936/(22.5 — 13)] x [(273 + 13)/358] = 5.713 m® 5™ at 13°C

The corresponding air change rate is (5.713 x 3 600)/(39 x 17.5 x 3.785) = 8 per hour, which
is well within the capacity of conventional air distribution methods.

According to the CIBSE Guide (1986), a suitable fresh-air allowance, when there is no
smoking, would be 8 1s™ for each person, namely, (39 % 17.5/3) x 8 = 18201 5™ which, if in-
crcascd 10 1904 157", is one-third of the supply air quantity. If, to discourage entering draughts,

115 m™ namely 39x 17.5x 1 = 682157, is allowed to exfiltrate through the entrance, then
the amount of air extracted mechanically is 5713 — 682 = 5031 1s™. The amount of fresh air
handled is 5713/3 = 1904 1s™ and the amount recirculated is thus 5713 — 1904 = 3809 157,
Hence the amount discharged to waste under summer design conditions is 5031 — 3809 =
1222 157", All the above air quantities are expressed at 13°C dry-bulb, for convenience.
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Figure 3.2 Plant and psychrometry for Example 3.3.

A low-velocity extract air system is likely to be working at a fan total pressure of 0.5 kPa
and, assuming that the driving motor is outside the airstream, the temperature rise due to
fan power is 1 K per kPa of fan total pressure, namely, 0.5 K. Heat gain to the recirculated
air ducting is of no consequence because of the very small temperature difference across
the duct walls. The recirculated air state, R’, is therefore 23°C dry-bulb, 8.632 g kg" and
45.09 kJ kg™ by interpolation in CIBSE psychrometric tables, or from Equation (1.14) or,
less accurately, from a psychrometric chart. The mixture state, M, onto the cooler coil, is
determined as:

tm = (0.333 x 28) + (0.667 x 23) = 24.67°C
gm = (0333 x 10.65) + (0.667 x 8.632) = 9.305 g kg™
By = (0.333 X 55.36) + (0.667 x 45.09) = 48.51 k) kg™

The moisture content of the air supply state, §, to deal with the latent heat gains is deter-
mined from Equation (2.4) as



Department stores 143

g = 8.632 — (13 320/5713) x [(273 + 13)/856] = 7.853 g kg™
Hence the off-coil state, W, is established from psychrometric tables or a chart as 11.5°C
dry-bulb, 7.853 kg™ and 31.37 kJ kg .. Reference to tables or a chart also shows that the

specific volume at the supply state, §, is 0.8204 m® kg™!. Hence the cooling load -can be
calcufated using Equation (1.17)

Cooling load = (5.713/0.8204) x (48.51 — 31.37) = 11.9.4 kW

This should be checked using a different method (see Section 1.9)

kW
Sensible heat gain: 67.936
Latent heat gain: 13.320
Fresh air load: (1.904/0.8204)(55.36 — 45.09) 23.835
Supply fan power (by Equation (2.3)): (5.713 x 1.5 x 358)/(273 + 13) "10.727
Recirculated fan power: (3.809 x 0.5 x 358)/(273 + 13) 2.384
Cooling load: 118.202

This is about one per cent different from the other answer.
Plotting the states shown in Figure 3.2 on a psychrometric chart allows the apparatus dew-
point, 4, to be detenmined at 10°C. The contact factor, 8, is then calculated

B = (24.67 - 11.5)/(24.67 — 10) = 0.90

This is a practical value and would mean using a six-row cooler coil with a face velocity of
about 2.5 m s™ and tubes having 315 fins per metre (8 fins per inch).

3.8 Department stores

A department store comprises a complex of different sales areas in which lighting levels vary
considerably, population densities are different and internal heat gains from various appli-
ances are possible. The air-conditioning treatment should therefore be subdivided among
several plants, the duty of each being related to the load and application of the area treated.
Although floor-mounted unitary equipment has been used in the past, it is not popular with
store operators because of the valuable sales floor area occupied. Population densities tend
to be high and it follows that all-air systems are favoured, generally located on the roof, but
occasionally mounted at high level, above suspended ceilings in the sales area itself. A plant
mounted at high level in an occupied area is difficult to get at and will not receive proper
maintenance. It is much better to seek an outside location with easier access.

Although high-velocity air distribution has been used to help accommodation of the
ductwork, noise problems become a risk and the unavoidable, higher fan total pressures
cause increased running costs and greater energy consumption. It is better to distribute air
at conventional, low velocities, if at all possible. Departmnent store layouts may be changed,
from time to time, so the duct and plant design should be conservative, with enough flexibility
and capacity built into them to permit any future reallocation of air quantities necessary for
load revisions. The modern trend is to use packaged air-handling plants and this sets a
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practlcal limit on the area treated by one plant which should correspond to a maximum
supply air quantity of about 12.5 m® s™. Final air distribution can usually be through con-
ventional slots, diffusers and grilles. It is a good policy to use adjustable diffusers and grilles
that allow modification of the air pattern, should this be necessary, to counter complaints
of draughts or lack of air movement, particularly after a departmental layout rearrangement.
Although several reheaters can be used with one air-handling plant, it is better to split the
duty among several plants and have only one heater battery for each. In this way every plant
can be economical in running cost, its heater battery being controlled in sequence with its
cooler coil to conserve energy. With sequence control it is necessary to introduce a high limit
humidistat, set at 55%. Upon rise in humidity the heater battery is overriden but allowed
to continue controlling temperature as a reheater, the cooler coil coming on to secure some
dehumidification. When the humidity fails the system is permitted to return to its normal
mode of control. Multizone systems have been used with success but variable air volume
systems require a cautious approach because of the reduction in the fresh air quantity that
may accompany a throttled air supply. Variable proportions of fresh and recirculated air
should be provided for and it should be arranged that the balance of the supply and extract
quantities between departments and from floor-to-floor is such as to avoid excesswe air
maovement along escalators and through doorways.

Central boiler plant and water-chilling plant, located at basement level, are needed to
distribute LTHW and chilled water to air-handling units. While air-cooled condensers are
simple to operate it is possible that the refrigeration load may be too big and cooling towers
will be wanted.

In broad terms, the major sources of heat gain are the electric lights and the people. Some

_of the lighting will be by fluorescent tubes but some is likely to be by tungsten filament lamps
with as much as five times the dissipation of heat for the same illumination. An overall figure
of 60 W m? has been suggested by Murphy (1970) with average population densities of
3 m? per person in the basement sales area, 4 m’ per person on the ground floor and 6 m?
per person on upper floors, compared with those given earlier by Martin (1970} of 1.7-4.3
m? per person. )

Certain areas have unique problems that merit particular attention. In a beauty salon the
gains are from dryers and other appliances, in addition to lights and people. One person
should be allowed for each basin and dryer, plus one member of staff for every four
customers. A negative pressure is necessary in the salon to discourage smells from spreading
to other parts of the store and for this reason a separate air-handling plant must always be
used for this area. Fitting rooms are usually located around the perimeter of the sales floor
and require supplementary heating, in particular if the floor overhangs the street or the car
park and so gives an extra heat loss. Alterations rooms have higher heat gains because of
steam irons used for pressing, and exhaust in their vicinity is sometimes a good policy, even
to the extent of using hoods. At the same time, women sitting down at sewing machines must
not feel draughts. Television and hi-fi display areas often suffer very heavy heat gains — a
colour television set can liberate 500 W - so a proper allowance must be made, based on
the number of sets on view and a diversity factor that is best agreed with the store operators.
Local exhaust ventilation may be considered to reduce the worst effects of the heat gains.
Lamp sales areas also have exceptionally high heat gains with radiant components that are
not directly dealt with by air conditioning. Again, local exhaust may be useful. Entrances
must receive extra heating to combat infiltration. Door heaters are the minimum provision
and in some instances air curtains have been successful over much of the year (see Section
2.9), enabling the doors to be wide open at times, encouraging the entry of custorners, Where
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possible, without compromising the design commercially, 10 W m™ may be added to the
heat gains to cover an additional and unpredictable use of appliances over and above the

other heat gains.
Fresh air allowances should follow the recommendations of the CIBSE guide.

3.9 Kitchens and restaurants

The essential principle of air distribution in kitchens and restaurants is to arrange for airflow
from the restaurant into the kitchen in order to avoid the retention of food smeils in the
restaurant and the spread of odours to adjacent premises. The essential difference in
treatment is that restaurants can be air conditioned to a comfort standard, whereas kitchens
cannot. In kitchens there is a high proportion of radiant heat gain and the best that can be
done is to cool the supply air to about 12 or 14°C, thus improving temperature conditions
of as high as 45°C to about 30°C.

Restaurant loads are predominantly from people, with a population density of 1.8-2.0 m”
per person and electric lighting, largely from tungsten sources, up to 75 W m™. Odours from
food, people and smoking must be diluted by using recommended fresh air supply rates,
according to the CIBSE guide (1986) of at least 8 15™ for each person. The type of restaurant
influences the choice of inside design conditions, lower temperatures (22°C dry-bulb) being
chosen for establishments with Jonger term occupancies. In this connexion, it is worth noting
that because of the high latent heat gain from people the room ratio line may have a steep
slope, and maintaining 50% humidity with 22°C dry-bulb may not be a practical proposition
with commercially available cooler coils and refrigeration plant. In such cases up to 60% is
tolerable and should be the design aim; except during peak occupancy the humidity will be
much lower than this. If a bar forms part of a restaurant, extract ventilation should be
concentrated over the bar, to remove local smells and tobacco smoke.

Kitchens should have at least 20 air changes per hour of extract ventilation, removed
mostly through hoods over the cooking equipment. Exhaust air quantities through hoods
should be in accordance with the recommendations of the CIBSE (1986) with an absolute
minimum air velocity of 0.3 m s™ over the face of any hood. Hoods are ineffective with
velocities less than this. Just as there is some extract from parts of the restaurant, such as
the bar, remote from the kitchen, so there is often a need for the supply of air to parts of
the kitchen, to supplement the air drawn from the restaurant. Such air must be filtered and
tempered in winter and it should be cooled in summer as suggested, if this can be afforded.
There should be no attempt to specify a condition to be maintained in the kitchen but it is
most important to ensure that the balance of airflow is from the restaurant into the kitchen.

Alr change rates in commercial kitchens can be very high indeed and it is then worth
considering the use of proprietary forms of kitchen exhaust hood that provide local supply,
- specifically for the hood, thus easing the problems of supply air distribution and saving energy.

3.10 Auditoria and broadcasting studios

Auditoria may be roughly classified as cinemas, theatres and concert halls, in terms of the
importance of noise control and the attention that must be paid to this in the design of the
air condioning system. The sound production system in cinemas is sufficiently loud to make
noise control of least importance among the three but in theatres audibility at all parts of
the auditorium is critical and there must be no intrusive noise from the mechanical services.
In concert halis audibility is even more important and background noise of any sort is
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unacceptable. The ASHRAE guide (1995) quotes noise criteria that may be interpreted as
NR 30 for cinemas and NR 20 for theatres and concert halls.

The major component of the load is from people in all these cases and it is evident that
all-air systems are required. Low-velocity air distribution should be used because of the low
noise levels necessary and because there is usually enough space to run ductwork. It is
suggested by ASHRAE (1995) that 2-3 m? per person be allowed for population density in
the lobby spaces and 0.75-1.0 m? per persont in the audltonum, referred to the total area
including the aisles if a seat count is not possible. In cinemas and theatres the lights are off
or dimmed, except when cleaning takes place and it is recommended by ASHRAE (1995)
that 5-10% of the installed lighting power be taken for design purposes, coincident with
the population load. Electric lighting is seldom a significant proportion of the heat gain in
an auditorium of this sort, although in a convention hall this might not be the case.

The situation is quite different on the stage where lighting presents a most complex
problem. Tungsten lights located around the proscenium can be dealt with by extract fittings
that remove 40-50% of the heat liberated and return it to the central plant for discharge
to waste or recycling, as appropriate. Over the stage itself the presence of movable scenery
and the need for spot lighting raise difficulties; on the other hand, theatre-in-the-round,
introduced as a break away from traditional stage/audience configurations, may have all its
lighting in the auditorium, aiming largely at the stage and representing loads as high as
200 kW for a seating accommodation of 1400 according to Thornley (1969).

In assessing structural heat gains, advantage can be taken of stratification in high auditoria,
if the air supply grilles are 1.5 m or more below the depth assumed to be occupied by the
stagnant air. Such stratified air is assumed to suppress the natural convection component
of the inside surface heat transfer coefficient, allowing heat gain by radiation only. This is
then usually taken as 33% of the total structural gain.

An excellent survey of mechanical services in auditoria by Thornley (1969) shows that
there are at least six effective possibilities for air distribution:

(1) Downward - air enters from ceiling diffusers and is extracted beneath the seats. This
gives draughtless air movement but advantage cannot be taken of stratification. Supple-
mentary heating is needed at the sides, where there is a heat loss and near emergency
exits, in winter.

(2) Upward ~ air is supplied beneath the seats and extracted at high level. This is the best
arrangement, in theory, because cooling air is delivered at the place where there is the
major source of heat gain, i.e. from the people. Air has been successfully introduced in
this way through perforations in the pedestals supporting the seats and also through
specially designed perforated diffusers in the risers of the seating tiers. Careful design
is essential and this technique of supply should never be used without a preliminary,
full-scale, mock-up and a proper programme of test for the air distribution and the air
temperatures involved. Draughts at the ankies are the risk and this is exaggerated by a
large cooling temperature difference, room-to-supply.

(3) Front-to-rear —long-throw grilles are needed and it is difficult to select these for a throw
exceeding 10 m without producing too much noise. Taking advantage of stratification
is possible if the supply grilles are sufficiently below the level of stratified air. Some
variation of temperature and freshness is not unlikely over the length of the auditorium,
in the direction of air throw. ,

{4) Front-of-stage-to-rear - air is blown from beneath the front of the stage to extracts at
the rear of the hall. Similar considerations to (3) prevail. There must be a large distance
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between the stage and the first row of seats, if draughts are to be avoided there. A variant
used in some of the early cinema installations was to extract the air on each side of the
screen, When this is done supplementary heating is needed at the sides, where there is
a winter heat loss.

(5) Rear-to-front — long-throw grilies are needed, with possible noise problems, and supple-
mentary winter heating.

(6) Side-wall supply air with high level extract — this is a cheap arrangement in terms of
ductwork but air distribution may not be adequate for the rear of the auditorium or the
balcony.

A general comment on air distribution is that auxiliary supply and extract may be needed
with any of the above systems at the back of the auditorium, above and beneath the balcony,
to deal with vitiated, warm air that may stratify. It is sometimes claimed that air distribution
over the large plan area of the auditorium can be helped by relying on the influence of the
extract openings. However Jamieson (1959) has shown that it is only the momentum of the
supply air that is significant in giving good air distribution and the location of the extract
openings is irrelevant in this respect.

The presence of the fly tower over the stage of a theatre introduces a large stack effect
that is often apparent by the curtain billowing when it is lowered. There are generally side
stages and a rear stage in opera houses, and these require air conditioning or ventilation as
well as having problers of air distribution.

The local authority, also the licensing authority in the UK, the building regulations, the
fice brigade and other municipal influences, must be consulted when the mechanical and
electrical services are being designed. Significant restraints are often imposcd by these
authorities. For example, the local authority in London may require a minimum fresh air
provision of 28 m® per hour for each person in a place used for public entertainment, but
this may be reduced to 14 m® per hour if air conditioning is installed and the humidity does
not exceed 55%. The same authority may require that, with downflow air systemns, the flow
must be reversed, i.c. supply grilles becoming extract grilles, and vice-versa, in the event of
a fire, to remove the smoke and so help people to escape from the auditorium.

Theatres and opera houses usually have ‘crush bars’ which are very densely occupied for
fifteen minutes or so, once or twice during a performance, i.e. in the intervals. Heat gains
from people are then very high indeed and local, temporarily boosted extract may be neces-
sary to supplement the air conditioning. Where a concert hall or theatre forms part of a
larger complex, incorporating restaurants, large foyers, bars, and so on, separate plants
should be adopted for areas having similar patterns of usage, as for the public room in hotels
(Section 3.4). The location of plant, particularly refrigeration machines and boilers, merits
special care. On no account should they be in places where noise and vibration can be trans-
mitted to the auditorium.

The inside design conditions chosen for the auditorium, or other areas where long-term
occupancy is the rule, should be those normally adopted, for example 22-23°C dry-bulb
and up to 55-60% humidity, in the UK. In entrance foyers, in the UK, it may be reasonable
to design for a temperature half-way between that in the auditorium and that outside,
bearing in mind that outside temperatures will fall as the time of the evening performance
approaches.

Pre-cooling is sometimes advocated for the two or three hours preceding a performance
to reduce the size of the installed cooling capacity necessary, but this does not always give
good results, since temperatures at the start of a performance are too low and they rise to
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uncomfortably high values by its end. According to Thornley (1969), installed cooling capa-
cities seem to be an average of 15-25 kW of refrigeration per 100 seats in European auditoria,

Television and broadcasting studios are very special cases indeed. Quite apart from the
need to select quiet-running plants, provided with adequate silencers and mounted on
properly selected vibration isolators, the air distribution from the supply grilles or diffusers
may cause far t0o much noise. The problem is made worse by the very high lighting loads,
300 W m™ being common in the UK, and as much as 600 W m in Europe. The studios
often have very large floor-to-ceiling heights. There may be a subceiling, acting as a walk-
way for maintenance and access to the lights supported from it. The space above this can
be 5-6 m high and the space in the studio beneath it as much as 12 m. Extreme care must
be taken with the design of the air distribution system. Air has been successfully supplied
at high level above the suspended walk-way, to spread evenly over it and diffuse downward
through it into the studio, giving 20-25 air changes, over its height of 12 m. All supply and
extract ducting must be acoustically lined, minimuwm 50 mm thick, in addition to the silencers
required at the plant. A maximum velocity is 2.0 m s™ through the free area of grilles or
slots and velocities in the ductwork must not exceed 3.0 m s,

A silencer must be provided on the supply side of the air handling plant, positioned so
that no noise from the plant can outflank it. A silencer must also be fitted on the extract
side of the air handling plant, again with due precautions about flanking noise. Terminal
silencers are usually needed at each supply air terminal and at each extract point. Steps are
nécessary to prevent noise break-in through the duct walls, often taking the form of 1 mm
steel duct walls bonded to 0,75 mm of lead, due regard being paid to the increased weight
of the installation and the consequences of this on the building structure. It is essential that
the air-conditioning system is isolated from the structure of the building and this involves
the use of spring hangers for the ductwork, properly loaded and installed. The supply and
extract diffusers and ducting must not touch the ceilings or rest of the building structure
and properly selected and fitted gaskets are used as necessary.

Duct branches from the mains to the diffusers must be long in order to give smooth airflow
into the diffuser necks and it is recommend that they should be at least 1.2 o in length. It
is not possible to balance the diffusers by using dampers because of the noise they generate.
If dampers are essential, they should be on the upstream side of the supply terminal silencers
and the downstream side of the extract terminal silencers. It follows that the duct mains are
sized with very low pressure drops in order to make the system virtually self-balancing. The
cones in the diffusers may themselves generate unacceptable noise and in this case the cones
have to be removed, with due consideration paid to the consequences of this on the air
distribution in the broadcasting studio.

For the smaller size of studios it is desirable to use direct-expansion air cooler coils in
the air handling plant with remote air-cooled condensers, properly fitted with purpose-made
silencers and acoustic louvres. Larger studios are likely to need water chillers, probably water
cooled, but whatever formi the refrigeration plant assumes careful attention to the treatment
of noise and vibration is vital. A measure of standby-by is necessary because of the sensible
heat gains in the studios and, in the case of the supply and extract fans, this can be 100%
by the provision of belted, running, stand-by driving motors (see Section 7.27).

For an air-conditioning system to be acoustically successful in an exacting application such
as a concert hall or a broadcasting studio, it is essential that the mechanical services are
designed, installed and commissioned in full consultation with the acoustic consultant and
that the design and construction of the building itself deals with the risks of flanking noise
paths and the transmission of sound and vibration through the structure.
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3.11 Museums, art galleries and libraries

Books, paintings and some other valuable articles are often made of hygroscopic materials
that expand and contract with variations in the ambient humidity. Such movements even-
tually cause cracks and deterioration. Since humidity is temperature-dependent it follows
that both should be controlled if the objects stored or on display are to be protected. Further-
more, the air-conditioning system must run continuously and must also have adequate stand-
by features. Although natural daylight is preferred for viewing paintings, spotlights are
sometimes used in art galleries, and these impose local radiant heat gains that exacerbate
the thermal and hygroscopic movements referred to. Enclosing articles of value in glass-
fronted cases is not always an answer as the cases breath as they undergo thermal expansion
and contraction, possibly made worse by spotlights. One solution is to enclose very valuable
objects in hermetically sealed cases filled with helium. Another approach is to feed a supply
of conditioned air to each case and so keep it at a slight positive pressure in relation to the
ambient air and in a controlled condition.

Apart from structural gains the load is from people and lights, the population demnsity
varying from an average of 10 m? per person to a possible occasional peak of 2 or 3 m” per
person for special exhibitions, or for a social function. Lighting is unlikely to exceed 500 lux,
produced by fluorescent tubes liberating 1527 W m™ of floor area.

Atmospheric impurities in the outside air, notably SO,, and even 8Os, are a danger
to leathers, paper, textiles, wood and paint. Smoking is seldom permitted but, if allowed,
will also damage these materials and many others. Filtration should, therefore, be
aimed at removing these undesirable contaminants from both the outside and recirculated
air.

Ali-air, low-velocity systems are the natural choice and if control over both temperature
and humidity is demanded then constant dew-point plants with reheat are required. In many
cases it is sufficient to keep the humidity reasonably constant at any value in the comfort
zone, without paying too much attention to the precise value selected. Thus, 40% *+ 5%,
or 55% * 5%, might be acceptable. It should be remembered that the first step to good
control over humidity is good control over temperature.

3.12 Swimming pools

A swimming pool is intended for the bathers and their comfort is best served, in the UK,
by the following temperatures:

Childrens’ teaching pool or leisure pool 28-29°C
Pool for the general public 27-28°C
Pool for the elderly, disabled, or infirm _ up to 30°C
Competition swimming 26-27°C

The air temperature should be one degree above the water temperature and the humidity
is usually between about 50-60%. Air-conditioning a swimming pool hall to the comfort
standards commonly accepted in this country for fully-clothed people is clearly out of the
question. If the comfort of the spectators is a matter of concern they should be screened
from the pool hall by vapour-tight glass partitions and conditioned by a separate, all-air
plant. The pool hall itself must be ventilated and the following considerations apply in doing
this.
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Table 3.4 Standard dimensions for diving pits

Diving board Approximate size of pit Approximate
Height Length Width Depth wager content
Type (m) (m) (m) (m) (m’)
Spring 1 9.0 50 30 136.380
3 10.5 7.0 35 2213
Fixed 5 12.0 76 38 318.22
10 15.0 9.0 4.5 590.98

THE SWIMMING POOL COMPLEX
Pools in the UK are commonly built to three standards:

(1) County — 25 x 12.8 m, surface area 320 m? content about 640 m’
(2) National — 33.3 x 12.8 m, surface area 426.24 m?, content about 910 m®
(3) Olympic - 50 x 17 m, surface area 850 m® content about 2270 m”.

The depth at the shallow end is 1 m and a diving pit is assumed at the other end. The
dimensions of a diving pit depend on the type of diving board and its height. Standard
dimensions according to Doe ef al. (1967) are given in Table 3.4. When two boards, side-
by-side, are used, the width is increased by 50%.

Leisure pools have no standard size or shape and are provided with many additional
features, such as flumes, spas, wave machines, river rides, water mushrooms, etc. which add
difficulty to a determination of the wetted surface area when calculating the evaporation
rate.

Teaching pools are much smaller, 12.8 x 7.3 m, containing about 60 000 | and of a depth
600700 mm. The rest of the accommodation generally provided includes changing rooms,
toilets, showers and precleansing foot baths, cafeteria, administrative offices and a plant
room. Terraced seating is the rule along one side of the pool, to deal with 200-300 people
but sometimes as many as 2000 people can be seated, along both sides of the pool.

MECHANICAL VENTILATION

Mechanical ventilation is essential and must run continuously. Its purpose is to keep
the humidity within the pool hall to an acceptably low level in both summer and winter,
to minimise the extent of condensation forming on cold surfaces in winter, to minimise
the rise in air temperature in summer, to dilute the concentration of objectionable odours
and to provide an adequate supply of fresh air. It is also often used to offset the winter
heat loss. A study by Doe et al. (1967) of the consequences of adopting different ventilation
rates indicates that 15 1's™ m™ of wetted surface area is not enough to prevent humidity
from becoming too high at certain times of the year nor enough to prevent condensation
streaming down single glazed windows. It is recommended that 20 1 s™' m™ of weited
surface area be supplied. This higher rate deals with the problem of high humidities for most
of the year in the UK, except perhaps for the warmest summer weather. Condensation will
still occur in winter on single glazing. There is also a chance that condensation may
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occur on double glazing and on metal window frames without a thermal break, at
certain times of the year, depending on the activities in the pool and the number of bathers,
both of which affect the wetted surface area, the evaporation rate and hence the relative
humidity.

It is impossible to calculate the evaporation rate, W, in kg s7}, or the latent heat emission,
ge, in W m 2, from the wet surfaces in a pool hall with any certainty. For airflow across a
simple horizontal water surface Thiesenhusen (1932) gives the rate of evaporation as

e = (0.0885 + 0.077%)(p, - ps) @1

where v is the air velocity over the surface of the water in m s, p,, is the saturated vapour
pressure in Pa exerted by the water in the pool at its temperature £y, and p; is the partial
pressure of the water vapour in the air above the pool surface in Pa. The equation is based
upon a ducted airflow across an open surface of water in a pan, with controlled and measured
conditions of temperature, humidity and air velocity. When using the equation for a
swimming pool there is some doubt as to the air velocity to choose, particularly so because
of the activity of the bathers. In terms of comfort alone, 0.15 m s~ is reasonable. If the water
temperature is taken as 28°C and its saturated vapour pressure as 3780 Pa, the above
equation simplifies to

ge = 379 - 0.1 p, (3.2)

When using Equations (3.1) and (3.2) experience has shown that the surface area to be used
is the pool surface plus 20%, to take account of the wetted surrounds and this has yielded
satisfactory results for the design and operation of ventilation systems for swimming pool
halls. However, the equations have been criticised in the past because they ignore the
number of bathers present, their wet surfaces, and the influence the activity of the bathers
may have on the evaporation rate from the water. Furthermore, no account is taken of the
additional wet surfaces caused by features such as flumes, wave machines, etc. in leisure
pools. It would be possible to estimate the surface areas of bathers by using an equation
proposed by Du Bois and Du Bois (1916)

Ap = 0.202 m*5p075 33
D

where Ay, is the Du Bois surface area of a body in m m is the body mass in kg and 4 is the
body height in m. It might also be possible to estimate the wet surface areas of the various
water features, given their dimensions.

More commonly, two equations, due to Biasin and Krumme (1974) which purport to
account for the presence of the bathers, have been used. These were originally formulated
in non-SI units but, adopting SI units, their equation for occupied pools becomes

Wy = [3.278 + 4.157¢(p,, - ps)} A, x 107 (3.4)

where W, is the evaporation rate of water in kg s™, £is a dimensionless, normalised activity
factor that depends on the number of bathers and the pool surface area (see Figure 3.3),
and is defined by

£ = (n, AB)A, n,y) ' (3.5)
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Figure 3.3 Normalised activity factor for evaporation from indoor swimming pools, for use with
Equation (3.4). After Biasin and Krumme (1974).

in which n,, is the number of people amriving at the pool per hour, A@is the average length
of stay of a bather in the pool and #,, is the number of bathers present per unit area of pool
surface. In Equation (3.4) p,, is the saturation vapour pressure corresponding to the water
temperature of the pool in kPa, p, is the partial pressure of the water vapour of the air in
the pool hall in kPa and 4, is the surface area of the pool in m?. The evaporation rate can
easily be turned into a latent heat gain to the pool hall by multiplying by the appropriate
latent heat of evaporation (Table 3.5).
For an unoccupied pool, the evaporation rate, W, in SI units is

W, = [2.188 X (py, — ps) ~ 1.639] 4, x 107 (3.6)

The units of vapour pressure are again in kPa.

The work by Biasin and Krumme was based on measurements in an apartment block
for an actual, rectangular swimming pool having dimensions 12.5 x 5.12 m, giving a total
pool surface area of 64 m% The pool hall was treated by a ventilation system handling
444.4 157 using a heat pump. This gives a specific ventilation rate of 6.94 1 s™ m™, which
is a good deal less than the figures commonly used in the UK and mentioned earlier. The
authors of the work stress that it is only possible to apply their equations to pools of different
sizes if the pools have the same geometrical proportions and if the Reynolds number for

Table 3.5 Latent heat of evaporation

Temperature, °C 27 28 29 30
Latent heat of evaporation, kJ, kg"l 24371 24347 2432.4 2430.0
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the air circulation in the pool hall is the same. The authors do not quote the Reynolds
number for their system and the pool hall. Further restrictions regarding the validity of their
equations, when applied to pools of different sizes, are that the supply air temperature
should be the same as the air temperature in the pool hall and the expression or measure-
ment of humidity and temperature in the pool hall should be at a height of 1.7 m above the
pool surface (or at the same height above the surrounding floor, adjacent to a wall). It was
considered that the maximum value of € could lie in the range 0.68 to 0.75 when the
equations were extrapolated to other pools but that values of & exceeding 0.75 had little
meaning because the evaporation rate from the pool did not increase as & rose above this
value.

EXAMPLE 3.4

(a) Calculate the total evaporation rate from the pool and the total latent gain to the hall,
for a pool of 416.5 m” area containing 20 bathers, using Equations (3.2) and (3.4). Refer
to Figure 3.3 for a value of £ to be used in Equation (3.4). The pool water is at 28°C
and the air in the pool hall is at 29°C dry-bulb and 55% saturation.

(b) Calculate the evaporation rate when the pool is not occupied, by means of Equation (3.6).

Answer

(a)
Vapour pressure at 29°C dry-bulb and 55% saturation, p,, = 2.243 kPa (CIBSE tables)
Vapour pressure of water in the pool, p,, at 28°C = 3.779 kPa (CIBSE tables)
Latent heat of evaporation at 28°C = 2434.7 kJ kg™* (Table 3.5)

By Equation (3.2), assuming that the wetted surface area is 20% greater than the pool
area, the specific latent heat gain to the pool hall by evaporation is

ge = (379 - 0.1 X 2243) = 1547 W m™
Total latent heat gain = (154.7 x 416.5 x 1.2)/1000 = 77.32 kW
Total evaporation rate = 77.32/2434.7 = 0.0318 kg s
Specific evaporation rate = 0,0318/416.5 = 0.0000764 kg s m™
Normalised activity factor, £ (see Figure 3.3) = 0.28
By Equation (3.4) the total evaporation rate
Wy = [3.278 + 4157 x 0.28 x (3.779 - 2.243)] x 416.5 x 10~ = 0.0211 kg s~
Specific evaporation rate = 0.0211/416.5 = 0.0000507 kg s m™

Total latent heat gain = 0.0211 x 2434.7 = 51.37 kW
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{b) When unoccupied, the total evaporation rate, W, by Equation (3.6) is
W, = [2.188(3.779 — 2.243) — 1.639] x 416.5 x 107 = 0.007171 kg ™!
Total latent heat gain = 0.007171 % 2434.7 = 17.46 kW

At night, when the pool hall is not in use, a cover should be placed over the pool to restrict
the evaporation rate to virtually zero.

Reeker (1978) made measurements of evaporation rates in three indoor swimming pools,
equipped with mechanical ventilation systems using heat pumps, and found a wide difference
in the results obtained with a dependence on the frequency of use of the pool and the relative
humidity in the pool hall. It was concluded that the use of an unfavourable calculation
method could lead to an installation having unnecessarily large energy losses, without
improving the conditions in the pool hall. Typical measured evaporation rates were 0.000017
~0.000022 kg s m™ for still water surface conditions and 0.000022-0.000036 kg s m™ for
water surfaces in motion.

The answers in part (a) of Example 3.4 gave an evaporation rate of 0.0000764 s™ m™, by
Equation (3.2) and 0.0000507 kg s m ™%, by Equation (3.6), suggesting that the use of Equation
(3.6) gives results that are not unreasonable.

Dressing rooms must be ventilated by a separate plant using 100% fresh air and giving
ten air changes per hour. Less than this rate is poor practice and six air changes per hour
is totally inadequate for dealing with odours and helping to keep the floor dry. Pool halls
and dressing rooms should be maintained at a slightly negative air pressure to discourage
the migration of smells to adjoining premises.

The performance of a swimming pool hall in humidifying the ventilating air passing
through it can be regarded as similar to that of an inefficient, steam-pan humidifier (see

Figure 3.5).

EX4AMPLE 3.5

(a) A swimming pool has a pool surface area of 416.5 m? and is maintained at a temperature
of 28°C. The air in the pool hall is at 29°C when it is —1°C saturated outside. Determine
the humidity in the pool hall if there are 40 bathers and the ventilation system handles
100% fresh air at rates of 15 and 20 15~ m™. Make use of Equation (3.4) and compare
with the results achieved by Equation (3.2).

(b) Given that the heat loss from the pool hall is 40 kW and that this is to be offset by
warming the fresh air delivered from the ventilation system, calculate the necessary
supply air temperature for a rate of 20 1™ m™, referred to a wetted surface area of 1.2

x the pool area.

Answer

(a) Assuming for convenience that the air supplied is expressed at 29°C the two pro%)oscd
rates of fresh air supply are 15 x 416.5 = 6247 1 s™ and 20 x 416.5 = 8330 1s™". The
fresh air supplied has a moisture content 3.484 g kg™! (at ~1°C saturated). By Equation
(24) its latent cooling capacity, when handling 15 157 m™, is

O\ = [6.247 x (g, — 3.484) x 856]/(273 + 29) = 17.71g, - 61.69 kW (3.7)
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For 20 1 s  m™ the latent cooling capacity is
O = [8.33 x (g, — 3.484) x 856}/(273 + 29) = 23.61g, — 82.26 kW 3.8

From Figure 3.3, the normalised activity factor is 0.58 and, from CIBSE psychrometric
tables, the saturation vapour pressure, of the pool water at 28°C, p,, is 3.779 kPa. By
Equation (3.4), the evaporation rate from the pool to the air in the pool hall is

wp = [3.278 + 4.157 x 0.58 X (3.779 — pg)] x 416.5 x 107 = 0.05160 — 0.01004 p, kg 5™
(3.9)

Taking the latent heat of evaporation (Table 3.5) to be 2434.7 kJ kg™ at 28°C, the latent
heat gain to the pool hall is

Q. = [0.05160 ~ 0.01004 p,] x 24347 = 125.63 — 24.45 p kW (3.10)

Assuming two different values for the percentage saturation in the pool hall, say 40%
and 60%, with a dry-bulb temperature of 29°C, allows the vapour pressure of the air in
the pool hall, p,, to be determined and hence the latent gain to the pool hall for the two
assumed values of percentage saturation and the latent cooling capacity for the two
ventilation rates:

Latent cooling capacity (kW)
Latent heat gain  Ventilation rate (1s™ m™)
Equation (3.10) 15 20
u(%) g@ke™ ps(kPa) (kW) Equation (3.7) Equation (3.8)
40 1029  1.641 85.51 1205 160.7
60 1543 2442 65.92 2116 282.0

If Equation (3.2) is used for the latent gain to the pool hall by evaporation, instead of
Biasin’s Equation (3.4), we have the following.

At 40% saturation and 29°C in the pool hall, g, = 379 — 0.1 x 1641 = 214.9 W m? and
the total latent gain to the pool hall is (214.9 x 1.2 x 416.5)/1000 = 107.4 kW.

At 60% saturation and 29°C in the pool hall, g, = 379 — 0.1 x 2442 = 134.8 Wm™
and the total latent gain to the pool hall is 134.8 x 1.2 x 416.5/1000 = 67.4 kW.

Figure 3.4 illustrates these results. The humidity prevailing would appear to be in the
range from 30 to 40% saturation, depending on the assumptions made and the equations
used. It is clear that calculations of the latent gain to the pool hall by evaporation cannot
be accurate because of the uncertainty about the activity in the pool and the wetted
surface areas. On the other hand, the latent cooling capacity of the air supplied is based
on the use of Equation (2.4) which is fundamentally correct although, of course, the air
distribution arrangements in the pool hall will have an influence. Both Biasin and
Krumme (1974) and Recker (1978) found that considerable variations of humidity
occurred in occupied swimming pool halls.
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(b) The rate of supply of fresh air = 1. 2x416.5 x 20 = 9996 1 s7%, which is approximately
10 m® s}, expressed at 29°C. By Equation (2.3) the supply air temperature necessary to
offset a heat loss of 40 kW is

1, = 29 + (40/10) X [(273 + 29)/358] = 32.4°C

Figure 3.5 illustrates the psychrometry. Fresh air is warmed from —~1°C (state 0) to 32.4°C
(state §) and supplied to the pool hall, offsetting the heat loss of 40 kW and falling to
29°C (state R’). The air also flows over the pool surface and, if this were infinitely long,
would attain 29°C at state 4. In fact, it is humidified by evaporation from the pool and
the wetted surrounds only to state R, at 33% and 29°C. It can be inferred that the pool
and its surrounds have a humidifying efficiency of [(8.744 — 3.484)/(25.72 — 3.484)]100
= 24%, for a relative velocity of 0.15 m s

Although using recirculated air is a possibility it is generally considered wiser to use
100% fresh air, except, perhaps, when heat pumps are used. Energy can be reclaimed
from the exhaust air by the use of run-around coils and transferred to the incoming fresh
air (see Section 9.2).

CONDENSATION

Taking the 1ns1de surface resistance of glass to be 0.123 m? K W and that outside to
be 0.055 m® K W it can be estimated that the surface temperature of single glazing is

- [o. 1231(0 055 + 0.123)}(27 + 1) = 7.7°C. With an air gap having a resistance of
0 178 m? K W a similar calculation shows that the room-side surface temperature of double
glazing is 17.2°C. Single glazing will stream with moisture all the time in design winter
weather, particularly at night-time when outside air temperatures will drop below ~1°C. Even
if double glazing is used, condensation must be expected on the frames, if they are metal
and do not include a thermal break. Condensation on roof lights and their frames, and even
on roof beams too if they are steel and can reach a low temperature by conduction to outside,
is also a possibility. This sort of condensation may escape notice and result in unexpected
corrosion if a suspended ceiling conceals the roof. When suspended ceilings are fitted it is
recommended that a branch duct should supply fresh air to the ceiling void, so pressunsmg
it and discouraging the entry of humid, corrosive air from the pool hall.

AIR DISTRIBUTION

Common sense should prevail in the location of supply openings, whose positions are much
more critical for good air distribution than are those of the extract grilles. One of the best
methods is to blow air upwards at the side watls and windows, particularly the latter where
cold down draughts will be a problem otherwise.

HEAT RECOVERY AND HEAT PUMPING

A pair of eight-row, run-around coils, with 320 fins per metre and a face velocity of about
2.5 m 57! in the fresh air and discharge air ducts will have a heat transfer effectiveness of
about 50%. If such coils are used it is recommended that the coil in the discharge air duct
-should have copper tubes and fins, electro-tinned after manufacture. Some consideration
should also be given to extra protection for the framework, which is normally made of
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galvanised mild steel. Thermal wheels will give much larger heat transfers and efficiencies,
but at greater capital cost. It is not uncommon for the metallic fill of one type of thermal
wheel to corrode quite rapidly, when handling swimming pool hall exhaust air. A further
and most useful possibility for heat reclaim according to Braham (1975) is to use plate heat
exchangers to transfer heat from the waste water leaving the showers to the cold feed for
the HWS (hot water service) vessels.

Heat pumps have been used successfully and economically for the mechanical ventila-
tion of swimming pools. Figure 3.6 shows a schematic for a typical plant arrangement and
Figure 3.7 shows the related psychrometry for winter operation. In the simplest application
there are no run-around coils (shown by dashed lines in Figure 3.6) and no mixing duct
connection and dampers (R2b in Figure 3.6). A direct-expansion air cooler is located in the
extract air duct from the pool hall and cools and dehumidifies the air from state R to state
W. The air then flows through the extract fan, its temperature rising from ¢, to ¢, because
of the fan power, before discharging to waste. One hundred per cent cold fresh air is
introduced, filtered and passed over the finned tubes of the condenser, where the heat taken
- from the extract air together with the power absorbed by the compressor is rejected and
warms the air supplied to the pool hall to offset the sensible heat losses. A re-heater, fed
with LTHW is usually fitted, to support the condenser heater when necessary, but an
auxiliary condenser is seldom needed, any surplus heat, not required to warm the air sup-
plied, can be rejected to the pool water through a heat exchanger. A desuperheater is oftea
provided in the hot gas line to warm the HWS feed. A boiler is necessary to produce LTHW
for the auxiliary heater battery, when needed, and to provide most of the heat for the HWS.

Theoretically, when a heat pump is used like this in winter it is operating at very
advantageous conditions: the air onto the evaporator in the extract duct is at a virtually
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Figure 3.6 A schematic of a ventilation system for 2 swimming pool, using a heat pump.
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Figure 3.7 The psychrometry for winter operation of the plant schematic in Figure 3.6. (a) The simplest
case: 100% fresh air in winter, without run-around coils. (b) 100% fresh air in winter, with rup-arcund
coils: R-R’ and O-(. (c) Minimum fresh air in winter with recirculation and run-around coils. The
temperature rise across the fresh air run-around coil (0-0’) is larger than across the extract
run-around coil (R-R") because the fresh airflow rate is less. (d) 100% recirculated air.

constant state and hence the plant is running at a full load for most of the time with a high
coefficient of performance, probably at about 5:1 for heat pumping. In practice, there are
load variations because conditions change in the pool hall and the state of the air entering
the fresh air duct varies. Loads will also change if variable proportions of fresh and
recirculated air are handled. This would be to meet the varied needs of swimmers and
spectators, to provide a small negative air pressure in the pool hall to discourage the
migration of humid air to other parts of the building, and for operational economy. Proper
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control is essential to secure efficient operation and to minimise running costs. Using two
compressors may also be desirable to optimise system performance under reduced load
" conditions and to provide a measure of stand-by.

The installed heat pumping load can be reduced by adding heat recovery devices, such
as run-around coils (shown by dashed lines in Figure 3.6) to the extract and supply air-
streams. Motorised dampers are essential so that the air-handling system can run with 100%
recirculation to save thermal energy when the pool is shut down at night-time. However,
corrosion is a considerable risk, particularly with steel ductwork, and it is suggested by Kay
(1994) that, for pools treated by chlorine, as much as 30% of the air handled may be
recirculated but if ozone is used for pool water treatment the figure may be as much as 80%.
Plastic materials and builders’ work have been successfully used for ducting. Operating costs
may also be minimised if variable proportions of fresh and recirculated air are used under
automatic control, as expedient with seasonal changes throughout the year.

BOILER POWER

The initial heating up of the water in the pool does not coincide with the demands for
heating, ventilating and HWS. A reasonable basis for estimating the boiler power is to sum
the heating requirements occurring simultaneously, as follows: fabric heat loss + fresh air
load for ventilation + 7 K h™* for evaporative losses from the main pool + %7 K h™ for
the evaporative losses from a teaching pool + the HWS load.

3.13 Bowling centres

For this competitive market, air conditioning has seldom been adopted in the UK,
ventilation sufficing, but in warmer climates it is essential for the comfort of the spectators
and bowlers. The major feature of the heat gain is the presence of large numbers of people
in only a small part of the floor area, the lanes being unoccupied and, therefore, neither
ventilated nor air conditioned, although air is sometimes exhausted above the pin setting
machinery. Peak loads occur between 6 pm and 11 pm on weekdays and in the afterncon
on public holidays and at weekends. Fresh air allowances should be generous to counter
odours and smoking and 16-24 157 per person is recommended.

-Because only the area up to the foul line is treated, it is common to fit a curtain wall,
sometimes transparent, coming down part of the way from the ceiling over the foul line to
assist the separation between the conditioned and non-conditioned areas. It is important
that this should not obscure the view of the spectators or the bowlers.

Although packaged units have been used, in the more competitive situations, the best air
distribution and the best results are achieved with all-air systems, probably multi-zone to
cater for the ancillary areas such as bars, cafeterias, and so on, and low velocity ductwork.
Air is commnonly supplied from a duct running parallel to the foul line and blowing air from
double deflection grilles at a height of no more than 3.7 m from the floor, towards the
bowlers and spectators. No more than two lanes should be dealt with by one grille. Air is
exhausted at the back of the spectator area and recirculation can be used provided that
precautions are taken that it is not from contaminated areas such as the cafeteria or from
the bar, where smells and smoke are likely to be pronounced. According to Valerio (1959)
it appears that in the United States, air change rates over the occupied area are between
10-15 per hour and the supply air rate is between 215~270 15~ for each lane. Cooling loads
lie in the range from 3.8 to 6.4 kW of refrigeration per lane.
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3.14 Clean rooms

The presence of moisture, dirt and impurities in certain machinery, assembly and production
work spoils the high quality of the finished product and it becomes necessary to control the
contamination by arranging for the work to be done in a clean room, or at a clean work
station. Contamination control is best achieved in a clean room by adhering to the following
six principles:

(1) Preventing particulate matter from entering the room

(2) Continuously purging the room of particles by providing a high air change rate

(3) Preventing particles from settling onto the product

(4) Restricting the generation of particulate matter within the room by the people present
and their activity

(5) Arranging for the components dealt with, and the people handling them to be
thoroughly cleaned, prior to entering the room.

(6) Constructing the room from materials that do not contribute to contamination.

Although well-designed clean room systems should prevent the entry of particles exceed-
ing 0.5 um in the diameter, the main source of contamination is the activity of the work
people themselves. Initially clean rooms were air conditioned using conventional methods
of air distribution with a high efficiency particulate air filter — the HEPA filter — introduced
in about 1950. The HEPA filter is defined as having an efficiency of at least 99.97%, on a
volumetric basis, for particles of 0.3 um diameter, using the dioctyl phthallate (DOP) test.
Clean rooms conditioned in this way were often unsuccessful in keeping the particle count
down to the desired level because of the turbulent nature of the air distribution which did
not provide a self-cleaning facility. Small particles became permanently trapped and
circulated in eddies in some parts of the room. It was also found that low levels of contamina-
tion were only possible after the activity in the room had ceased and the conditioning system
run for some further considerable time. A resumption of the activity immediately raised the
contamination level. It was clear that a satisfactory level of contamination control depended
on more than the quality of the filtration and that a new approach to air distribution was
needed. So-called laminar flow air distribution was introduced in 1960 and successfully
achieved the low particle counts desired by providing a supply airflow without turbulence
that gave a self-cleaning function and flushed out dust particles from all parts of the room.

There is also an ultra low penetration air (ULPA) filter that has been introduced more
recently. This is defined as having a minimum atmospheric dust spot efficiency of 99.999%
for particles of 0.12 zm diameter.

POLLUTION SOURCES

A clean room or a clean device is an enclosed space in which the contamination of polluting
particles is controlied to a specified standard and in which: the distribution of airflow follows
a proper pattern, temperature and humidity are controlled to within specified tolerances,
noise and vibration are limited, and electro-magnetic, radio frequency, and electrostatic
fields are dealt with as necessary.

The sources of pollution in a clean room are:

(a) External. These arise from the provision of fresh air by the air-conditioning system, by
the infiltration of dirty air through the fabric of the envelope where pipes, ducts and
conduit penetrate it, by the entry of people from adjoining, dirtier spaces, and by the
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inflow of components or materials related to the processes carried out. Supply air
filtration should deal with the first of these but, nevertheless, there appears to be a small
correlation between dirty outside conditions and the indoor pollution level. Proper
sealing around pipes, ducts and conduit at the entry and exit points through the building
envelope is essential. A pressure gradient between the cleanest areas within the building
and the outside, graded' accordmg to the classes of cleanliness of the rooms en route,
can deal with the infiltration of air that accompanies the passage of people, compon-
ents and materials through the building from the exterior.

(b) Internal. The greatest source of particulate contamination is from the people working
in the clean room. Particles are being shed continuously from their bodies and clothing
at a rate of between several thousand and several million per minute. Their actual
working activities, even writing, also shed particles. These pollutants are kept under
control by the provision of special clothing and by arranging for laminar downflow air
distribution, which washes the particles from the surfaces of bodies and clothing and
carries them away from the product being made. The airflow is not laminar in the true,
dynamical sense of the word and is more correctly cdlled uni-directional airflow.
However, the teri laminar has found common usage in this form of air distribution.
Robots working in clean tunnels are sometimes used but these also shed particles from
bearings, seals, and so on.

The internal surfaces of the clean room are additional sources of poltution, shedding
particles and gassing out with the passage of time. Even the process itself can be a source
of contamination, as also may be the materials provided for it.

STANDARDS OF CLEANLINESS

Particles of size greater than 5 um tend to settle fairly quickiy but it is important to control
cleantiness generally for sizes much smaller than this, because a small particle can short-
cirouit a pair of conductors in an integrated circuit on a chip, rendering it useless. The
smallest dimension in a micro-circuit is termed the line width and it is suggested by
ASHRAE (1995) that particles having a maximum dimension of as little as 10% of the line
width may result in a circuit faihire. With circuit line widths approaching 0.25 um, particles
having a size of 0.025 pm are likely to be of concern. »

The standards adopted for clean rooms throughout most of the world are those developed
by the Federal Bureau of Standards in USA and embodied in Federal Standard 209E (1992).
The class of cléanliness in a clean room was, and still is, described in the old, foot pound
second units, by the number of particles of a specified size, per cubic foot of air in the room.
Thaus, Class 100 meant that the particle count should not exceed 100 per cubic foot, of size
0.5 um or larger. A metric version of this, established in Federal Standard 209E, is in terms
of the allowable number of particles per cubic metre, with class numbers prefixed by the
letter M. Thus, Class M3.5 (corresponding to Class 100) defines a particle count not exceed-
ing 3530 per cubic metre, of size 0.5 um or larger (see Table 3.6).

Limits are given for particles of other sizes and a formula is quoted for establishing the
allowable number of particles per cubic metre for metric class numbers:

p = 10M(0.5/d)*? (3.11)

where p is the number of particles per cubic metre, M is the numerical pari of the metric
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Table 3.6 Metric clean room classes according to Federal Standard 209F (1992)

Maximum number of particles equal to or

greater than 0.5 ym
Oldclassname ©  Metric class name per cubic foot - per cabic metre
1 M15 1 353
10 M2.5 10 353
100 . M35 100 3530
1000 M4.5 . 1000 35300
10 600 M55 10 000 353 000

100 600 M6.5 - 100 000 ‘ 3530000

class name and d is the particle size in microns. Thus, to define a metric class M2 in terms
of particles of size 0.3 ym

p = 10%(0.5/0.3)*? = 308 particles per cubic metre

The Federal Standard lists classes from M1 (10 particles per m® at 0.5 ym) to M7 (107
particles per m® at 0.5 um) and covers the acceptable limits of partlcle: sizes for 0.1, 0.2, and
0.3 pm, as well as 0.5 pm. The number of particles at 5.0 um is given for the less clean classes
of M4-M7. Federal Standard 209E does not specify downward air velocities, as was the case
with earlier Federal Standards, but 0.45 m s™ has become widely used for laminar downflow
rooms to classes 100 (M3.5), or better. It is more difficult to maintain clean standards in
large rooms than in small spaces, although Classes 100 000 and 10 000 have been maintained
for large production halls in the aerospace industry. Classes 100, 10 and 1, in the semi-
conductor industry for the fabrication of integrated circuits, are only possible in small spaces.

in the UK and, to a lesser extent, abroad, BS 5295 (1989) has been used. The class of
cleanliness is described by letters from C to M (excluding I) with A and B pot described,’
presumably to allow for future, cleaner standards. BS 5295 gives figures for particle contents
per cubic metre similar to those in Federal standard 209E for particle sizes of 0.3, 0.5, 5.0,
10.0 and 25 pm. The maximum treated floor area in m? for each sampling position (when
verifying performance) is given and the pressure differences between classified areas and
unclassified areas, and also between a classified area and an adjoining area of lower classifica-
tion, are quoted. The pressure in a clean room depends on the difference between the air
extracted from the processes and the make-up air provided. When considering this it is
important to appreciate that the airflow rate extracted through process equipment is set by
the manufacturers and cannot be changed without risks to safety. Pressure differences are
generally between 10 and 15 Pa and should be as small as possible: if they are too large, eddy
currents at wall outlets may cause vibration problems, according to ASHRAE (1995).

Figure 3.8 compares the clean room classes of Federal Standard 209E (1992) and BS 5295
(1989).

Achieving a standard is not merely a matter of good filtration. Close attention must also
be paid to: the pattern of airflow in the room, the quality and cleanliness of the materials
of construction of the room and the services, commissioning, and maintenance. The
installation must be proved and the standard achieved demonstrated by an actual particle
count, Particle counts at regnlar intervals are subsequently necessary to verify that the correct
class is being maintained.
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Figure 3.8: A comparison of Federal Standard 209E (1992) and BS 5295 (1989).

- AIR DISTRIBUTION

(a) Turbulent. The air supply is in a conventional manner, as used for commercial air
conditioning, tihrough ceiling diffusers, without any attempt to modify the pattern of
air distribution in the room. However, an absolute filter is fitted above each diffuser.
Air is extracted through side-wall grilles at a low level around the room. If the source
of contamination is from external sources Class M6.5 (100 000), or perhaps M5.5
(10 000), is possible in the room generally. This will not be possible if there are internal
sources of contamination and clean work stations must be provided. Laminar down-
flow occurs at the work station: air drawn from the room by a local centrifugal fan passes
through an array of absolute filters covering the whole of the ceiling of the work station
and laminar downflow occurs onto the workmg surface. Class M3.5 (100) or better, can
occur, The ceﬂmg of the work station is usually provided with fluorescent lighting and
there may be an ionising grid beneath the tubes to neutralise any electrostatic field.

(b} Laminar downflow. To achieve Class M3.5 (100) the whole of the ceiling in the clean
room is fitted with absolute (HEPA) filters, which occupy about 85-95% of the space
available, after allowing for the presence of luminaires, possibly sprinklers, and the
necessary framework to support the 600 x 1200 mm filter cells (see Figure 3.9a). The
air is introduced uniformly and provides virtually unidirectional (laminar) airflow down
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Figure 3.9 (a) Laminar downflow from a ceiling covered with absolute filters (100% gross area, 85-95%

net area) to a perforated extract floor (15% to 25% open area). (b} A diagrammatic cross-section of

a tunnel arrangement. The central area has turbulent air distribution but work stations have laminar

downflow and are able to provide Class 100 (M3.5 or E), or even Class 10 (M2.5 or D). The clean

tunnels are separated by service chases which contain the pipes gases and fluids for the processes
and may also be used for the extract air, as shown.

to the floor of the room. In the best examples, the floor comprises modular gratings (with
about 15-25% open area) behind which washable or disposable pre-filters are
sometimes fitted. The objection to the presence of pre-filters under the floor modules
is that the clean-up procedure is complicated in the event of a chemical spill. It is often
better to locate pre-filters elsewhere, in the extract system, where access for maintenance
is easier. An alternative, less effective arrangement uses side-wall extract grilles at low
level around the periphery of the room. With both techniques the intention is to achieve
unidirectional airflow vertically downwards to the level of the working surfaces at about
750-950 mm above floor level. Below this level a mixture of laminar and turbulent air
distribution occurs when side-wall extract is used. The presence of the equipment, the



166 Applitations

people in the room and their movement, disturb the airflow patterns and introduce a
measure of turbulence which tends to lift particles from contaminated surfaces and
deposit them onto the clean products being made, with adverse consequences.

An extract floor must have the folloWing properties:

(1) The strength to stand concentrated and rofling loads without giving undcsmxblc deflec-
tion beyond acceptable limits. : ,

(2) An acoustic quality compatible with the design noise rating in the clean room.

(3) Safety for flame spread.

(4) It should be earthed.

(5) It must not emit particles or gases under conditions of normal wear.

(6) The floor supports must be stable.

The space beneath an extract floor in a laminar downflow clean room should not be too
shallow, otherwise the extract distribution over the foor will be prejudiced and turbulence’
may be induced at the floor, with a chance that contaminating particles will be lifted in the
clean room and spoil the class of cleanliness. Sometimes, the extract floor is suitably
reinforced and the space beneath constructed as a basement where dangerous and other
gases and liquids can be piped and fed upward to the process equipment in the clean rooms
overhead. Plant may also be accommodated in such a basement. Floor-to-ceiling heights
must be adequate.

Clean rooms may be constructed as large single spaces (2000~3000 m? floor area) and
maintained at a desired degree of cleanliness, using the appropriate form of air distribu-
tion. Multiple work areas may then be provided within this area, as required, with better
classes of cleanliness. An aiternative is to use what is termed a tunnel arrangement (see
Figures 3.9b and 3.10). Clean tunnels are separated by service chases, or aisles, and the
working area can easily be increased by lateral expansion,

Cross-flow clean rooms have been used in‘the past and are cheaper but do not give the
best results. Laminar airflow is possible from a clean wall (fully covered with absolute filters)
across the room to a dirty, extract wall on the opposxte side. Hence not only does the stan-
‘dard of cleanliness deteriorate across the room but, since turbulent mixing of the airstreams
does not occur, a substantial horizonta! temperature gradient may develop.

ABSOLUTE FILTER INSTALLATION

It is no good instaﬁing high quality, expensive, absolute filters if dirty air is allowed to pass
through flanking paths between the filter cells into the clean room. Three methods are in
use to deal with this possibility.

(1) Gaskets are provided between the filter cells and their supporting framework. After
installation the cells are drawn up tightly, by means of adjustable screws, onto the gaskets
between the underside of the cells and the supporting frames.

(2) A downstand flange, on the underside of each filter cell, rests in a channel of gel, on
the upperside of the supporting framework (see Figure 3.11).

(3) The filter cells are provided with gaskets between their underside and the supporting
framework but the air supply is ducted to each individual absolute filter cell. It is also
arranged that there is a duct connection between the extract air system from the clean
room and the ceiling void. This ensures that the space above the filter cells is at a
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Figure 3.10 Typical plan of a tunnel clean room arrangement with approximate dimension.

negative air pressure, with respect to the clean room. Any flanking leakage between the
filter cells will then be of clean air out of the room (see Figure 3.12). The method tends
to be expensive.

Framework
supporting rods
4 . @
Calling void
Absolute filter cell Absolute fitter call
Fluorescarit
L} tube

Channel _ Claan room

Luminaire Adjustment screw

Channels in the framework contain a gel to form a
liquid seal betwean the dirty side of the absolute
filter cells and the clean room

Figure 3.11 A diagram of the method of absolute filter support that provides a liquid seal to prevent
flanking air leakage past cells.
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Figure 3.12 Supply air is ducted to each absolute filter cell. The ceiling void has a duct connection to
the extract system and hence it is at a negative pressure with respect to the clean room. Any flanking
leakage between filter cells is of clean air out of the room.

Sometimes the luminaire is not recessed into the ceiling, as in Figure 3.11, but projects into
the clean room. It is then common for the diffusing enclosure of the fluorescent tube to be
of tear-drop section, so as to avoid disturbing the downward-flowing streamlines of air.

PLANT ARRANGEMENTS

Figure 3.13 shows a typical schematic arrangement of the air handling plant used for a clean
room. Other arrangements are possible but the important features are:

(1) The air quantity handled by the primary plarit is related to the very high air change rate
- that results from the nced to have a face velocity over the ccllmg in laminar downflow .
clean room of 0.45 m s™! ,

(2) The fresh air quantity that must be provxded is much greater than that related to the
occupancy because it has to make good the air exhausted from the room by the prooess ‘
equipment.

In Figure 3.13 an absolute (HEPA) filter and a pre-filter is shown as part of the make-up
air handling plant. Such an absolute filter should have an atmospheric dust spot efficiency -
of not less than 95%. The pre-filtering should include a conventional, commercial filter with
an arrestance of about 80%, followed by a filter with an atmospheric dust spot efficiency of
30%, followed in turn, by a filter with an atmospheric dust spot efficiency of 80%. This will
prolong the life of the 95% filter and the lives of the terminal filters in the ceiling of the
laminar downflow clean room.

FPROCESS EXHAUST SYSTEMS

To carry out the processes in the clean room various acids, solvents and gases are delivered
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Figure 3.13 A schematic of the air handling arrangement for a clean room. The primary plant for 2

laminar downflow system will be handling about 540 air changes per hour if the face velocity over the

filters in the ceiling is 0.45 m s™ and the floor-to-ceiling height is 3 m, For smaller heights the rate can

exceed 700 air changes per hour. The amount of fresh air handled by the secondary system and

conditioned is governed alimost entirely by the airflow rate exhausted by the process equipment in the
i clean room.

in piping dedicated to the nature of the gas or liquid handled. Many of these gases and
liquids are corrosive, inflammable and poisonous. Some are pyrophoric, that is, spontan-
eously combustible in the presence of air, without the aid of ignition. Reference to the safety
limits for exposure to such substances must always be made and strict adherence to the
-regulations for fire safety and escape followed. The exhaust airflow rates related to the
processes are very considerable and can be from 5 to 50 1s™ m™, referred to the floor area.
The exhaust ductwork used for fumes should be generously sized to cater for possible
changes in the future.

DESIGN CONDITIONS

Because the occupants must wear fully covering, protective clothing in laminar downflow
clean rooms they require a dry-bulb temperature of not more than 20°C and this may
commonly be subject to an acceptable tolerance of £0.5 K although, for some processes, a
tolerance as close as £0.05 K is essential. According to ASHRAE (1995), control zones
should be small enough to be able to deal with the comparatively large thermal inertia that

* results from the high air change rates in laminar downflow clean rooms. Relative humidities
between 30% and 50% are often acceptable, with limits of between 5.0 and +0.5%,
depending on the process. Some processes are very sensitive to the higher humidities and
also to changes in humidity.

The performances of the air-conditioning systern and the associated refrigeration plant
are critically related to the outside design conditions chosen. The comparatively large
amount of fresh air handled, to balance the process exhaust quantities, emphasises this. It
follows that the outside summer design states, commonly chosen for commercial installa-
tions, are unsuitable for clean room applications in the semi-conductor industry. The outside
summer design dry-bulb and wet-bulb should be higher than the usual commercial choice
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and reference made to the CIBSE (1982) data. In addition to this, becausc the
performance of the system will be spoiled if the refrigeration plant cannot reject heat to
outside, air-cooled condensers and cooling towers should be selected for an outside dry-
bulb and an outside wet-bulb, respectively, that is at least two degrees higher than the
summer design value used for the rest of the air conditioning system.

A stand-by plant is essential and provision should also be made for space to accommodate
additional plant in the event that the clean room facility is extended at a future date.

Noise levels and acceptable displacements arising from vibration must be established prior
to design. The building, the processes and the system of air conditioning are interrclated
and must be considered as a whole in these respects {see Chapter 7). The equipment used
for the processes is often sensitive to vibration. In general, displacements should not exceed
one tenth of the line width.

It must not be forgotten that the plant used for abatement of the fumes and gases ex-
hausted from the processes and discharged to waste may also be a source of objectionable
noise.

FAN SELECTION AND FAN POWER

Owing to the high airchange rates in clean rooms and the big pressure drop across absolute
filters, the fan powers involved become very large. This has a great effect on the size of the
refrigeration plant and on energy consumption. Fan selection and operation therefore
become very significant.
The most efficient fans are backward-curved centrifugals with aerofoil impeller blades,
and axial flow fans. The former have a maximum total efficiency of about 89% and the latter
~a maximum of about 87%. The peak efficiency of a centrifugal occurs at a fairly steeply slop-
ing part of the pressure~flow rate curve (see Jones, 1994) and this is an advantage since an
increase in system resistance produces a smaller decrease in airflow rate than would other-
wise be the case. The peak efficiency of an axial flow fan occurs on a part of the pressure-flow
rate curve that is steeper than that of the centrifugal fan, with a correspondingly better effect.
Fan power, W;, in kW, is defined by Equation (2.7)

W = pri/n 2.7)

where p is the fan total pressure in kPa and v, is the volumetric airflow rate in m*stata
temperature ¢ and 77 is the total fan efficiency as a fraction. As an absolute filter gets dirty
the pressure drop across it rises, the airflow rate reduces and the fan efficiency diminishes.
- Increasing the fan speed will restore the air flow rate to its design value, but at a higher fan
total pressure, corresponding to the extra resistance of the dirtier filter. The total efficiency
is restored to its former value, in accordance with the fan laws. The best and most efficient
way of increasing the fan speed is by increasing the frequency of the clectrical supply to the
fan motor, through an inverter. Some other techniques, such as the use of eddy current
couplings, are not efficient and do not save energy. If axial flow fans are used, the pitch angle
of the impeller blades may be increased to offset the effect of the dirt collected by the
absolute filters, and the airflow rate returned to its design value. Absolute filters are
expensive and consequently the pressure drop across a filter is usually allowed to build up
to several times its value when clean. One set of absolute filters in the ceiling of a laminar
downflow clean room can last for as much as three years. At the end of this time the semi-
conductor products might be overtaken by obsolescence and the whole facility and its
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services could be shut down and up-graded. While the installation is in use, fan speeds would
be regularly increased to keep the airflow rate at its design value. Such fan speed increases
are often done manually, at regular intervals of about a week, or at times dictated by opera-
tional experience.

REFRIGERATION LOAD

For the case of a Class M3.5 (100) laminar downflow clean room, the contributions of the
primary fan and the fresh air load are significantly more than one would calculate for a
commercial building. Comparative calculations for a typical clean room and a commercial
west-facing office module yield the following:

Item Clean room Commercial office
Treated floor area 100 m? 14.4 m*

kW % kW %
Sensible heat gain 10.0 7.1 0.76 55.5
Latent heat gain 0.5 04 0.13 9.5
Fresh air load 425 30.2 0.30 21.9
Primary fans 76.0 54.0 0.18 - 13.1
Secondary fans 11.7 - 83 - -
Total 140.7kW  100.0% 137kW  1000%

For the commercial office the item for primary fan power covers the supply and extract fans.
There are no primary and secondary fans. Note that illumination levels are high in clean
rooms, and values up to 4000 lux are not uncommon. Wild emissions from processing
equipment also increase the sensible heat gams

The specific refrigeration loads are 1407 W m™ for the clean room and 95 W m™ for the
office module. For an entire commercial building the cooling load would be less than the
figure quoted for the module because diversity factors would be taken into account for
people, lights and business machines. However, it is evident that refrigeration loads and fan
powers are much higher for a clean room. :

INSTALLATION AND COMMISSIONING

All materials for ductwork, pipework and plant must not degrade, or emit particles or gases
during their operational lives. Circular section ducting is preferred. Plant and materials used
for the air-conditioning system must be cleaned and sealed by the manufacturers at their works,
before delivery to site. After delivery, all plant and materials must be cleaned again, sealed,
and kept until required in a clean, weatherproof storage room. After erection, cleaning should
be carried out once more and the system sealed until commissioning is to begin, Air must never
be allowed to flow through the system without the absolute filters being in place
The three successive phases of commissioning are:

(1) As built — the installation is complete and the building is ready but the semi-conductor
processing equipment has not yet been installed.

{2) At rest ~ the processing equipment has been installed but not yet set to work.

(3) Operational - the processing equipment is working and in production.
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System performance is demonstrated by particle counting, using actual counting for the
larger sizes and light scattering for the smaller particles. Standardised methods are prescrib-
ed in BS 5295 (1989).

Continuously monitoring and recording conditions of cleanliness, temperature, humid-
ity, air pressure, and so on, is essential after commissioning. Some semi-conductor manu-
facturers consider that extensive monitoring of as many variables as possible, in both the
clean rooms and the various systems and piped services, leads to a significant improvement
in the quality of the chips produced, with fewer faults and a higher yield. Maintenance is
improved and the examination of records is a diagnostic aid in the determination of
production problems.

ABATEMENT

After playing their parts in the production processes, the various liquids and gases used
{many of which are dangerous) and the related exhaust fumes, must be collected and
disposed of in a manner that causes no hazard to the environment. Two techniques employed
are absorption and adsorption, to remove the objectionable substances, but some of the
waste products cannot be dealt with in this fashion and dedicated, safe disposal by
contractors appears to be adopted.

3.15 Hospitals

Hospitals in the UK have not always been fully air conditioned, except for new buildings in
urban areas where ambient noise and atmnospheric pollution necessitate having closed, double
glazed windows (see Hunt, 1976). Air conditioning has been restricted by economic considera-
tions and has been confined to places where it was essential, for example operating theatres.
Although balanced, mechanical ventilation has been used to limit the spread of smells from
service areas, for example kitchens and places providing a source of odour or infection, wards
have often relied on the natural ventilation afforded by opening windows. In warmer climates,
on the other hand, the need for air conditioning is more apparent and, according to ASHRAE
(1995), it is claimed that its provision in wards does not merely give comfort but is actually
conducive to successful therapy and promotes a more rapid recovery by patients.

In the design of air conditioning or ventilating systems it is essential to restrict the
dissemination of infection between different areas and to discourage the spread of smells.
Four aspects of design help to achieve these aims:

(1) Different departments shouid be treated by independent systems.

(2) A balance must be secured between the supply and extract air quantities to maintain a
slightly negative or positive pressure in certain areas, according to the desire to limit
the emission of microbial infection and/or smells.

(3) A relatively bacteria-free air quality should be achieved by adopting a proper standard
of filtration efficiency.

(4) Enough fresh air must be handied to dilute odours to an acceptably low level.

HEPA filters (see Section 3.14) are effective in achieving a low bacteria count by removing
virtually all particles from the airstream down to one micron (1 m) in size. Smith and Rowe
(1977) claimed that the standards of fresh air supply recommended for hospitals were based
on cutdated and insufficient studies and offer evidence that as much as 80% of the air


hp
Highlight


Operating theatres 173

supplied can be recirculated from the treated space provided, of course, that it is properly
filtered. The rates of fresh air supply recommended by ASHRAE are, nevertheless, quite
satisfactory. CIBSE, on the other hand, does not make recommendations directly but refers
to the figures quoted in the various hospital building notes, published by the Department
of Health, There is every reason to suppose that both these sources give satisfactory recom-
mendations.

It is important that air washers, sprayed cooler coils, and the like, should not be used
because they may be the focal points for the production and dissemination of microbial and
other infection. When humidification is necessary it should be done by the injection of sterile,
dry steam into the ducted airstream (see Section 3.15) and this stcam should be gencrated
in the vicinity of the point of use to avoid energy losses from distribution mains.

Although induction and fan coil systems have been used in hospitals, the presence of
secondary cooler coils, emergency condensate trays and secondary filters or lintscreens inside
the treated space creates a harbouring place for microbes and possible source of infection.
Of the air-water systems available, that best suited to hospital wards and similar areas, is
the chilled ceiling, with an auxiliary air supply (Section 2.12). Through-the-wall room air
conditioners are not really suitable because they also form local centres of potential infection
and their use should only be regarded as a temporary expedient. All-air, centralised systems
offer a good solution for hospitals generally, and of the three most apt constarit volume with
reheat, double duct and variable air volume, the first two will be the most expensive in both
capital and running cost and the third the cheapest in these respects as well as the best. One
favourable feature of the variable air volume system is its ability to run at low capacity and
low noise levels with low energy consumption at night-time, when cooling loads are reduced
and patients are sleeping in wards.

Hospitals must run for 24 hours each day and this imposes a necd for a measure of stand-
by in the refrigeration machines, air-handling units, pumps and boiler plant. It is also
necessary to have stand-by, diesel driven, electrical generators for at least the essential
hospital services. Whenever stand-by plant is considered, it should always be chosen and
installed in a way that will not allow it to deteriorate. Thus belted, running motors should
be fitted as stand-by on fans, rather than motors that are static when on stand-by and will
suffer bearing deformation by brinelling.

An essential feature of the design of modern hospitals is energy conservation. Measures
for conserving energy must be considered with the proper tests for cost effectiveness applied.
See Chapters 8 and 9.

3.16 Operating theatres

Marny operating theatres have been air conditioned using conventional methods of turbulent
air distribution but, as with clean rooms (Section 3.14), this proves unsatisfactory in the
prevention of airbome contamination. There are three sources of bacterial contaminants:
the supply of air to the theatre; the surgical team; and the emissions of bodily vapours and
organisms from the patient. To deal with these and to prevent turbulent air movement and
convection currents from lifting pathogens, mixing them by entrainment with the supply air
and depositing them on the patient, the best steps to take are as follows:

{1) Provide special body exhaust suits for the surgical team, with extract openings at the
crotch, armpits and nose, or body exhaust systems each comprising a face mask with a
removable transparent visor, a hood, and a gown of low permeability material from
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which air is exhausted under the hood and upward beneath the gown. Flexible hoses
are attached to the backs of such body exhaust ensembles and a microphone is fitted
in each face mask. Members of the surgical team are kept refreshed by the continuous
flow of conditioned air and fatigue is diminished.

(2) Provide an exhaust system at the operating table itself, for the removal of the emissions
and organisms from the patient, in the vicinity of the wound.

(3) Provide a laminar downflow system of air distribution over the patient, the surgical team
and the operating table, at a mean speed of between 0.3-0.4 m s~ which is high enough
to wash away any pathogens that may be deposited. It has been found by Howarth (1972)
that velocities as high as 0.6 m s™* are unsatisfactory because the exposed internal tissues
of the patient are over-cooled and dried out by evaporation

(4) Provide terminal HEPA filters to remove virtually all dust particles above 0.3 um in size.
It is also necessary to install local exhaust in the vicinity of the anaesthetist to carry
anaesthetic vapours away from him or her.

According to Green et al. (1962) airborne bacteria invariably attach themselves to dust
particles and very small water droplets, 80% of the particles/droplets exceeding 2 um in size
and most of bacteria conveyed being of about 2 um in size. Fungus celis and spores are in
the range of 3-20 pm and are not attached to carrier particles. Particles of size less than
0.3 um play no significant part in conveying pathogens. It is general practice to use 100%
fresh air because although it contains bacteria and other contaminants, these are seldom
of the type (streptococci and staphylococci) that are major sources of wound infection,
accerding to Schicht and Steiner (1972). Fresh air is thus very much better than recirculated
air from operating theatres. It has been reported by Ma (1965} that staphylococci thrive
better in dry air (humidity less than 35%) and moist air (humidity greater than 65%}), than
at intermediate humidities. This evidence has been verified and extended by Green (1974)
to claim that there is a general decrease in the life of many airborne microorganisms when
the humidity lies between 20% and 45%. Earlier work by Dunklin and Puck (1948) showed
similar results and tendencies.

Typical operating theatres have plan dimensions of about 6 x 6 m with floor-to-ceiling
heights of approximately 3 m. It is impractical to use fully the downflow techniques of clean
rooms over the whole of the area of the theatre and, in any case, an extract-ventilated floor
poses structural problems and is restrictive in theatre use. One approach by Howarth (1972}
that is most effective in producing laminar downflow where it is wanted is to provide an
enclosure of plan dimensions 3 x 3 m within the theatre and surround the surgical team and
patient with it: the supporting services team (anaesthetist, and so on) is in the theatre,
outside the enclosure, which is air conditioned by conventional air distribution which uses
100% fresh air and HEPA filters. The enclosure comprises rigid, transparent, plastic,
demountable panels, suspended from the ceiling or supported by four corner posts. The side
panels are of modular construction, allowing openings with various dimensions to be
provided in appropriate positions for the access of X-ray machines, etc. It is usually arranged
that only the part of the patient that is being operated on is within the enclosure, the rest
of the body, together with the anaesthetist, is outside. The laminar downflow of air escapes
under the bottom edges of the enclosure, which do not reach to the floor, and prevents the
inflow of bacterial contaminants. Merbers of the surgical team may leave the enclosure and
later return, provided they put on a freshly sterilised body exhaust suit. Wrapped, sterile
instruments can be passed from the outer theatre into the enclosure. Convection currents
from lights over the table tend to spoil the laminar downflow. One solution to this is
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supporting the lights from the ventilating ceiling within the enclosure in a special way, and
another is in having the lights outside the enclosure but with their beams directed through
its transparent walls onto the patient,

A modification of the laminar downflow enclosure is to use partial walls according to
Whiyte et al. (1974) that do not extend very far down from the ceiling. The aim is to simulate
the characteristics of the core of a freely flowing jet over the surgical team and patient by
restraining the natural expansion of the laminar downflow over a short distance.
Apparently successful laminar downflow can be achieved at the table level provided that
the airflow initially delivered is 20-25% more than would be handled by an enclosure
extending to within 600 mm or so, of the floor. A possible disadvantage seems to be that
entrainment of air from the outer portion of the theatre could contaminate sterile
instruments stored outside the clean area. A third version by Allander and Abel (1948), used
in Scandinavia, encloses the clean, downflow area in a peripheral air curtain.

The conditions maintained within the laminar area, in the outer part of the theatre and
in the ancillary rooms that complete the operating theatre suite, are 21 + 1°C and 50 + 5%
saturation with adjustable set points. It is worth providing humidity control in the vicinity
of 50% not just because of the probable reduction in the life of bacteria, but because of the
reduced risk of electrostatic discharges. At humidities less than about 40% the static charges
which build up on non-conducting materials do not leak away to earth but accumulate and
may give spark discharges, eventually with dangerous results if inflammable or explosive
anaesthetic gases are used. It is also advisable to size the plant to be able to maintain 24°C
for short-term, major surgery, if required.

The air-conditioning system should be all-air, constant volume, with multiple reheaters
and sterile dry steam humidification, 100% fresh air should be drawn in through a louvred
inlet located in a non-contaminated area. Intakes near ground level have the risk of intro-
ducing street pollution and the soil bacteria associated with gas gangrene. Three levels of
filtration (Section 3.14) are desirable. It must be remembered that removing dust is not really
synonymous with purifying the air of bacteria, even though the latter use dust as a carrier.
Bacteria reproduce with great rapidity and the penetration of only a few through a filter
can destroy the purity of the downstream air very quickly and extensively. Hence a prefilter,
with the main object of protecting the air-conditioning plant from the grosser particles is
the first line of defence. This should be followed by a high efficiency filter, say a bag filter,
located on the discharge side of the fan to ensure that any air leakage thereafter is of clean
air out of the system, rather than vice-versa. Finally, best quality HEPA filters should be
fitted in the duct system, as close as possible to the supply air terminal outlets. These filters
must be installed very carefully and great care taken that air cannot bypass them. Bacteria
can live and multiply inside filters if the right conditions of humidity and temperature prevail.
Dirt held by the filter can contain sufficient organic matter to nourish bacteria. High
humidity assists such bacterial growth. Unfortunately, air leaving a cooler coil is frequently
in a nearly saturated state and, in this respect, some degree of reheat could sometimes be
worthwhile, if such a problem were encountered, provided the economic and other penalties
imposed by wasteful reheat are accepted. Fortuitous reheating by adiabatic compression at
the fan and by duct heat gain may often be enough to lower the humidity. There is also the
risk of capillary condensation within a filter if the local humidity exceeds 70%. In spite of
these potential hazards the fact remains that well-designed installations with multiple
filtration and terminal HEPA filters feeding a laminar downflow air supply can successfully
give average infection rates of 1.5%, or lower, to be compared with rates approaching 9%
when conventional techniques of air distribution are used according to Howarth (1972).
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Microorganisms thrive on wet surfaces, particularly if these are lukewarm. Cooler coils,
whilst indispensible, are therefore a potential source of airborne contamination and steps
must be taken to ensure rapid and effective condensate drainage from them, with face
velocities no greater than 2.25 ms™ to ensure no liquid droplets are carried over. Eliminator
plates are never 100% efficient and fitting them should never be regarded as a licence to
tolerate carryover from a cooler coil. Air washers are particularly bad and are to be .
condemned, as are sprayed cooler coils, because of the large amount of contaminated,
recirculated water. Humidification should not be provided by water droplets at ali, whether
by direct aerosol injection or by spinning discs. It should only be done by the injection of
dry, or slightly superheated steam, which will then be sterile and contain no water droplets.
The humidifiers should be remote from the upstream side of any filter, but should always
be followed by a filter because of the risk of microbial cultures fonming in any patches of
possible condensate in the subsequent ductwork. Ducting must be airtight and have provision
made for cleaning and disinfection. Fumigation points should be provided for all plant and
ducting. Circular ducts are preferred to rectangular ones and there should be no rough edges
internally. Dampers are to be avoided.

A stand-by air conditioning plant should be provided for operating theatre suites, The
extent and form of the stand-by is a matter of engineering judgement and economics but
the aim should be to allow the operating suite to continue to fupction, without a loss of
comfort or air purity, in spite of a failure of power from the electrical mains or a breakdown
of a critical component in the air conditioning plant. This implies the need for a stand-by
electrical generator, belted running motors on all fans and stand-by pumps in parallel. If
water chilling plant provides refrigeration then the choice should lie between 2 x 100% or
3 % 50% plants with chilled water piped in series. If direct expansion plants are used the
solution is not so easy. It is not good practice to oversize compressors because this promotes
a tendency to undesirably low evaporating pressures with the likelihood of frosting on cooler
coil surfaces and motor burn-outs, if hermetic or semi-hermetic compressors are used. The
best solution is to provide 2 x 100% air handling and 2 x 100% associated, condensing sets.
An alternative could be to use one air-handling unit fitted with a pair of 100% direct-
expansion cooler coils, in series in the airstream, if the extra pressure drop can be tolerated,
or in parallel in the airstream if sufficient space is available for this in the plant room and
if tight shut-off dampers can be fitted to close off the coil not in use. Separate condensing
sets would be piped up to the cooler coils. Hot gas valves should be installed to stabilize
evaporating pressure and condenser pressure must also be regulated (Section 2.3). If cooling
towers are used, then 3 x 50% or 2 x 100% units should be selected, with their ponds
interconnected. When cooling towers are used, the best practices for construction, operation
and maintenance, recommended by the Department of Health and CIBSE must be followed.
Hygienic operation is essential for water-cooled systems of refrigeration plant. Air-cooled
systems are to be preferred.

- Heat gains ought to be easily established. Lamps for operating tables run off 24 V and
liberate between 500 and 1000 W as a rule. An additional 1000 W would constitute the gain
from other lamps and appliances, and the surgical team would comprise between four and

eight people.

3.17 Constant temperature rooms

The distinction between a constant temperature room and any other, more conventional,
conditioned space is that temperature gradients, whether vertical or horizontal, cannot be
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tolerated outside specified limits. Thus if 21 # 1°C s specified it means that nowhere in the
room can the dry-bulb be otherwise. In conventional applications it is customary to supply
air at about 8 or 9°C below the room temperature to offset sensible heat gains. Obviously,
this is not acceptable for a constant temperature room. The supply temperature must be at
the bottom end of the specified tolerance to maintain the room at the top end under design
heat gains and vice-versa for design heat losses. It is impracticable to select a cooler coil to
chill air through such a small range of temperature and so the method adopted is to use
two plants: a secondary one, handling a small amount of air cooled and dehumidified in the
normal way to cope with the design heat gains, and a primary plant circulating a much larger
amount of unconditioned air to reduce the difference between room and supply
temperature to the required value. Figure 3.14 shows such an arrangement. Alternative plant
combinations, with less ducting, may suggest themselves and still fulfil the object of good
mixing between the primary and secondary airstreams before they enter the room; for
instance, the ceiling plenum itself might be used as a mixing chamber. The outside air
introduced is enough to meet the ventilation needs and, if large, may require the use of
pressure relief flaps in the room to aid natural exfiltration. Since the connexions between
the primary and secondary duct systems are close together (points a and b in Figure 3.14)
the ducted airflow pattemn is stable. If a blow-through cooler coil is used in the secondary
plant the full benefit of avoiding the temperature rise by fan power can be achieved and
proper coil performance obtained if the fan discharge transition piece to the coil is straight,
long and gentle, in order to give smooth airflow over the face of the coil.

Filter Coofer
Humidifier cail

Secondary
fan

Filter

Ventilated ceiling
o i St

Constant
temperature
room

3

Figure 3.14 Schematic diagram of an air-conditioning system for a constant temperature room.
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It isimportant that the walls and floor of the room are well insulated to ensure that sarface
temperatures seldom go outside the specified tolerance and that adequate vapour sealing
is provided if there is 2 requirement for humidity control. Because the temperature
difference between room and supply air temperatures is small, air distribution must be by
a ventilated ceiling, wall or floor (see Section 3.14) since the air change rate will be 50 high.
It is then vital that the ceiling plenum chamber be both properly lagged and vapour-sealed
and that all structural holes, cracks and crevices, where pipes, ducts or conduits penetrate
the enclosure, or where the building construction is poor, are positively sealed. Radiant gains
from high temperature equipment within the room sometimes cause significant local
temperature variations and these must then be screened. The location of the controlling
thermostat is critical and a satisfactory position is often immediately behind the face of the
extract grille. Unless careful attention is given to all these matters, particularly structural
scaling, the installation will be a faifure.

A constant temperature rooru is often required to be continuously conditioned and this
means that some revision of the outside design state normally chosen for winter is necessary.
It is suggested that in the UK a value of 5°C less than the conventional outside winter design
ternperature is appropriate.

EXAMPLE 3.6

Two modules of the hypothetical office block (Section 1.2) have their windows blocked in
and insulated and are to be used as a constant temperature room for which the sensible
heat gains are 2000 W, the latent gains are 400 W and the heat loss is 3500 W, for inside
conditions of 21 + 0.5°C dry-bulb with 50 = 5% saturation when the outside conditions are
28°C dry-bulb, 19.5°C wet-bulb (sling) in summer and —6°C saturated in winter. Three people
are to occupy the room. Determine the necessary primary and secondary airflow rates, the
maximum cooler coil refrigeration duty and the maximum reheater duty. The plant is to
run continuously.

Answer
First, the psychrometric considerations for the state to be maintained in the room must be
* established. The system will be designed so that 21.5°C is achieved under peak Lizat gain
and 20.5°C when there is a maximum heat loss, Coupling this with 50 & 5% means that a
control rectangle must be drawn on the chart, i.e. the shaded area in Figure 3.15, if the
tolerances of temperature and humidity are compatible, as they are in this case. Drawing a
parallelogram is the wrong approach. If this was done one would be aiming to control the
room at the point P (Figure 3.15) when heat gains were greatest, implying that if the sensible
gains diminished there would be a teraporary excursion to the left of P (shown by the arrow
in the figure), taking the state outside the contro! domain specified, which is not acceptable
in a constant temperature room. Note that it is not always possibie to draw a rectangle,
if the tolerances of tcmperature and humidity specified are incompatible. For example,
for 21 & 2°C with 50 = 5%, drawing a control rectangle is impossible, as is shown in
Figure 3.15 by the large dashed-iine parallelogram. The solution then is to tighten the
temperature tolerance until the construction of a rectangle that has a practical proportional
band of dew-point temperature control is possible.

The summer design room condition in the control rectangle is at the point R, in: the figure,
at 21.5°C dry-bulb. a moisture content of 8.374 g kg™ (corresponding to 20.5°C and 55%)
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Figure 3.15 Psychrometry for Example 3.6.

and an enthalpy of 42.90 kJ kg™, In winter the control point will be at R,, namely, 20.5°C
and 7.297 g kg™, corresponding to 21.5°C and 45%.

With an occupancy of thrce people, takmg a fresh air a]lowance of 1.31s  m?over a
treated floor area of 28.8 m?, gives 37. 44 157}, or 0.0443 kg s™! at the room state, This exceeds
the CIBSE recommendations of 8 | s~ for each person when there is'no smoking and is
adopted. A separate air-conditioning plant would be needed for the constant temperature
room because it must run continuously, whereas the main plant serving the rest of the office
block shuts down at night. An inspection of the psychrometric chart suggests that a suitable
off-coil temperature might be 11.5°C, leading to the selection of a cooler coil with four or
six rows. If a blow-through cooler coil is adopted for the secondary plant there will be no
penalty of temperature rise from fan power, after the cooler coil. However, the primary fan
is likely to be running at a fan total pressure of, say, 0.25 kPa, as a provisional estimate, giving
a rise of 0.25 K across it provided that the fan motor is not in the airstream. If we allow a
further 0.75°C for duct heat gain, the secondary air would enter the conditioned room at
12.5°C, if it were unmixed with primary recirculated air and a draw-through coil used.

The humid specific heat of air at the room state is (1.012 + 1.89) x 0.008374 =
1.028 kJ kg™ and so, denoting the primary and secondary mass flow rates by 1, and i,
respectively, the following equation holds for air entering the conditioned room at a
temperature of 20.5°C and a sensible heat gain of 2 kW:

-2

2.0 = (1, + ring) X 1028 x (21.5 - 20.5)

and so i1, + ritg = 1.946 kg s\, At the room state the specific volume is 0.8455 m® kg™ and
so the volumetrxc flow rate is 1.645 m® s\, representing an air change rate of 1.645 x
3600/(28.8 x 2.6) = 79.1 per hour. This is clearly impossible to distribute with conventional
diffusers or grilles, so a ventilated ceiling, or floor or wall, is essential, as expected.

If the primary air recirculated from the room were unmixed with secondary air, its supply
temperature would be 21.5 + 0.25 = 21.75°C, ignoring any duct heat gain as trivial since
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ambient air is likely to be at a temperature not much different from 21°C. Therefore, 21.75
my + 12.5 mg = 20.5(rhy, + rig), from which s is 13.5% and 1, 86.5% of the total supply
mass flow rate The secondary flow rate is therefore 0,135 x 1. 94‘6 - .263 kg 57 Of this
0.0443 kg 577, or 16.8%, is from outside and 83.2% is recirculated. The mixed stite (M) of
the secondary air before it enters the fan will be

= (0.832 x 21.5) + (0.168 x 28) = 22.6°C
gm = (0.832 x 8.374) + (0.168 x 10.65) = 8.756 kg !

The secondary fan total pressure is likely to be about 0.75 kPa and so the mixed air will
rise by 0. 75°C giving a state (Ms) onto the secondary cooler coil of ty; = 23.4°C, gps =
8.756 g kg ' and A = 45.82kJ kg™\. Since only the secondary air deals with the latent heat
gain in the room, the latent heat of evaporation of water can be taken as 2454 kJ k 1 at
21.5°C. Therefore

0.400 = 0.263 x (0.008374 ~ g;) x 2454

and 50 g, the moisture content of the secondary air after the cooler coil is 7.754 g kg™
Identlfymg state S, on a psychrometric chart as 12.5°C and 7.754 g kg™}, 1 K can be set back
for prlmary fan power (0.25 K) and secondary duct gain (0.75 K) to state H" (11.5°C and
7.754gkg” 1y, Joining W to M, (23.4°C and 8,756 g kg™") by a straight line and projecting it
to cut the saturation curve at 4 (9.8°C) allows the appropriate cooler coil contact factor to
be determined as (23.4 — 11.5)/(23.4 - 9.8) = 0.88, suggesting a four-row or six-row cooler
coil, depending on the face velocity. Incidentally, if a blow-through coil is used, it is
imperative that the duct-connexion from the fan discharge onto its face is such as ioensure
smooth airflow over the coil.

From a chart or interpolating in tables, the enthalpy leaving the cooler coil is
31.12 kJ kg™, The cooling load is thus 0.263 x (45.82 — 31.12) = 3.87 kW of refrigeration.
This should be checked as independently as possible. Therefore, noting that the secondary
volumetric au'ﬂow rate, measured at the room temperature is 0.263 kg s x 0.8455 m® kg™
% 0.8455 m® kg = 0.222 m®s77, the following can be calculated using Equation (2. 3) where

necessary.

kW
Primary fan power: (0.25 % 1.645 x 358)/(273 + 21.5) = 0.500
Primary duct gain: =
Secondary fan power: (0.75 % 0.222 x 358)/(273 + 21.5) = 0.202
Secondary duct gain: (0.75 x 0.222 x 358)/(273 + 21.5) = 0.202
Fresh air load: 0.0443 x (55.36 — 42.90) = 0.552
Sensible heat gain: = 2,000
Latent heat gain: = (.400
Total cooling load: 3.856 kW

which is in good agreement with the other result.
Proportional plus integral plus derivative control should be used with a good quality hot
gas valve and a hot gas header to control the temperature of the air leaving the direct-
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expansion cooler coil. The reheater should be controlled in a similar mode from a return
air thermostat. For a plant of this small duty it would not be economically viable to vary the
proportions of fresh and recirculated air to exploit the natural cooling capacity of the cold
outside air in winter and so minimise running costs. Instead, minimum, fixed fresh air should
be used with the refrigeration plant running throughout the year. This makes it more than
ever necessaty to stabilise condensing pressure. Humidification is best done with a dry steam
injector, under proportional plus integral control, from a dry steam generator, probably
energised electrically and located close to the point of use.

3.18 Computer rooms

A characteristic feature of the sensible heat gains is that the energy liberated by the compu-
ter units is so large as to dwarf the significance of the other components. Latent gains are
also quite small and the slope of the room ratio line is therefore very flat. The size of the
computer installation influences the design approach and, although it is hard to generalise,
there is evidence that direct-expansion systems are cheaper and hence more appropriate
when total cooling loads are less than about 175 kW of refrigeration, but chilled water may
be a better proposition for duties exceeding this. There must be some overlap, of course,
and the availability of water chillers with capacities as small as 15 kW of refrigeration makes
the distinction between the use of the two forms of cooling somewhat blurred. The use of
self-contained, incremental air-conditioning units, actually located in the conditioned space,
adds a further note of uncertainty about the dividing line between chilled water and direct-
expansion, in computer air conditioning.

(1) Direct-expansion systems of conventional type. With the smaller installations, although
the sensible lieat gains from the computer may still amount to a large proportion of the
total, it is often possible to achieve conditioning with a fairly conventional system design:
direct-expansion air cooling with an air, or water, cooled condensing set, either as a self-
contained entity for the smallest schemes, or as a split system for larger duties. Ducting
is generally needed for air distribution to the grilles, or diffusers that can be used if the
air change rate is less than about 20 per hour, as is likely with small duties. No separate
extract fan is required and the system runs with about 5% fresh air as a fixed amount
throughout the year. Since occupancy is small, little fresh air is necessary for ventilation
but a small surplus of supply over extract is desirable to achieve a slight, but unspecified,
positive pressure in the computer room. As a general rule it is misleading to quote this
as a percentage of the air supply rate, for example, 5%, because exfiltration, and so
pressurisation, depends on the tightness of the building structure, With high air change
rates it may be impossible for 5% of the air supplied to exfiltrate and the room can then
be regarded as part of the duct system with the airflow rate into and out of it coming
to equilibrium at a value of less than the 100% design figure. The method of controlling
temperature and humidity will depend on the tolerances acceptable to the computer
manufacturers, These can be quite varied among the different makes, some accepting
wide swings in temperature and humidity, as long as condensation does not occur. It is
common to provide conditions that are comfortable for the occupants if the computer
tolerances are broader than the comfort zone. Cycling the compressor motors or
unloading cylinders, in sequence with a heater battery, from a return air thermostat may
be an acceptable form of control in many cases, provided that the motor does not cycle
more often than a safe, maximum number of times per hour — as few as, say, six for
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small hermetic machines. If the compressor motor continues to run, loading and
unloading cylinders can generally be more frequent than the maximum number of motor
starts, without harm. There is always the risk of frosting on the air cooler coil, with the
ultimate consequence of motor burnout for hermetic compressors and, as discussed in
Section 2.3, this is exacerbated by the use of larger fresh air quantities and may be made
worse if humidification is not needed for the environment of the particular make of
computer. This is because the wet-bulb temperature onto the cooler coil falis as winter
operating conditions approach with a consequent lowering of the evaporating
temperature. A check should always be made on the risk of such a situation developing
and steps taken to pre-empt it by the use of a hot gas valve which is not always possible
with small, packaged units by switching off the refrigeration plant when it is not needed,
or perhaps by minimising the use of fresh air. An approach sometimes adopted
successfully is to provide a small, separate, ventilation plant that handles filtered,
minimum fresh air, tempered in winter, and delivers it directly to the room, thus allowing
the air-conditioning unit to deal with only recirculated air and achieving a fairly constant
state onto its cooler coil. If this is done the sensible and latent components of the fresh
air introduced must be added to the sensible and latent heat gains calculated for the
room, to be dealt with by the air-conditioning unit. However the system is controlied it
is essential to stabilise the condensing pressure, either by means of a liquid level back-
up control or by modulating the condenser fan speed through a solid-state controller
or an inverter, responding directly to condenser pressure. If a water-cooled.condenser
is used pressure should be controlled directly from the condenser by regulaticg the wate